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PREFACE 


^ The volumes of the International Library of Technology are 
made up of Instruction Papers, or Sections, comprising the 
various courses of instruction for students of the International 
Correspondence Schools. The original manuscripts are pre¬ 
pared by persons thoroughly qualified both technically and by 
experience to wri'-e with authonty, and in many cases they are 
regularly employed elsewhere in practical work as experts. 
The manuscnpts are then carefully edited to make them suit¬ 
able for correspondence instruction. The Instruction Papers 
are written clearly and in the simplest language possible, so as 
to make them readily understood by all students. Necessary 
technical expressions are clearly explained when introduced. 

The great majority of our students wish to prepare them¬ 
selves for advancement in their vocations or to qualify for 
more congenial occupations. Usually they are employed and 
able to devote only a few hours a day to study. Therefore 
every effort must be made to give them practical and accurate 
information in clear and concise form and to make this infor¬ 
mation include all of the essentials but none of the noq- 
essentials. To make the text clear, illustrations are used 
freely. These illustrations are especially made by our own 
Illustrating Department in order to adapt them fully to the 
requirements of the text. 

In the table of contents that immediately follows are given 
the titles of the Sections included in this volume, and under 
each title are listed the main topics discussed 
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MACHINE DESIGN 

(PART 1) 

Serial 997A ' Edition 1 

DESIGN IN GENERAL 

DESIGN OF DETAILS 

1. In this Section, rules and formulas for designing many 
of the most common details of machines are given. These 
rules are in some cases based on considerations of strength, 
as treated in Strength of Materials; in other cases, the wear 
to which the parts are to be subjected has been the principal 
element in determining the given proportions. In all cases, 
however, the practice of successful designers has been fol¬ 
lowed in preference to mere theoretical principles. 

2. The first work a young designer is called on to do is 
usually that of making drawings of details of machines, the 
general plans of which have been developed by his superiors. 
The principal dimensions of these details will be given him, 
and he will be required to furnish drawings from which 
patternmakers, blacksmiths, and machinists can make up the 
parts ready to be put in their proper place in the machine. 

3. In most shops, such parts as bolts, nuts, screws, pipe 
fittings, etc., and often other simple parts of machines, are 
obtained from factories, where they are made in large quan¬ 
tities by special machinery. If the shop is a large one, 
there may be a separate department where these parts are 
made according to fixed standards. The designer should 
ascertain the practice of the shop in this regard, and in all 
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cases make the details conform with these standards. He 
should also know the kind of material available, the methods 
employed by the shop in working- this material, and the 
capacity and principal dimensions of the tools and appliances 
for doing the woik, m order that the details as designed 
may be built in the most economical manner. When design¬ 
ing a machine part, the processes that will be used in making 
it should be kept in mind; this will often prevent construc¬ 
tions that would be very difficult and expensive if built with 
the machinery in use in the shop for which the design is 
made. 

4. In making designs of details, it is always advisable 
to draw them to as large a scale as can be used conveniently. 
The scale commonly used for small details is full size; for 
larger ones, 6, 3, or la inches to the foot may be used. A 
scale of 4 or 2 inches to the foot should never be used if it 
can be avoided. 

6. It should he remembered that the object of a detail 
drawing of a machine part is to show the workmen in the 
clearest possible manner how the part is to be made and 
finished, so that it will take its proper place in the completed 
machine and do the work for which it is intended. The 
designer must therefore be very careful to make the draw¬ 
ing show the form and dimensions of each portion as clearly 
as possible; the drawing should also show plainly the kind 
and quality of material to be used, and the finish, if any, to 
be given the different surfaces. Sections should be used 
wherever the general views do not show the form with 
perfect clearness. 

It is well for the designer to imagine himself in the posi¬ 
tion of a man in the shop who knows nothing of the machine, 
and to study his drawing carefully to see whether anything can 
possibly be lacking that will be lequired to make perfectly 
clear the ideas he wants carried out. 

6. Ordinary dimensions are expressed in feet and inches, 
and the fractions i, i, tV, etc. of an inch. The fractions 
or i should never be used in dimensions, as the scales 
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that mechanics use are not divided into these fractions. The 
most common scales in use by mechanics for ordinary work 
are 2-foot rules divided into inches, numbering- from 1 to 24; 
for this reason many draftsmen give all dimensions less than 
2 feet in inches and fractions of an inch, and dimensions 
greater than 2 feet in feet, inches, and fractions of an inch. 

Unless great accuracy is required, decimals are never used 
in giving dimensions. If decimal values are obtained from 
the calculations, they are expressed in the nearest or 

■sV inch, according to the degree of accuracy required. In 
particular cases, where extreme accuracy is needed, the 
dimensions may be expressed in decimals; as, for example, 
in denoting the pitch of gear-teeth. 


GENERAL. DESIGN OF A MACHINE 

7, The methods to be employed in the general design of 
a machine will vary so much with different conditions that 
no fixed rules or methods of procedure can be given. The 
first thing necessary is a thorough knowledge of the work 
that the machine must do, together with its location and 
surroundings and the conditions under which it must perform 
its work. Keeping these facts in mind, ttie designer must 
apply his knowledge of the principles of mechanics, strength 
of materials, and the design and construction of details in 
such a way as to accomplish the desired end in the simplest 
and most direct manner consistent with the conditions 
imposed. 

All machines consist of different combinations of simple 
principles, and in order to be successful, the designer 
must become thoroughly acquainted with these principles 
and the relation they bear to one another. A study of 
machines that have been built for similar work will greatly 
assist in suggesting ideas for the new machine. 

In many cases, it will be necessary to make more or less 
complete drawings of a number of diffeient plans before a 
satisfactory result can be obtained A combination that 
appears feasible at first may be found to be impracticable 
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when drawn out in detail and the parts proportioned so as to 
give the necessary strength. In other cases, the motion of 
some part may be found to be limited in such a way as to 
interfere with the proper working of the machine. The 
difficulty or expense of manufacture may also make some 
otherwise good design impracticable. 

8. In all classes of work—whether it is the designing of 
details or of more complicated combinations—all calculations, 
notes, and sketches should be kept in such form that they 
may readily be preserved for future reference. These notes 
should be dated and given titles that will make their purpose 
perfectly clear. In this way, ideas that may be impracticable 
for the particular case for which they were originally devel¬ 
oped can be kept for a possible future use; moreover, the 
results of many hours spent in calculation will be preserved 
and thus make repetition unnecessary. Some engineering 
establishments supply their draftsmen with books made of 
Manila paper bound in board covers, and all calculations, 
notes, and sketches are made in these books instead of on 
loose sheets of paper that are likely to become lost. 

9^ The following practical rules are often neglected by 
inexperienced designers; 

Make all parts that are subject to wear or breakage accessible 
for the purpose of inspection^ repairsy or renewal. 

Prowde means for adjusting all parts that are subject to wear. 

Make careful provision for lubricatioii. 

Use links and rotating pieces for guiding motion in preference 
to slides. 

Use cranksy leversy beltSy and gear-wheels for transmitting 
motion in preference to camSy screwsy or worm-wheels. 

Wherever possibley make the motion of all paids positive; 
that isy avoid the use of weights or springs for producing 
motion. 

Use through bolts or 1-headed bolts instead of tap bolts of 
studsy wherever it can he done. 

10. Designers are often required to furnish an estimate 
of the weight and cost of a machine from the drawings. 
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This is done in the following manner: The volume of the 
different details is estimated by means of the principles of 
mensuration; the weight can then be obtained by multiplying 
the volume of each piece by the weight of a cubic unit of 
the material of which it is composed. When the weights are 
known, the cost of the material is easily found from the 
known market values. The time that will be required for 
fitting and finishing the different pieces is then estimated 
and charged for according to the rates paid for that work. 
In this way the cost of the machine may be estimated with 
a degree of accuracy that will depend on the knowledge the 
estimator has of the time required to do different kinds of 
work in the shops, and his skill in making approximate 
calculations of the volumes of irregular-shaped bodies. 


PROPERTIES OP MATERIALS 

11. Cast Iron.—The general properties of the various 
metals used in the construction of machine parts have been 
given in Materials of Construction^ but some additional 
remarks about cast iron are necessary. 

The great advantage of cast iron is the ease with which it 
may be given any desired form. Shapes that cannot pos¬ 
sibly be forged from wrought iron may be cast with com¬ 
parative ease. The operation of casting is as follows: A 
pattern having the exact shape of the required part is first 
made. This pattern is usually of pine, though metal is 
sometimes employed when the castings are small and a 
great number are required. The pattern is placed in a bed 
of sand or loam, in which it leaves, after being removed, an 
impression, or cavity, called the mold. Molten metal is 
then poured into the mold, and, after cooling, the casting is 
withdrawn and finished to the required dimensions. 

In cooling, cast iron contracts about i inch per foot in each 
direction. This contraction, however, may vary from iV to 
iV inch per foot, according to the condition of the iron used 
and its preliminary treatment. On account of this contrac¬ 
tion, commonly called the shrinkage, the pattern must be 
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made largei than the required casting. Therefore, in prac¬ 
tice, a shrink rule^ which is about i inch longer per foot 
than the standard rule, is always used in constructing 
the pattern. 






Pig 1 


12. A serious difficulty experienced in the use of cast 
iron is its liability to be thrown into a state of miemal stressy 
. on account of inequality of 

' cooling after being poured 

into the mold. It is a matter 
of experience that the amount 
of contraction depends on the 
size and thickness of the cast¬ 
ing. In general, thick and 
heavy parts contract more 
than thin ones; consequently, 
a casting composed of both 
thick and thin pai ts will some¬ 
times differ from the form desired. Again, one part of a 
casting may cool and solidify while another part is still in 
a molten condition; there¬ 
fore, the contraction of 
the latter must strain the 
part already solidified. 

Internal stress is thus 
produced, which must to 
some degree reduce the 
effective strength of the 
casting. 

Take, for example, the 
case of a pulley. When 
the rim is thin, but rigid, 
it is likely to contract and 
solidify first, and the sub¬ 
sequent contraction of the 
arm may induce a fracture, as shown at a t<'ig. 1. If, how¬ 
ever, the arms set first, the subsequent contraction of the 
rim may cause a fiacture, as shown at 
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13, When pulleys are cast with thin rims that are no^- 
rigfid, the casting sometimes takes the form shown in Fig, 2. 
The nm is drawn in at the points where it joins the arms, 
because the arms solidify and contract after the rim has set, 
and the latter, not being sufficiently rigid to withstand the 
pull of the arms, is distorted. 

These internal stresses make cast iron an unreliable mate¬ 
rial for the construction of parts requiring strength; and it 
should be the aim of the designer to prevent these stresses, 
as far as may be, by making all parts that are to be cast as 
uniform in thickness as possible, and avoid having a large 
boss or hub appear in a comparatively thin part, or having 
a very thick part meet a very thin one. 

14. It IS found that, in cooling, the iron crystals arrange 
themselves perpendicularly to the surface of the casting. 
For this reason, an inside angle Fig. 3 (a), is a source of 


n 



(a) {b) 

Fig 3 


weakness, the casting having a tendency to break through 
the line m n. Such corners should be rounded, as shown 
at w, Fig 3 {d)j in which case the crystalline arrangement 
lenders the casting much stronger. 

15. Variation of tlie Elastic Limit. —Experiments 
have indicated that if a machine part is subjected to repeated 
tensile stresses, the material shows an increase in its elastic 
limit while under a tensile stress, but that the elastic limit in 
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regard to compressive stresses has been decreased. For parts 
subjected to stresses of this nature, it would evidently be 
unsafe to apply working stresses that approach the elastic limit. 

A machine part is generally supposed to be safe if so pro¬ 
portioned as to withstand the maximum stresses to which it 
may be subjected. This supposition leaves out of consid¬ 
eration whether these stresses are constant or whether they 
change in value, in direction, or in both. That this view 
is erroneous has been shown by a large number of experi¬ 
ments performed by various investigators of high repute. 
These experiments prove that the ultimate strength of a 
material is lowered when the load varies in amount alone or 
in both amount and direction. 

16. Maximum and Minimum Stresses. —With a con¬ 
stant load, the usual custom is to make the working stress 
of the material i or i of its ultimate strength, in order to 
allow for possible defects and unforeseen stresses. The 
factors of safety are tlien 4 and 6, respectively. To increase 
this factor to 6 and 7 for variable stresses, as is customary, 
will not always bring the working stresses within safe limits. 
The reason for this will be seen from the following explana¬ 
tions. In a revolving shaft with a variable load, the stress 
at any one place will change between a maximum and a 
minimum if the shaft is subjected to torsion only. Denoting 
the values of the maximum and minimum stresses by Smax 
and Smirn respectively, the total variation v will be Smax 

Sndn* 

In a revolving loaded axle, as, for instance, on a railroad 
car, the stresses at any one place are constantly alternating 
between tension and compression. Considering the tensile 
stresses as positive, and the other stresses as negative, and 
subtracting the latter from the former, 

^ “ Stnax Sm%n ) “ Smax Stnin 

To show the difference between these two cases, let it be 
supposed that in a revolving shaft the unit torsional stress, 
that is, the unit stress due to the action of a torsional force, 
varies between 10,000 and 3,000 pounds; v is therefore 
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10,000 — 3,000 = 7,000 pounds. In an axle revolving: under 
the conditions just mentioned, the stress may chang:e from 
7,000 pounds tensile to 7,000 pounds compressive. The vari¬ 
ation V is then 7,000 — (— 7,000) = 14,000 pounds. 

17, Repeated, or Periodic, Stresses.—When a mate¬ 
rial is subjected to regularly repeated stresses, its ultimate 
strength suffers a further reduction. To ascertain the rela¬ 
tive strengths of various materials working under such con¬ 
ditions, It IS assumed that if two test pieces having identical 
dimensions will withstand the same amount of variation in 
stress, repeated a similar number of times, they are of the 
same strength. It was found by eiqDeriment that two bars 
of wrought iron were able to withstand the same number of 
repeated stresses before breaking, when the stresses were 
of the following nature: In one case the stresses were 
tensile, varying from 81 to 18,713 pounds per square inch; in 
the other they alternated from a tensile stress of 8,317 pounds 
to a compressive stress of 8,317 pounds. The average varia¬ 
tion in both cases was about 17,000 pounds. Assuming 
the ultimate tensile strength of wrought iron to be about 
50,000 pounds, it is seen at once that the effect of such 
stresses is to reduce the tensile strength in one case to 
18,713 pounds and in another to 8,317 pounds. 

18. Classification of Stresses.—The various stresses 
to which a machine part may be subjected can be arranged 
in three classes as follows: 

1. Stresses that do not vary. 

2. Stresses that vary in value, but not in direction. 

3. Stresses that vary both in value and in direction. 

It has been found that the ultimate stresses that machine 
parts coming under these three classes may resist, are, in 
round numbers, in the proportions of 3 : 2 : 1. In cases 
where the stresses vary between zero and the maximum or 
where the stresses change direction, it is supposed that the 
changes are gradual. If the load is applied suddenly, but 
without velocity, the values found from the proportion just 
given should be divided by 2. 
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SCREWS, BOLTS, AND NUTS 


SCREWS AND SCREW THREADS 

19. Screws are used in machine construction for three 

purposes: (1) As fastenings for clamping or joining 

parts together; (2) for the transmission of motion; and 
(3) for producing pressure. 

A screw provided with a head and a nut for fastening parts 
together is generally called a bolt, 

20. Sharp V Thread.—Screw threads are usually tri¬ 
angular or square in section, the triangular form being best 
for bolts, and the square form best for screws transmitting 
motion. The fundamental V thiead is shown in Fig. 4, and 
IS termed the feliarp V thread to distinguish it from other 
triangular threads in which the top and bottom of the thread 

are flattened or rounded 
off. 

The angle between the 
sides of the thread is 60°. 
The distance p from a 
point on one thread to a 
corresponding point on 
the next is called the 
pitch of the screw. The 
lead of a screw is the dis¬ 
tance that a nut will move, in an axial direction, during one 
complete turn of the screw. In the case of a single-threaded 
screw, like that shown in Fig. 6, the pitch and the lead are 
equal. 

As shown in Fig. 4, a section of a single thread is an 
equilateral triangle, the altitude of which is /. Hence, 
t = pCQS 30° = .866(1) 
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Let d = outside diameter of bolt; 

= diameter at root of thread. 

Then, d, = d-2t = ^- 1.732/ (2) 

The diameter dx must always be used in calculating the 
strength of a bolt. 

Letting n represent the number of threads per inch in a 
screw, then 

and n = \ (3) 

n p 

The pitch of the sharp V thread corresponds in general 
with that of the United States standard thread. 

21. United States Standard Tliread. —In 1864 an 
improvement on the sharp V thread was proposed by William 
Sellers and subsequently adopted by 
the United States Navy and War Depart¬ 
ments. From its originator, this thread 
IS known as the Seller’s tliread, but is 
more commonly called the American 
thread, or the United States 
standard thread. In Fig. 5 is shown 
a general view, and in Fig. 6 an 
enlarged section of this thread. 


riG 6 Fiq 6 

The difference between the sharp V thread and the United 
States standard thread will be seen by comparing Figs. 4 
and 6. Thus, in the latter thread one-eighth the altitude of 
the triangle is cut off from the apex, and the angle at the 
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root is filled in to a like depth. Hence, the real depth of the 
thread is three-fourths the altitude of the triangle; that is, 

But, t — p cos 30° = .866A’ 

hence, A = f if = .66jz> 

22. The pitch of the United States standard thread 
depends on the diameter of the bolt, and may be ascer¬ 
tained approximately by the following empirical formula, 
in which d represents the outside diameter of the bolt: 

p = .24 •n/^+ .m - .175 iuch (1> 

The diameter at the root of the thread may be found by 
the formula 

d^ = d-2t, = d-l,3p ( 2 ) 


Let 

s 

II II 

number of threads per inch; 
pitch. 


Then, 


^ and n = - 

n p 

(3) 

Consequently, 

dx = d-^^ 
n 

(4) 


Example. —The external diameter of a bolt is if inches. Find the 
pitch, the number of threads per inch, the depth of thread, and the 
diameter of bolt at root of a United States standard thread. 

Solution. —Prom formula 1, just given, 

p = .24>!1*876 + .626 - .176 in. = .164 in. Ans. 

From formula 3, 

w = = 6, nearly 

Use SIX threads per inch, then, ^ = -J = .167 in. Ans. 

= .66^ =* 66 X 167 = m , nearly. Ans, 

dx - = l-sV ill- Ans. 

Table 11, at the end of this Section, gives the number of 
threads per inch, diameter of bolt at root of thread, and 
effective area of bolt at root of thread, United States 
standard sizes. 

23. Whitworth. Thread.—In England, the Whitworth 
system of threads is used. This thread differs from the 
United States standard mainly in the size of the angle 
between the sides of the thread and in the rounding off of 
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rounded by an arc with a radius equal to .143 /. The real 
depth of the thread U is two-thirds the altitude of the tri¬ 
angle ahc\ that is, 

But, t = p cot 27.6° = .96 / (1) 

and /x = IX.96;> = .64;^ (2) 

24. The pitch of the Whitworth thread depends on the 
diameter of the bolt, and may be obtained approximately by 
means of the following formula, in which d represents the 
diameter of the bolt: 

;) = 1 = .08<f+.04 (1) 

n 

To find the diameter dx at the root of the thread, the 
following formula is used: 

dx = d-2ix-^ d’-l.^^p ( 2 ) 

The diameter d^ must always be used in calculating the 
strength of the bolt. 

Letting n represent the number of threads per inch in a 



= ( 4 ) 

n 


Consequently, 




14 


MACHINE DESIGN, PART 1 


Example. —The external diameter of a bolt is inches Assuming 
that the bolt is threaded according to the Whitworth system, find the 
pitch, the number of threads per inch, the depth of the thread, and 
the diameter of bolt at root of thread 

Solution.—B y formula 1, 

/ = .08 X 1.5 + .04 = Id in Ans 

By formula 3, n — = 0, nearly 

.ID 

Using SIX threads per inch, p = 167 in. Ans 

By formula 2, Art. 23, 

= .64 X 167 = in , nearly Ans. 

By formula 2, = l-J — = 1-^ in. Ans. 



25. luteruatloual Standard Screw Thread. —The 
Whitworth system has been used extensively on the conti¬ 
nent of Europe, but on account of the inconvenience of com¬ 
bining the British with the metric units of length, attempts 
were made at various times to adopt a more convenient 
system as a standard. Finally, at a meeting held at Zurich, 
in 1898, an international committee agreed on proportions 
that in the mam are the same as those of the French stand¬ 
ard screw thread. The shape of the international thread is 
almost identical with the United States standard thread, but 
it has an advantage over the latter in that a clearance has 
been provided at the top of the thread, both m the nut and 
on the bolt. As shown in Fig. 8, where a represents the 
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bolt and b the nut, one-eighth of the altitude of the triangle 
has been cut off from the apex of the thread. The angle at 
the root is filled in to a depth of one-sixteenth of the total 
altitude, but the flat part thus produced is preferably rounded 
off as indicated The real depth of the thread /x is therefore 
thirteen-sixteenths of the altitude of the triangle; that is, 
= ’ll/. As 


t^pcos 30 '' = . 866 ;!^ 

U = HxM6P = .7036;^ (1) 

The diameter at the root of the thread may be found by 
the following formula, which may be used for values given 
in either millimeters or inches. 

d. = d-2xiii 

= d- 1.625/ 

= d-lA07p (2) 

Table III, at the end of this Section, gives the proportions 
of the international standard screw thread in millimeters. 

To facilitate comparison with the 
United States standard thread, how¬ 
ever, some of the values are expressed 
in inches; likewise, the number of 
threads per inch corresponding to 
the pitch are given m millimeters. 





26. Square Thread. —In Fig. 9 is shown a screw with 
a square thread, and in Fig. 10 an enlarged section of the 
thread. As the name implies, and as seen from Fig. 10, the 
section of the thread is a square, each side of which is one- 
half the pitch. 
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The pitch of the square thread is usually taken as double 
that of the United States standard thread for the same diam¬ 
eter of bolt; for example, the pitch of a square thread on a 
2i--inch bolt or rod is a inch. Hence, the pitch p may be 
found by inserting the values given for n in Table I in the 
following formulas: 

p = - ( 1 ) 

n 

and ^ ~ \ 

Example. —Find the pitch and the depth of the thread on a l|^inch 
bolt. 

Solution. —Prom Table I, « = 0. Inserting this value in for¬ 
mula 1, ^ = -J- = -J- in. Ans 

By formula 2, ^ ^ = -J-. Ans. 


The edges of the threads should be rounded off very 
slightly, so as to prevent them from being accidentally 
flattened, which would cause a nut to bind on the thread of 
the screw. 

Several modifications of the square thread are in use. In 
some, the depth t is less than^, and in others the width of 

the thread is greater than 


27. Acme Standard Thread. —As difficulties are 
encountered in making square-threaded screws and in giving 
the threads a smooth bearing surface, the tendency is to 
substitute in their place screws having threads that taper 
slightly from root to point, but retain the height of the 
corresponding square thread. By giving a taper to the 
thread, it does not have to be cut in the lathe, as is the case 
with the square thread, for it may also be cut with a die. 
Another advantage in favor of the tapering thread is that 
the nut—with which the screw engages—when composed of 
two parts, may be made to engage or disengage readily with 
the screw. 
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In the taper thread in general use the angle included 
between the sides of the thread is 29°. This variation of 
the square thread is known as the Acme standard screw 
thread. The angle of this thread is similar to that of the 
standard worm-thread, shown further on, but the threads 
differ in height. 

In the Acme standard thread, the relation between the 
depth and the pitch is the same as that of the square thread; 
that is, the depth is one-half the pitch. To insure sufficient 
clearance, the bottom of the thread is lowered rJir inch, 
making the true height of the thread 

Similarly, the diameter at the root of the thread in the 
nut is increased by toit inch, as shown in Fig. 11. The out¬ 
side diameter of the screw and the diameter of the hole in 
the nut are not changed. This clearance of tJt inch is con- 



Fio u 


stant for all sizes of screws made with the Acme standard 
thread. 

28. Fig 11 shows portions of a section through a screws 
and nut d being the outside diameter of the bolt, and n 
the number of threads per inch of length. The dimensions 
of the various parts of the thread are as follows: 

Diameter of screw at root of threads. 



I L T 375—3 
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Diameter at root of thread in nut, or the outside diameter 
of the tap, 

d, = d+ .02 ( 2 ) 

Diameter of drill for hole m nut, 

rf. = rf_l (3) 

n 


Depth of thread, 


^ i + .01 

2 n 

Thickness at top of thread, 

.3707 

a = - 

n 

Width of space at bottom of thread, 


b = 


.3707 


~ .0052 


n 

Width of space at Lop of thread, 



n 

Thickness at root of thread, 


e = 



(4) 

( 5 ) 

( 6 ) 

(7) 

( 8 ) 


Table IV, at the end of this Section, g:ives the dimensions 
of threads varying in number from one to ten per linear inch 
The diameters of the screws for the various numbers of 
threads per inch are not given, as there is no definite rela¬ 
tion between pitch and diameter in the 
Acme standard thread. The pitch and 
diameter of the screw will depend on 
the purpose for which the screw is 
intended. 

To facilitate the laying off of an angle 
of 29°, the construction shown in Fig. 12 
may be used. With the line ab s.sa. radius 
and the points a and b as centers, draw 
With a as a center and one-half of a ^ as a 
radius, draw a short arc intersecting the arc aa^ ate; locate 
the point ci in the same manner. Lines drawn through 
the points a and c and b and d will include an angle of 29°. 



arcs b b^ and 
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29. Knuckle Thread. —Another variation of the square 
thread is the knuckle thread, a section of which is shown 
in Fig. 13. In this type, the top and the root of the thread 
are rounded off, thus not only increasing its strength but 
also its friction surface. The knuckle thread is especially 
adapted to withstand rough 
usage. 

30. Trapezoidal, or But¬ 
tress, Screw Thread. —As 
shown in Fig. 14, one face of the 
trapezoidal thread is perpendicu¬ 
lar to the axis of the screw, and 

the other is inclined at an angle of 45°. From the construc¬ 
tion of the figure, it is evident that t = the pitch. To form 
the actual thread, an amount equal to i / is cut off from the 
top and bottom of the triangle; hence, the real depth is f /. 

When this thread is used, it is 
generally for communicating motion, 
or where great resistance without 
any buisting tendency of the nut is 

_required. The usual dimensions are 

I given by the following formulas, in 

? which the letters have the same 

before: 

For example, suppose that the 
diameter of the screw is I 2 inches; 
then, the pitch of a trapezoidal thread 

is . 2 x 12 

Pio 14 ^ = l5 " 15 “ “ 

The number of threads per inch is ^ = - = 5, and the 

P 0 


= 4 = ^ = .16 inch 


depth of the thread is 
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A variation of the buttress thread is used for breech blocks 
in modern guns and for bolts that fasten the armor plates to 
the hull of a warship. The thread is rounded off at the top 
and root, and the apex angle, instead of having one side 
coincide with a normal to the axis of the screw, is increased 
to G0° by letting this side make an angle of 16° with the 
normal. 

31, Comi>iirlson of Various Threads.—1?he rela¬ 
tive advantages of the various forms of screw threads may 
be shown by considering the forces acting on the thread. 



viG in 


Usually, the load on a bolt or screw acts in the direction 
of its axis; that is, a bolt used as a fastening is in tension, 
while a screw used to produce pressure is in compression. 
In cither case, the load is carried by the reaction between 
the thrciid surfaces of the screw and the nut. 

Let Fig. 16 lepresent part of a nut provided with a United 
States standard thread. The screw—not shown in the illus- 
trati(ni-~is siippoiting a load which is resolved into the 
two reactions A\ one for each half of the nut. As the forces 
are normal to any single element of the thread surface, 
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the angle ^ between J? and W will be 60° -r- 2 = 30°. The 

reaction R may again be resolved into two forces, one 
parallel with the axis of the bolt and the other perpen¬ 
dicular to the axis. Then, represents the portion of the 

2i 

load carried by the surface a of the screw thread, while Q 
is the force that tends to burst the nut. For a given load W 

the force will remain constant whatever the angle u of 

the thread may be. On the other hand, the forces R and Q 
will increase as the angle u increases, and as the friction 
between two surfaces is proportional to the normal pressure 
between them, it follows that the greater the angle of a screw 
thready the greater is the frictto7i between the threads of the bolt 
and the nut^ and also the gi'eater is the force teiiding to burst 
the nut. 

The relation between the total load W and the bursting 
pressure Q may be found as follows: 

= ie cos W = 2R cos^; R = — 

^ ^ ^ 2cos^ 

2 


g = sin I 


IF sin I 
2 cos I 



When ^ = 30°, 

Q = -^.677 = .289 IF 
^ 2 


( 1 ) 


In this instance, the friction between the threads on the 
bolt and the nut has not been considered. This friction 
would tend to decrease the pressure Q, the reduction depend 
ing on the coefficient of friction between the contact sur¬ 
faces. Assuming a coefficient of .132, the angle of frictions 
would be the angle of which .132 is the tangent, or 7° 30'. 

The angle ^ would be reduced by this amount, making 
A 
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e = tan tan 22° 30' = .207IE (2) 

The pressure Q is shown in Fig. 15, as referring only to 
the one thread marked a, but it should be understood that 
the pressure is divided among all the threads and along the 
whole circumference of the nut. In calculating the resist¬ 
ance of the nut against the bursting pressure, the minimum 
cross-sectional area will be considered, which is that defined 
by a longitudinal section taken along the short diameter 
of the nut. 

According to formula 2, the pressure Q is equal to .207 of 
the total load supported by the bolt. The required sectional 
area of the nut should therefore be at least ,207 of the bolt 
area for the coefficient of friction assumed. The equations 
that follow will show whether this condition is fulfilled by 
the nut. 

Let d = diameter of bolt; 

D = short diameter of nut; 

h = height of nut = d. 

Then, the cioss-sectional area of the nut is d{D — d). 
This area should be at least equal to 207 times the bolt 
area, or, 

d{D^ d) = .7854 d^ X .207 

Solving for Z?, D — d— .1626 
and D -= 1.1626 (3) 

It will be shown in a subsequent ai tide that the diameter D 
for standard nuts is Z) = '[jd-\- iV. This is in excess of that 
required by foi'mula 3, and the sectional area of the nut is 
theiefore well within the safe limit In the foregoing con¬ 
siderations It was assumed that the full diameter of the bolt 
was its effective diameter and that the height of the nut was 
equal to d. 

32. In the square thread, the angle between the sides is 
zero; hence, there is no force tending to burst the nut. The 

reaction 7? at one-half of the nut becomes equal to -y; there¬ 
fore, the friction of a square thread is less than that of a 
triangular thread. On the other hand, the triangular thread 
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is nearly twice as strong as a square thread. This will be 
seen more clearly by referring to Fig. 16, which illustrates a 
section of two bolts a and b of the same diameter, a having a 
square and b a United States standard thread. Since the 
number of threads per inch of the United States standard 
screw is twice as great as that of the square-threaded screw, 
the pitch p of the former is half that of the latter. The 
shearing surface of 


a single triangular 
thread is rzd^ multi¬ 
plied by the dis¬ 
tance /;/, or Trdip, 
nearly, while the 
shearing surface of a 
single square thread 

is 

2 2 

It follows, there¬ 
fore, that the tri¬ 
angular thread is better for fastenings, and the square thread, 
for transmitting motion. 



33. The trapezoidal thread combines the good features 
of both the triangular and the square threads, having the 
same shearing section as the former and the same friction 
as the latter. Care should be taken, however, to use the 
screw so that the pressure will come on the fiat side of the 
thread, for if it is put on the inclined side, the friction and 
bursting force on the nut will both be greater than for a 60° 
triangular thread. 


34. Multiple-Threaded Screws. —A screw intended 
to transmit motion will sometimes have a very large pitch. 
As the depth of the thread in a square-threaded screw is 
equal to one-half the pitch, it is obvious that in some cases 
this depth will exceed the radius of the screw. This difficulty 
may be overcome by reducing the dimensions of the thread 
and by adding one or more threads in the manner about to 
be explained. 
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Assume that Fig:. 17 is a single-threaded screw having an 
outside diameter d, a root diameter and a pitch p. It is 
desired to increase the diameter to and at the same time 
retain the diameter d, as shown in Fig. 18. A decrease of the 
depth of thread from t to is necessarily followed by a decrease 
in its width. Hence, the original cross-section of the thread, 
as indicated by the square abdc^ shown dotted, is reduced 
to the square ab^d^c^. The distance between similarly 
located points on the thread represents, as before, the pitch p. 

When it is simply a matter of producing a desired motion, 
a screw with the amount of space between the threads shown 
in the left half of the fignire would not be objectionable. But 



Pig. 17 Pig 18 

when a load is to be supported, it is desirable to increase the 
shearing resistance of the thread as well as its bearing 
surface. This may be accomplished by adding another 
thread, as shown in the right half of the figure, where r 
represents the first thread and s the supplementary one. 

A further increase in the diameter d^ would make it possi¬ 
ble to add more threads. A screw with more than one 
thread is termed a multlple-tlireaded screw; one with 
two threads, a double-threaded screw; with three threads, 
a triple-threaded screw; and with four threads, a quad¬ 
ruple-threaded screw. 



MACHINE DESIGN, PART 1 


25 


The object of usings a multiple-threaded screw, therefore, 
is to obtain a certain desired motion for each revolution of 
the screw, and at the same time to have ample strength to 
move the load. A single-threaded screw of the same lead 
would seldom have the required strength. 

36. The number of threads n on a. multiple-threaded 
screw is inversely proportional to the reduc ion in width of 
the thread of a single-threaded screw having the same pitch. 
For instance, if the thread of a single-threaded screw has a 
width oi ipt and it is desired to increase the number of 
threads to n, then the width of each thread in the multiple- 

threaded screw will be 

2n 

In the case of multiple-threaded screws, the lead and the 
pitch are not equal. Instead, the pitch is equal to the lead 
divided by the number of threads. Thus, if the lead of a 
quadruple-threaded screw is 6 inches, the pitch is 6 4 = li 

inches. In connection with multiple-threaded screws, the 
term divided pitch is often used in place of pitch. Thus, if 
the lead of a triple-threaded screw is 4i inches, the divided 
pitch IS 4^- 3 = inches. In Fig. 18, the distance p is 

the lead and p^ is the pitch, or, as it is sometimes called, the 
divided pitch. The dimensions of the thread are based on 
the divided pitch; that is, A = 

86. By increasing the root diameter of a multiple-threaded 
screw, and consequently the number of threads, both the shear¬ 
ing and the helical surfaces of the threads are increased. 
Hence, the screw threads have a greater shearing strength, 
and the wear is divided over a greater area. 

37. Pipe Threads.—The main difference between the 
pipe thread, known also as the Briggs standard, and the 
United States standard thread is that the former is built up 
on a conical instead of a cylindrical body. Besides being 
tapered, the thread must also be finer than the United States 
standard thread, as the depth of the latter in most cases 
would exceed the thickness of the pipe. For instance, the 
thickness of the walls in a 6-inch pipe is .280 inch, while 
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the depth of a 6-inch screw thread, according to the United 
States standard, is .289 inch, thus exceeding the thickness 
of the pipe by .009 inch. 

In a screw thread made according to the Briggs standard, 
the threads have an angle of 60° and are rounded off slightly 
at top and bottom, so that the depth of the thread is .80 of 
the pitch of the thread. After cutting the thread, the out¬ 
side surface has a taper to a certain distance from the end, 
the standard taper being such that the inclination of the out¬ 
side surface toward the axis of the pipe is 1 in 32. This 
makes the total taper, as measured by the variation in the 
outside diameter, equal to 1 in 16, or f inch to the foot. 
The total length /, Fig. 19, of the tapered part is given by 
the empirical formula 

^ _ 4.8 inches -f .8 

71 

in which d is the actual external diameter of the tube in the 
straight part, in inches, and 7i the number of threads per inch. 

Let ^1 represent the depth of the rounded thread and p the 

pitch, then o 

= .S ^ 

71 

The tapered part ab oi the pipe has threads that are 
perfect at top and bottom. At the beginning of the straight 
part, from b to there are two threads that have the cor¬ 
rect taper at the bottom, but their tops are flattened. The 
remainder of the threaded part b^ b^ consists of four threads 
that are imperfect at both top and bottom. The latter are 
not essential to the Briggs system, but are simply a result 
of the method of cutting the thread at a single operation. 

Table V, at the end of this Section, gives the dimensions 
of standard pipe threads. By means of the data given under 
Total Length of Thread and Length of Perfect Thread, it 
is possible to determine the length of the part containing 
imperfect threads. This length can also be determined 
directly, when it is remembered that the number of imper¬ 
fect threads are always six, and that the space occupied by 
them depends on the number of threads per inch for that 
particular diameter. 
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Fig. 19 shows a longitudinal section through the threaded 
end of a 4-inch pipe, which, as seen from Table V, has an 
actual outside diameter of 4.5 inches. The taper of the 
threaded surface does not extend beyond the point 3, at 
which place the pipe resumes its full diameter. The incli¬ 
nation of the outside surface of the pipe toward its axis in this 
instance brings the point ^ at a distance of .0328 inch below 
the original surface. Between the points b and are located 
the two threads that are imperfect at the top, and between 
b^ and b^ are those that are imperfect at both top and bottom. 
It will be noticed that all of the perfect thread bottoms lie 
along a line c, parallel with a line a b drawn through the 
tops of the threads. The imperfect bottoms lie along a line 
that passes from to 3*. 


38. The cause of this peculiar thread form will be under¬ 
stood by an examination of Fig. 19. The pipe begins to 



assume a cylindrical form at point b, and since the die form¬ 
ing the threads is conical, the tops of the threads from b to b^ 
cannot be filled out. The reason that the bottoms of threads 
are incomplete from points to c is due to the fact that 
parts of the die threads at this place are ground away in 
order that the die may be easily started. 

From the method of cutting the threads, it follows that if 
the pipe is not passed far enough into the die, the number 
of pel feet threads will be below the requirements. On the 
other hand, if the pipe is passed in too far, the extreme end 
of the pipe will be straight instead of tapering. In either 
case, it will be impossible to make a strong and tight joint. 
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BOIjTS and nuts 


STRENGTH OE SCREW BOLTS 


39. Usually the stress on a bolt acts in the direction of 
its axis; that is, the bolt is in tension. 

Let W = load on bolt, in pounds; 

Si = safe working stress, in pounds per square inch; 
a = area of cross-section of bolt at root of thread; 
d = nominal (outside) diameter of bolt, in inches; 
di = diameter at root of thread, in inches. 

Then, if the bolt is in tension, 

IV = a Si] or, a = 

Oi 

After finding the value of a, the corresponding values of 
the nominal diameter d and the diameter di at bottom, or 
root, of the United States standard thread may be found 
from Table II. The relation between d and d^ is also given 
in formula 4, Art. 22. 

For bolts subjected to a constant tension, may be 8,000 
pounds per square inch. More often the tension varies 
between zero and its maximum value; in this case, Si may 
be taken as 6,000 pounds per square inch. For cylinder-head 
bolts, and, in general, for bolts used to make a steam-tight 
joint, may vary from 3,000 pounds for small cylinders to 
6,000 pounds for very large ones. Ordinarily, .Fi may be 
taken as 4,000 or 4,500 pounds per square inch. All the 
values just given are for wrought-iron bolts. 


Example —Find the diameter of a wrought-iron bolt that is to 
sustain a steady load of 4-J- tons. 

Solution. —From the formula, 

4| X 2,000 


8,000 


= 1.126 sq in. 


From Table II, the value of d lies between If in. and If in. 
latter value should be taken. Ans. 


The 


40. For screws that have square or Acme standard 
threads and that are intended to transmit motion, the 



MACHINE DESIGN, PART 1 


29 


following formula may be used, assuming that <f, is 
approximately equal to 

W= 3,000 rf.’ = 1,920 
or = .0183V^1 

d = .0228 VTrJ ^ ’ 


For screws of this character, the least number of threads 
in the nut that are necessary to prevent excessive wear is 
given by the following formula, in which 7l^ is the number 
of threads in the nut: 


n^ = 


W 

300 


.0052 5 

a 


( 2 ) 


Formula 2 applies to square and trapezoidal threads, and 
is based on the assumption that the pressure on the thread 
per square inch of projected area should not be greater than 
700 pounds per square inch. 


Example —A square-threaded screw 1-J- inches in diameter trans¬ 
mits motion to a load of 4,000 pounds. What is the least allowable 
number of threads in the nut? ^ 


Solution —By formula 2, 
.0062 X 4,000 


Ans. 


PROPORTIONS OF BOLTS AND NUTS 

41* The dimensions of the nut and bolt 
head depend on the diameter of the bolt. 

The United States standard form of 
bolt and nut, as shown in Fig. 20, has a 
square head and a hexagonal nut with 
washer, although the head may also be hex¬ 
agonal. The washer is used to give a smooth 
seat for the nut to be screwed up against. 

The following proportions are usually adopted, the dimen¬ 
sions being identical for both rough and finished work. In 
other words, the parts that are to receive a finish are made 
larger in the rough, so that when finished they will corre¬ 
spond in size with those that are to remain rough. 



V V 

o J , 
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30 MACHINE DESIGN, PART 1 

The diameter of nut or head across flats is found by the 
formula 

Z? = li + 8 inch (1) 


This proportion holds for both hexag^onal and square nuts. 
The diameter across corners may be found from the 
geometry of the figure. Thus, for hexagonal nuts, 


z>, = ^ = 

cos 30° 

= 1.73i?+ .14 inch 

.866 

(2) 

For square nuts, 



n, = ^ = 

cos 45° 

Z»V2 = 2.12rf+ .18 inch 

(3) 

For the height of nut, 

h = d 

(4) 

For the height of head, 



II 

= f fi? + inch 

(6) 


The standard dimensions of plate washers are given in 
Table X at the end of this Section. 

Example. —Required, the various dimensions of a finished bolt and 
hexagonal nut, the bolt being 1J inches m diameter. 

Solution —By the formulas just given, the diameter of the nut 
across flats is equal to 

lid-hi in = X + i = 2| m. Ans. 

The diameter of the nut across corners is 

-O, = = 2 742, or 2f, in., nearly. Ans. 

The side of the square bolt head is /? = 21- in. Ans. 

The height of the nut is A = d = m Ans. 

The height of the b^lt head is 

h' = y = Y = liV m Ans. 

From Table X, the diameter of the washer is Da = 3^ in , and the 
thickness ^ is ^ m Ans ^ 

42. Table II, which will be found at thev^tid^ of this 
Section, gives the dimensions of the United States standard 
bolts and nuts, and is based on the formulas given'in Arts. 21, 
22, and 41. In regard to the number of threads per inch for 
diameters between those given in the table, it is customary 
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to give them the number belonging to the next larger diam¬ 
eter. For instance, a bolt inches in diameter will have 
2| threads per inch. 

The table, as far as it refers to threads, is generally com¬ 
plied with among the manufacturers, but many variations 
are found in the proportions of the heads and nuts. To a 
great extent, these parts are now made according to the 
Manufacturers' standard. In this system, the height hJ of the 
rough hexagonal head is equal to d^ and the height of the 
nut /i, to -h i inch. The dimensions of the nuts across the 
flats are larger than those given in Table II 

43. A. Li. a. M. standard Sci'ewB and Nuts. —The 
pitch of the United States standard thread has proved to be 
too coarse for screws used in light machinery. It has alao 
been desirable in such cases to have the dimensions of the 
nuts and heads somewhat reduced. As the number and 
variety of these special threads and nuts have caused a great 
deal of inconvenience, the Association of Licensed Automo¬ 
bile Manufacturers has adopted a new standard for screws 
and nuts, the dimensions of which are given in Table VL 
The form of thread used, however, is identical with that of 
the United States standard. 

It is assumed that where the screws are to be used in soft 
material, such as cast iron, brass, bronze, or aluminum, the 
existing United States standard pitches will be used. 

The following terms have been adopted by the Association: 
Screw is intended to supplant the present so-called coupling 
bolt and capscrew; plain hexagonal nut is to be used in place 
of the present so-called United States standard nut; castle 
nut is a name given to a new nut intended to be used where 
a positive locking system is desired and facing refers to a 
relieved portion under the screw heads, castle nuts, and 
plain nuts. 

The screw heads and plain nuts must be flat-chamfered, as 
shown in the diagrams at the top of Table VI, which also 
shows the form of locknut, knowfi as a castle nut. Three 
diametral grooves in the latter permit a very close 
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adjustment, and it is locked by means of a pin inserted 
through a hole in the bolt. The castle nut is also chamfered 
and casehardened. The screws, screw heads, and plain nuts 
are left soft, and all heads and nuts are to be semifinished. 


WRENCHES 

44. The usual forms of solid wrenches are illustrated in 
Fig. 21, that shown at [a) being used for hexagonal nuts, 
and that at (b) for square nuts. The length may be from 
fifteen to eighteen times the diameter of the bolt for which 



it is to be used. In the figures, d represents the diameter 
of the bolt. The other proportions are given in terms of the 
diameter across the flats of the nuts, as shown in the figure. 

The advantage derived from placing the opening of a 
wrench at an angle with the handle is that the nut may be 
turned completely around in locations where the swing of the 
handle is limited. Thus, the wrenches {a) and {b) may 
turn their respective nuts a complete revolution, when the 
swings of the handles are limited to 30° and 45®, respectively. 
By turning the wrench upside down after each partial revolu¬ 
tion, it is possible to place the handle in its initial position 
and thus gain room for as great an angular swing as the 
surrounding parts will allow. 
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FORMS OF BOLT HFABS 

46. Common Forms.—The ordinary square bolt head 
has already been shown in Figf. 20, Other forms are shown 
in Figs. 22 to 30. 

In Fig. 22, the hexagonal bolt bead is similar to a 
hexagonal nut, and has the same dimensions, except that 
the height h! may be less. Usually, W ^ \ d d. Fig. 28 
shows a hexagonal head with a collar or flange, which is 
added to give an increased bearing surface. 

A cylindrical bead is shown in Fig. 24, and a beml- 
spberlcal bead in Fig. 26. The height of the former 
may be from .hd to .8<f, while that of the latter is \d. The 
diameter of these heads is shown in the figures. Fig, 26 
shows a bolt head with a hemispherical bearing surface 



Pig 22 Pro 28 Pio 24 Pig. 25 Pio. 26 

resting on a seat of the same shape. This bolt may lean to 
one side, and the head will still remain in contact with its 

I 

seat all the way around. 

An eyebolt is shown in Fig. 27. The cross-section of 
the eye through the hole should either equal or exceed thb 
area of the bolt; that is, referring to this figure, 

^ab = .7864^^'; or^ab = .39a?* 

In good practice, ^ ^ is equal to at least i cT. On calcu¬ 
lating the diameter dt of the pin passing through the eye, it 
should be observed that the pin is in double shear, the 
shearing surface being twice the area of it; or, 

2 (.7854 = 1.57 

The strength of this pm in shear should equal the strength 
of the eyebolt in tension; therefore, letting Ss represent the 


1 L T 3/5-4 
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ultimate ahearing stress per square inch, St the ultimate ten¬ 
sile strength, and f the factor of safety, 

1.67 d: ^ = .7864 d’‘ ^ 

A - ^ <1> 

If, however, the pin is overhung, that is, if there is only 
one nib instead of the two shown at 5, 5, Fig. 27, it will be 
in single shear, and 

d. = dyjf^ (2) 

Fig. 28 shows the head of a liook bolt. This form of 
bolt is used when it is undesirable to weaken one of the con¬ 
nected pieces by a bolt hole. The proportions are shown in 
the figure. 

The countersunk kead is shown in Fig. 29, and the 
T bead in Fig. 30. 



Fxo. 27 Txa 28 Fio. 29 Fxo 30 


46. Foundation Solts. —The ordinary method of 
attaching a holt to stonework is illustrated in Fig. 31. The 
head of the bolt is long and rectangular, and is made jagged 
with a cold chisel, while the hole in the stone is cut larger 
at .the bottom than at the mouth. The bolt head is placed 
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in the hole, and the remaining: space is then filled with 
melted led or sulphur. 

47. One method of securing the foundation bolts that 
fasten an engine bed to its foundation is shown in Fig. 32. 
These foundation bolts have no solid heads, but consist of 
long rods that are threaded on one end for a nut and have a 
slot in the other through which a cotier C passes. The 
cotter rests against a cast- or wrought-iron washer and 
the washer and cotter thus form the head of the bolt. The 
bolt head is within a recess formed in the foundation, which 
is arranged so as to be accessible. 

The area of the washer bearing against the foundation, 
multiplied by the safe compressive strength of the material 
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of the foundation, should be equal to the tension carried by 
the bolt. For example, the tensile strength of wrought iron 
is about twenty times the compressive strength of brick. 
Hence, the bearing area of a washer resting against a brick 
foundation should be about twenty times the cross-section 
of the bolt. 

48. Methods of Pi-eventlng Bolts From Turning. 
Various methods are used to prevent a bolt from turning 
while the nut is being screwed up. A common method is 
to make the neck of the bolt next to the head square^ as 
shown in Figs. 25, 26, and 28. The bolt hole is also made 
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square. Another way is to insert a pin a into the neck 
close to the head, as shown in Figs. 24 and 29. The pro¬ 
jecting part of the 'pin fits into a recess cut out to receive it. 


J’OKMS OF NUTS 

49. Ordinary Foi'ms.—The common hexagonal nut 
has been shown in Fig. 20. Ordinarily, both hexagonal 
and square bolt heads and nuts are chamfered off at an 
angle of 30° or 40°. Other forms of nuts are shown in 
Figs. 33 to 37. 

The flanged irat. Fig. 33, is useful when the bolt hole is 
larger than the bolt, as it covers the hole and gives a greater 



bearing surface. While the same results may be obtained 
by means of a nut and washer, there are cases where it is 
preferable for the nut and washer to be in one piece. 

Fig. 34 shows a nut with a spherical bearing sui'face 
and the seat shaped to correspond. This nut will bear on 
the seat all around, whether the bolt is perpendicular or 
inclined to the seat. 

A cap nut is shown in Fig. 35. This form of nut is used 
to prevent fluids from leaking past the screw threads. To 
prevent leakage past the seat, the nut is screwed down on a 
soft, thin copper washer a. 

Fig. 36 shows a round nut, and Fig. 37 an ordinary 
square nut. The round nut is provided with holes in its 
circumference, as shown, and is screwed up by inserting a 
bar b in one of the holes. 

50. Round Slotted Nuts.—Round slotted nuts are 
Vised for bolts having large diameter or for shafts. They 
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are provided with gjooves as shown in Fig;. 38, and are 
turned by means of a spanner engaging with these grooves. 
If D is the short diameter of a hexagonal nut, then the 
diameter of a round nut will be 
De == Z? 2 Sa 

Sa being the depth of a groove. The 
height of the nut is A = d, while the 
width Sj. varies from 2 to 2.6 Sa. For a 
1-inch bolt, Dc = 2 inches, Si — i inch, 
and j, = inch. 

LOCKING DEVICES 

51. Jjocknuts.—All nuts are slightly 
loose on their bolts, a small clearance 
being necessary to permit them to turn 
freely. When a nut is subject to vibration 
it IS likely to slack back and allow the bolt to become loose. 
To prevent this slacking back, various locking arrangements 
have been devised. A common device is the locknut, or 
Jam nut, shown in Fig. 39. Two nuts are used, one of which 
is about half as thick as the ordinary nut. The load is thrown 
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on the outer nut, which should therefore be the thicker one. 
In practice, however, the thin nut is usually placed on the 
outside, because the wrench is generally too thick to act on 
it when placed below the other. The jam nut is not always 
satisfactory as a locking device. 
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62, Xjocking: by Means of Setscrews.—The nut may 
be efEectively locked to the bolt by the use of a setscrew, as 
shown in Fig-. 40. To prevent the point of the setscrew from 
injuring the thread, a piece of iron or steel m may be let into 
the nut. This piece is screwed along with the nut, and acts 
as a shield interposed between the setscrew and the thread. 


/ = id+i in.; 
^ = i^ + iVin.; 
p = id+i in.; 
k a — i in. 


63. A good method of locking a nut is shown in Fig. 41. 
The lower portion of the nut is turned down, and a groove 
is cut in the center of the circular portion. A collar is 
fastened by means of a pin to one of the pieces to be con¬ 
nected, and the circular part of the nut is fitted into this 
collar. The nut is then bound to the collar by a setscrew 
passing through the latter, the point of the setscrew engaging 
into the groove turned in the nut. The following propor¬ 
tions, in which the diameter of the bolt d is taken as a unit, 
have proved very satisfactory: 
a = — iV in.; 

b = I'i 'd i in.; 
r i in.; 

e = id] 

A variation of this nut-locking device is shown in Fig. 42. 
By this method the collar is omitted, and the setscrew is 

inserted in one of the pieces 
to be connected. Both of 
these devices are very effect¬ 
ive and are used for heavy 
nuts on quickly moving parts 
and on important bearings, 
as in marine engines. 

54. Ijockliig by Means 
of Stop-Plates.—Fig. 43 
shows a device for locking a 
nut by means of a stop- 
plate. The plate is fastened to one of the pieces through 
which the bolt passes, and is so shaped that the bolt may be 
locked at intervals of iV revolution. Suitable proportions 
for this stop-plate are shown in the figure, in which d, the 
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diameter of the bolt, is taken as the unit, with the exception 
of the distance between the center of the bolt and the center 
of the screw, for which /?, the diameter of the nut across 
flats, is taken as the unit. All 
dimensions are in inches. 

66. In Fig. 44 is shown another 
form of stop-plate, wh"ch may be 
conveniently used when the bolts are 
set in a circle, as, for example, on 
engine cylinder heads. 

66. Slotted liocknut.—In 
Fig. 46 is shown a different manner 
of locking the nut. In this method 
the nut is sawed half way through, 
and the parts are connected by a 
small screw. When the nut is screwed home the small 
screw is tightened, thereby greatly increasing the friction 
between the bolt and the nut. 

67. liock Washers,—^A convenient locking device, 
called the positive lock washer, is shown in Fig. 46. 
When not held down by the nut, the washer has the form 
shown in (^); when the nut is screwed down tightly, as in (a), 
the washer is flattened out and its body carries the load of 





Fig. 44 Fio 46 

compression. The tapered ends are thus relieved, and the 
spring tension is constant. As the barbs at the ends are free 
to move when subjected to vibration, they forpe themselves 
gradually into the positions indicated. 
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Other springy washers are the Grover spring washer, 
which has no barbs but simply depends on its elasticity to keep 

the nut tight on the bolt, 
and the National loch 
washer, which has, along 
its inner side next to the 
nut contact face, a rib 
that upsets and forces 
some of the metal of 
the nut into the bolt 
thread, and thus pre¬ 
vents the nut from 
loosening. 

58. Split Pins. 

Split pins may also 
be considered as lock¬ 
ing devices. These 
pins are used where 
the parts occupy one position only, and from which they are 
seldom removed. After the nut is screwed into position, a 
hole is drilled through the dolf close to the nut, so that when 
the split pin is inserted it may prevent any motion of the nut. 
The split pin may be either straight or tapering; may be 

made of half-round wire and 
bent into the shape shown in 
Fig. 47; or may be circular in 
section and split at one end 
only. When in position, the 
projecting split ends are 
spread apart. 




form:s of bolts 

AND SCREWS 
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59. Bolts. —A stud bolt, 
or stud, is shown in Fig. 48. Each end of the stud has a 
screw thready cut on it. One end screws into one of the 
pieces to be connected, and the other carries a nut. 
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A stud having: a collar is shown in Fig:. 49. The collar, 
which may be either square or round, serves as a shoulder 
ag:ainst which to screw up the stud. Also, when square, the 
collar is a convenient place to apply a wrench. 

A tap bolt, shown in Fig:. 60, is a bolt that does 
not require a nut. It is screwed directly into one of 
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the pieces to be connected, while the head presses on the 
other piece. 

Fig. 61 shows a tap bolt having a countersunk head. 
This style of bolt is called a patch, bolt, and, as its name 
implies, is used for making patches in boilers, etc. The 
diameter of the neck of the projection a to which the wrench 
is applied is smaller than the root diameter of the bolt, so 
that, instead of the bolt breaking when too much force is 
applied, the projection will break off. 

Fig. 52 shows a bolt having a nut at each end instead of a 
head at one end and a nut at the other. 



60. Screws.—In Figs. 53, 64, and 55 are shown several 
forms of machine screws slotted for a screwdriver. The one 
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shown in Fig. 53 is called a countersunk-liead screw, 
or a flatkead machine screw; that in Fig. 54, a button- 
head screw; and that in Fig. 65, a fillister-bead screw. 
When a countersunk-head screw is used, the hole in the 
piece that is to be fastened is countersunk so that the head 
of the screw is flush, as shown. 


61. Setscrews. —Screws or bolts that are used to press 
against a piece, and thus, by friction, prevent it from moving 
or rotating relatively to another piece are called setscrews. 
Fo'^ example, a setscrew may be screwed through the hub of 



PiQ, 66 Fig. 67 Fig. 58 Fjo. 69 

a pulley, and by its pressure against the shaft will prevent 
the pulley from turning on the shaft. 

Various forms of setscrews are shown in Figs. 56 to 59. 
The one shown in Fig. 56 is called a cone-point setscrew; 
in Fig. 67, a cupped setscrew; in Fig. 68, a round plvot- 
polnt setscrew; and in Fig. 69, a headless cone-point 
setscrew. 


62. Bolts in Shear. —^Usually bolts are in direct ten¬ 
sion, but constructions occur in which a bolt may be placed 
in shear. The relative values of the tensile and shearing 
strengths of a material may vary. For wrought iron, these 
values may be equal, as indicated in Strength of Materials, 
But in order to be on the safe side, it may be supposed that 
in the material used for bolts the ultimate shearing strength 
is less than the tensile strength. Assuming that the shear¬ 
ing strength of wrought iron is about four-fifths of the 
tensile strength, the strength of a bolt in shear is about 
four-fifths that of a bolt in tension. Hence, the diameter of 
a bolt in single shear should be a/I = 1.1 that of a bolt in 
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tension under the same load, and the diameter of a bolt id 

double shear should be = .8 that of a bolt in tension 

under the same load. 

T 3 .-^^en Joint.—The knuckle Joint, as shown in 

Fig. 60, is an example of a bolt in shear. Since the bolt is 





1 


of the I ^ theoretically only .8 the diameter 

tVnl^I 1 ‘ however, and since it should at no 

diameter of the rod, the bolt and rod 

terms of the diameter of the bolt, all dimensions being in inches 
Other examples of bolts in shear may be seen in nm- 
connected iron bridges. ^ 


JCXAMPJLES FOR FRACTICB 
a ^ 

Ans. f m. 

in safely sustained by five bolts inches 

Ans 13.86 tons 

I"*""® transmits motion to a load of 1 600 

the number of threads 

per inch, and the necessary number of threads in the nut. 


I Diameter = J in. 

Ans.'j Threads per inch = 4^ 
,Threads in nut = 10 






u 


Pig ei 




MACHINE DESIGN, PART 1 


45 


64. Details of Construction.—The additional infor¬ 
mation required for the construction of the standard forms 
of bolt heads, nuts, and the principal screw heads is given in 
Fig. 61. The diagrams of the standard hexagon and square 
heads and nuts have been repeated from Table II, for the 
purpose of giving the ladii of the curved outlines of some 
of the faces. The various dimensions are indicated by letters 
in the diagrams, and the relations between these dimensions 
are stated either below each separate diagram or below each 
series of diagrams It will be seen that all dimensions are 
based on the diameters of the bolts or screws. 

In order to avoid the calculations lequired for the use of 
the diagrams in regard to standard bolts and nuts, the values 
given m Table II may be used, the same letters in each case 
referring to the same dimensions. The dimensions of the 
parts not referred to in Table II, such as tap bolts, cap¬ 
screws, and setscrews, are given in Table 1. The diagrams 
at the top of the table contain the letters that represent the 
various dimensions inserted in the same. The values given 
in Table I are not according to any generally accepted 
standard, and the number of threads per inch will vary with 
different manufacturers. 

66. Dimensions of small standard machine or wood 
screws are given in Table VII. The sizes of these screws 
are indicated by gauge numbers instead of by diameters, but 
for the purpose of comparison, the table also gives the 
diameter, in inches, corresponding to any of the gauge 
numbers. To draw the head of any one of these screws, 
find its diameter in the table and lay out the head according 
to the instructions given in Fig. 61. 

66. Diameters of Small Holes.—The sizes of small 
holes m general are also indicated by gauge numbeis instead 
of by their diameters In this case, they receive their gauge 
number from the drill used for drilling them. Table VIII 
gives the gauge numbeis and corre.sponding diameters of the 
Morse twist drills. This table will also .serve to indicate 
the gauge numbers of ordinary steel wire according to the 
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Morse system, but, as will be observed, it differs from other 
wire gauges, such as the Stubs, Brown & Sharpe, etc. 

67. Decimal Equivalents of Parts of 1 Inch. 
Table IX is intended to assist in finding the nearest 
64th inch corresponding in value to a dimension given in 
thousandths of an inch. 

The decimal fractions are printed in two sizes of type, the 
large v\ze giving the exact value of the corresponding frac¬ 
tional part of an inch to the fourth decimal place. A given 
decimal fraction of an inch is rarely exactly equal to any of 
these values, but is either above or below, and the question 
then is to decide to which of two values it is the nearest, 
whether to the preceding or the succeeding one. For 
instance, it is desired to lay off the fraction .1330 inch in 
84ths of an inch. The nearest decimal fractions are .1250 
and .1406, and the question is which of these to choose. By 
means of the decimal fractions, printed in smaller type, this 
question may be answered at once, as the value of any one 
of these is the mean of the two adjacent fractions printed in 
larger type. If, therefore, any of the given decimal frac¬ 
tions is above the mean in value, it belongs to the succeeding 
decimal fraction; if below, to the preceding one. In this 
instance the mean fraction is .1328, and as .1330 is greater 
than this, .1406 inch, or -h inch will be chosen. In the 
same manner the nearest 64th inch corresponding to the 
decimal fractions .3670 inch and ,8979 inch are found to be 
ii inch and H inch, respectively. 
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.4247 

2 

2600 

1853 

1801 

3147 

3199 

3 

.1767 

1^35 

1183 

2098 

2150 

4 

.1350 

.0927 

087s 

1573 

1625 

S 

1100 

0741 

0689 

1259 

1311 

6 

0933 

0618 

0566 

1049 

IIOI 

7 

.0814 

0529 

0478 

0899 ' 

0951 

8 

0725 

0463 

0411 

0787 

0839 

9 

•o6SS 

.0413 

0361 

0699 

0751 

lO 

.0600 

0371 

0319 

0629 

0681 
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Noth —The taper of the threaded part is -f- inch per foot. 
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TABLE VI 


ASSOCIATION or LICENSED AUTOMOBILE MANUEAC- 
TUBERS’ STANDARD SCREWS AND NUTS 




Diameter of 
Screw 

Threads 
per Inch 

Length of 
Threaded Portion 

Short Diameter 
of Nut 

Height of 
Castle 

Thickness of 
Nut 

Thickness of 
Castle Nut 

Thickness of 
Head 

Width of Slot 
for Cotter Pm 

Depth of Slot 
in Head 

Width of Slot 
in Head 

Diameter of 
Cotter Pin 

Diameter of 
Cotter-Pin Hole 

d 

n 

L 

B 

C 

£ 

£' 

F 

G 

I 

A" 

c 

G 

i 

4 

28 

f 

I 

■ft 

ft 

ft 

ft 

■ft 

ft 

ft 

■ft 

5 

64 

n 

1 0 

24 


i 

ft 

a 

AX 

6 4 

« 

ft 

ft 

ft 

'ft 

' ft 

A 

8 

24 

•ft- 

ft- 

i 

u 

u 

ft 

f 

8 

ft- 

A 

4 


20 

AX 

8 2 

u 

8 

1 


li 

i 

f 

ft 

ft 

4 

i 

20 

A 

4 

A 

4 

A 

ft 

ft 

8 

f 

f 

A 

ft 

4 

iV 

i8 

sx 

3 2 

i 

ft- 

AX 
a 4 

Afi. 
a 4 

AI 
a 4 

ft 

f 

ft 

X 

8 

ft 

f 

i8 

XB. 

1 a 

il 

i 

n 

If 

XA 

J a 

ft 

i 

* 

4 

ft 

H 

t6 

i-h 

I 

i 

■af 

lA 

04 

li 

ft 

-8 

ft 

f 

ft 

4 

i6 

li 

l8 

i 

u 

IS 

1 e 

'1% 

ft 

f 

ft 

4 

ft' 

i 

14 

ift- 

l4 

1 

4 

0 4 

ff 

If 

_k_ 

3 a 

f 

ft- 

4 

ft 

I 

14 

la 

ift 


1 

6 

1 

1 

a 

s a 

4 

ft 

4 

ft" 




Noth —The material is steel with an ultimate tensile strength not 
less than 100,000 pounds per square inch, the elastic limit is not less 
than 60,000 pounds per square inch, length of threaded portion is one 
and one-half times body diameter All dimensions are given in inches. 
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TABLE VII 

MACHINE AND WOOD SCREWS 


jauge 

No 

Diameter 

Inch 

Threads 

per 

Inch 

000 

•031S 


00 

.0447 


0 

.0578 

104 

I 

.0710 

72 

2 

.0842 

64 

3 

•0973 

48 

4 

.1105 

36 

S 

. 1236 

32 

6 

.1368 

32 

7 

. 1500 

32 

8 

. 1631 

32 

9 * 

.1763 

32 

10 

. 1894 

32 

II 

. 2026 

24 

12 

.2158 

24 

13 

. 2289 

22 

14 

. 2421 

20 

IS 

■2552 

' 2C 

16 

. 2684 

18 

17 

. 2816 

18 

18 

.2947 

18 

19 

•3079 

18 

20 

.3210 

16 

21 

•3342 


22 

•3474 

t6 

23 

•360s 


24 

•3737 

16 


Diameter 

of 

Round 

Head 

Diameter 

of 

Filister 

Head 

Inch 

Inch 

^ .1544 

.1332 

. 1786 

•1545 

, 2028 

.1747 

.2270 

.1985 

.2510 

•217s 

•2754 

.2392 

•2936 

. 2610 

•3238 

.2805 

.3480 

•303s 

-3922 

•3445 

.4364 

.3885 

.4866 

• 4300 

.5248 

.4710 

.5690 

.5200 

.6106 

•5557 

6522 

.6005 


Diameter 

of 

Flat 

Head 

Inch 


.1631 

.1894 
.2158 
. 2421 
2684 
.2947 

.3210 

•3474 

•3737 

.4263 

•4790 

•S3i<5 

.5842 

.6308 

.6894 

.7420 
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TABLE VIII 

MOR9B TWIST-DBILli A17D STBEL-TVIBB SAUOB 


Gauge 

Diameter 

No 

Inch 

I 

. 2280 

2 

. 2210 

3 

2130 

4 

. 2090 

S 

•205s 

6 

. 2040 

7 

, 2010 

8 

.1990 

■ 9 

. i960 

lO 

•193s 

II 

. 1910 

12 

. 1890 

13 

. 1850 

14 

1820 

15 

1800 

i6 

1770 

17 

1730 

i8 

.1695 

19 

1660 

20 

. 1610 

21 

.1590 

22 

.1570 

23 

1540 

24 

1520 

25 

•I 49 S 

26 

.1470 

27 

.1440 


Gauge 

Diameter 

No 

Inch 

28 

.1405 

29 

1360 

30 

.1285 

31 

. 1200 

32 

1160 

33 

1130 

34 

IIIO 

35 

. 1100 

3<5 

. 1065 

37 

1040 

38 

.1015 

39 

•0995 

40 

0 

00 

0 

41 

0960 

42 

• 0935 

43 

0890 

44 

. 0860 

45 

. 0820 

46 

. 0810 

47 

.0785 

48 

. 0760 

49 

0730 

50 

, 0700 

51 

. 0670 

52 

.0635 

53 

• 059s 

54 

0550 


Gauge 

1 Diameter 

No. 

Inch 

55 

.0520 

56 

.0465 

57 

.0430 

S8 

. 0420 

59 

.0410 

60 

. 0400 

61 

.0390 

62 

.0380 

63 

.0370 

64 

.0360 

65 

•0350 

66 

•0330 

67 

.0320 

68 

.0310 

69 

.02923 

70 

. 0280 

71 

. 0260 

72 

.0250 

73 

. 0240 

74 

.0225 

75 

. 0210 

76 

. 0200 

77 

0180 

78 

0160 

79 

.0145 

80 

0135 
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TABLE IX 

DECIMAL! EQUIVALENTS OF PARTS OF 1 INCH 


Frac¬ 

tion 

Decimal 

Frac¬ 

tion 

Deamal 

Frac¬ 

tion 

Decimal 

Frac¬ 

tion 

Decimal 


0078 


.2578 


5078 


•7578 


.0156 

a 

.2656 

u 

•5156 

if 

7656 


•0235 


•»73S 


5235 


7735 

Vi 

•0313 

A 

.2813 

a 

•5313 

ft 

•7813 


•0391 


.2891 


3391 


7891 

A 

.0469 

H 

.2969 

a 

•5469 

ii 

.7969 


■0547 


•3047 


•5547 


.8047 

Vr 

.0625 


•3125 


•5625 

if 

.8125 


.0703 


3203 


5703 


8203 

* 

.0781 

U 

.3281 

u 

•5781 

If 

.8281 


0860 


3360 


.5860 


.8360 

A 

.0938 

H 

•3438 

if 

•5938 

n 

.8438 


.1016 


■3516 


.6016 


.8516 


.1094 


•3594 

If 

.6094 

If 

•8594 


1172 


•367=* 


6172 


8672 

i 

.1250 

1 

•3750 

1 

.6250 

i 

8750 


1328 


•3828 


.6328 


8828 

Vr 

.1406 

H 

.3906 

H 

.6406 

If 

.8906 


.1485 


3985 


6485 


8985 

W 

•1563 

H 

.4063 

li 

•6563 

If 

9063 


.1641 


•4141 


6641 


9141 

a 

.1719 

a 

,4219 

u 

.6719 

H 

•9219 


1797 


•4297 


.6797 


9297 

* 

•187s 

ViT 

•4375 

H 

.6875 

if 

•9375 


I9S3 


4453 


•6953 


9453 

H 

.2031 

u 

■4531 

if 

.7031 

n 

•9531 


.2110 


.4610 


.7110 


9610 

A’ 

.2188 

n 

.4688 

M 

.7188 

fi 

9688 


.2266 


.4766 


7266 


9766 


•2344 

u 

•4844 

n 

•7344 

04 

•9844 


.2422 


•4923 


.7422 


.9922 

.2500 

i 

.5000 

i 

.7500 

I 

I 0000 


•2578 


•5078 


•7578 


I 0078 
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MACHINE DESIGN 

(PART 2) 

Serial 997B Edition 1 

KEYS AND COTTERS 


KEYS 

1 . Keys are iron or steel wedges used to secure wheels, 
cranks, and pulleys to shafts. It is the duty of the key to 
prevent the relative rotation of the pieces connected; if, for 
example, the pieces in question are a pulley and shaft, the 
function of the key is to prevent the pulley from turning on 
the shaft. Generally, the key will also prevent a wheel or 
pulley from moving lengthwise along the shaft. 


FORMS OF KEYS 


2, Keys may be divided into three classes: sunk^concavey 
and flat. 

Sunk keys, by their resistance to shear, prevent motion 
between the shaft and the attached part. To this class 



belong keys that are fitted in slots cut both in the shaft and 
in the huh of the attached member. Fig. 1 shows a shaft 
with a sunk key. 
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Concave, or saddle, keys depend on the friction between 
them and the shaft to prevent relative rotation. In this case, 
a slot IS provided only in the attached part, while the key is 
hollowed out to fit the shaft. Such keys are suitable for 
light work only. A concave key is shown in Fig. 2. 

Flat keys use a combination of the means just mentioned 
to prevent the attached part from changing position. Also, 
in this key, only one slot is used, but 
instead of making the key to fit the shaft, 
aflat surface is cut on the latter to receive 
the key. This key is consequently more 
effective than the concave key. Fig. 3 
shows a flat key, also called key on the flat. 

The slot that is cut lengthwise in the shaft, or in the hub 
of the pulley, gear, etc., is called a key way, or key seat. 

3. There are two forms of sunk keys in use, each of which 
requires a different method for fitting the key in the key seat. 

1. The rectangular key, shown in Fig. 4, is driven 
in light and usually fits at the top and bottom as well as at the 
sides. In order to insure 
a good fit and to make the 
driving in and the removal 
of the key less difficult, it 
is slightly tapered; that is, 
the top and bottom planes 
of the key are not parallel. 

As a key of this shape is 
liable to spring the parts 
out of true, it is not suit¬ 
able for conditions where 
exact fitting is required; in Fiq 4 

general, it is used for fastening gear-wheels, pulleys, etc. to 
shafts. 

Note —To prevent any misunderstanding, the word taper^ when 
used in this subject, will mean the giadual diminution in size of a 
slender object Thus, should it be stated that a certain conical piece 
has a taper of 2 inches per foot, it would be meant that were the 
conical piece 1 foot long, the diameter at one end would be 2 inches 
larger than at the other. 
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The keys shown in Figfs. 2 and 3 are also tapered in the 
manner just described. The taper varies from A to i or A 
inch per foot, the smaller tapers being used in the most 
accurate work, 

2. The square key, Fig. 1, fits tightly at the sides, but 
not at the top and bottom. The parts will therefore not be 
strained, which is an important consideration when accurate 
fitting is required, as in the case of machine tools. As a 
square key has no taper, it does not always prevent axial 
movement of the attached piece unless the latter is forced 
on the shaft. Otherwise, additional means, such as set¬ 
screws, end collars, etc., must be used for holding the piece 
in position. 

4. In cases where a piece has to be adjusted on the 
shaft in various positions, a key seat of sufficient length is 
milled out in the shaft and a square key inserted. By the 
use of setscrews, which force the key toward the shaft, the 
piece may be held in any required position. It will thus be 
possible to move the piece without removing the key. The 
square key requires no taper. 

5. Large wheels or pulleys may be fastened to the shaft 
by using two, three, or four keys. Fig. 5 shows a method 



of keying a piece to a square shaft. When several keys are 
thus used the wheel or pulley may be centered on the shaft 
by means of the keys. 
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If a pulley is accidentally bored a little too large for the 
shaft, it may be prevented from rocking by using both a 
sunk key and a flat key, as shown in Fig. 6. The flat key 
is placed at a distance around the shaft of about 90° from the 

sunk key Sy and the pul¬ 
ley is thus supported at 
three points. 

When a key cannot be 
conveniently driven out 
from the small end, it should be made with a gib head a, as 
shown in Fig. 7. The head forms a shoulder to drive against. 



Fiq 7 


6, Sliding, or feather, keys, or splines, are used to 
prevent a piece from rotating on a shaft, and at the same 
time allow it to slide lengthwise. The key, or spline, is 



Pro. 8 Pig. 9 

way of the shaft, though the operation is sometimes reversed 
and the key is fastened to the shaft. This form of key is 
made without any taper. Various methods of fixing the 
key to the wheel or pulley are shown in Figs. 8. 9 and 10. 
In Fig. 8, the key is dovetailed and driven tightly into the 
hub m. 
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When the hub of a wheel in which there is a feather abuts 
against a collar or a bearing, it is evident that the feather 
must not project. In such a case the feather key, Fig. 8, 



Fig 10 Pig. 11 


or the flush feather key, Fig. 9, may be used; otherwise, the 
key may have gib heads, as shown in Fig. 10. 

7. Rouua, or pin, keys may be used when the piece is 
shrunk on to the shaft, as for example, a small crank, as 
shown in Fig. 11 A hole is drilled partly in the shaft and 
partly in the crank, and a round pin is driven into the hole, 
as shown in the figure. 


8. Woodruff Key. —The Woodruff key, shown in 
Fig. 12, is used to some extent on machine tools. This key is 



Fig 12 

nearly semicircular in outline and rests in a seat, the bottom 
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of which is curved in conformity with the key. This arrange¬ 
ment will allow the key to adjust itself by a partial rotation 
until a perfect contact is obtained between its flat edge and 
the key seat in the piece to be fastened. By reason of its 
form, the lower key seat is readily made by a milling cutter 
having a diameter equal to that of the curved portion of 
the key, thus effecting a great saving of labor in making the 
seat and in fitting the key. 

As shown in Fig. 12, the key is of great depth relative to 
its width, and is therefore amply insured against tipping. 

The amount that the key 
projects above the shaft is 
equal to \tyt being the 
thickness of the key. If the 
shearing resistance of one 
key is insufficient, more 
keys may be added by 
arranging them lengthwise. 

Fig. 13 shows a hub in 
which the flat key seat 
inclines toward the axis of 
the hub. In this case, while the hub is being placed in posi¬ 
tion, the key will adjust itself by a partial rotation until it 
bears against the hub throughout the length of its flat edge. 



Fiq. is 


STRENGTH AND PROPORTIONS OF KEYS 

9. A sunk key is subjected to two kinds of stresses. 
The twisting of the piece on the shaft tends to shear the 
key, and also to crush it by compression. 

Let h = width of key, in inches; 

t — thickness of key, in inches; 

I = length of key, in inches; 

5, = safe shearing stress allowable, in pounds per 
square inch; 

= safe crushing stress allowable, in pounds per 
square inch; 

P = force, in pounds, acting at rim of wheel or pulley; 
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R = radius of wheel or pulley, in inches; 
d = diameter of shaft, in inches. 

The shearing: area of the key is b 1; hence, the safe resist¬ 
ance of the key to shearing: is blS^. Taking: moments 
about the center of the shaft, 

blS.Xid^ PXR 


or 


bl = 


2PR 

S,d 


( 1 ) 


Supposing: the key to be half bedded in the shaft, the 
crushing: area is i / /, and the resistance to crushing: is 
If the key is desig:ned to be equally strong: ag:ainst shear¬ 
ing: and crushing:, the shearing resistance must equal the 
crushing resistance, or 

bis, = ^IIS, 


or 


d = (2) 


If, now, the crushing strength of the material is assumed 

c 

to be double the shearing strength, = 2, and h ^ L With 

square and feather keys, 5 b may be nearly equal to 2 5.; but for 
flat, tapered keys the crushing action is smaller. The reason 
for this difference is that the key, in its tendency to tip, will 
act as a strut and thus exert a certain radial bursting pressure 
on the hub. This bursting pressure will to some extent reduce 
the side pressure on the key, and, as the danger of crushing 
is smaller, a smaller factor of safety may be used. In any 
case, b is rarely less than /, and is frequently made greater. 

For shearing, a factor of safety of about 10 may be 
used, giving a safe shearing stress S, of 5,000 pounds per 
square inch for wrought iron, and 7,000 pounds for steel. 
Then, formula 1 becomes 


bl 

bl 


PR 
2,500 d 
_P_R_ 
S,500d 


for wrought iron 
for steel 


( 3 ) 


Instead of the twisting moment PR of formula 3, it may 
be more convenient to use the horsepower transmitted by 


the shaft and also its number of revolutions. 


I L T 3 / 5 —u 
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Let N = number of revolutions per minute; 

H = horsepower. 

Then, a point on the circumference of the wheel or pulley 

R iV 

moves 2 inches, or — - - ■ feet, per minute. 


Hence, if a force P constantly acts at the circumference 
of the wheel, the work done per minute is 


^ — X P foot-pounds 


Therefore, ^^ 33,000 = H, the horsepower. 


12 X 33,000 X H 


= PR ^ 63,026 


N 


(4) 


Substituting the value of PR from formula 4, in formula 3, 


bl 

bl 


25 A T 
dN 
181/ 
dN 


for wrought iron 
for steel 


( 6 ) 


Formulas 3 and 5 may be used in calculating the sizes of 
keys for large work. For small shafts, the sizes given by 
formulas 3 and 5 are much smaller than are used in actual 
practice. 


10. Designers frequently adopt some standard ratio 
between the depth and the width of the key, the ratio vary¬ 
ing from i to I. In this Section, the ratio f is adopted; that 
is, / = -13. 


Example.— The maximum pressure on an engine crankpin is 12,600 
pounds, and the length of crank is 10 inches Assume the diameter 
of the shaft to be 6 inches, and the length of the key the same. What 
should be the dimensions of a wrought-iron key to hold the crank to 
the shaft? The crank is not to be shrunk on the shaft. 


Solution —Transposing formula 3 , 

. PR 12,600 X 10 
2,600rf/ 2,600X6 X6 
^ = f i = I X 2 = 1^, say l-J-J, in. 


Ans. 

Ans. 


11. In ordinary designing, the sizes of keys are deter¬ 
mined by empirical formulas that give an excess of strength. 
For ordinary keys in cranks, driving pulleys, etc. the follow¬ 
ing proportion may be adopted: 
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b = .21 d + .04 inch! 
i = .12^/+ .04 inch/ 
When d is less than inches, then 



( 1 ) 

( 2 ) 


U-sing formula 1 in the example of the crank-shaft, Art 10, 
d = ,21 d -j- .04 = .21 X 5 -I- .04 = li inches, nearly 
/ = ,12 d + .04 = .12 X 5 -h .04 = i inch, neai'ly 

Unless otherwise stated, formula 1 may be used in solving 
problems. 

As an aid in ordinary designing, Table I, at the end of 
this Section, may be used. This table gives dimensions 
closely approximating those formed by formulas 1 and 2. 

Table II, also at the end of this Section, gives the dimen¬ 
sions of square keys, as used by William Selleis & Company. 
In this case, the keys are supposed to fit tightly sidewise, 
but not necessarily so on top and bottom. On the other hand, 
the hub is supposed to fit very tightly on the shaft. 

For sliding feather keys, the following formulas give the 
proportions used in ordinary practice: 


^ + tV inch 

o 

i = H+iVinch 


12. In some instances, pulleys may be keyed to a large 
shaft and yet transmit a small amount of power. In such cases 
the dimensions of a key, if based on the actual diameter of the 
shaft, will be much too large. The proportions may there¬ 
fore be based on the diameter of a shaft that would be neces¬ 
sary to transmit the power of the pulley in question, and no 
more. Letting H represent the horsepower transmitted by 
the pulley, and JV the revolutions per minute of the shaft, 



and this value of d may be used in formula 2, Art. 11. 
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Example.—A pulley transmitting 2 horsepower is keyed to a shaft 
4 inches in diameter and making 120 revolutions per minute. Determine 
the dimensions of the key. 

Solution.— The diameter of a shaft to transmit 2 H P. is 
= = Ans. 

From formula 2, Art. 11, 

. 1.28 7 . 

d = -j- = i6 111* Ans. 

128 1 

r = t m. Ans. 


EXAMPLES POR PRACTICE 


1. Calculate the dimensions of an ordinary sunk key for a shaft 

3-J- inches in diameter. Ans -J- m X m. 

2. Calculate the dimensions of a feather key for a shaft inches 

in diameter. Ans. ifin. X -ft- in. 


3. A wrought-iron key is used to fasten a flywheel on a 6-inch shaft. 
If the maximum pressure on the crankpin is 15,000 pounds, and the 



crank radius is 16 inches, what should be the dimensions of the key, 
Its length being 8 inches? Ans. 2 m. X Hi in. 

4, A pulley transmits 3^ horsepower, and is keyed to a shaft 
6 inches in diameter and making 160 revolutions per minute Calculate 
the dimensions of the key. Ans. ^ in. X -Aui' 
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COTTERS 

13* A cotter is an iron or steel bar that is driven 
through one or both of two pieces to be connected, and holds 
them together by its resistance to shearing at two iransverse 
cross-sections. A simple 
form of a cotter is shown 
in Fig. 14. The cotter 
passes through the rod 
only, and acts when the 
rod is in tension. The 
enlargement, or collar, a 
on the rod prevents any 
downward movement, and 
therefore resists thrust. 

Fig. 15 shows a cotter 
with gib ends. Since in 
this case the rod is not pro¬ 
vided with a collar, this arrangement will resist tension only. 

In the arrangement shown in Fig. 16, the cotter is divided 
into two parts, the one with hooked ends being called the 



Pig 16 



and the other the cotter. In this construction, the rod 
should be placed in tension only. If it is necessary to pro¬ 
vide for thrust, the end of the rod should be tapered as shown 
in Fig. 17. 
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Fig. 18 shows an arrangement m which a rod is cottered 
into a socket. As shown in Figs. 16 and 18, the cotter is 

long and tapered; it serves, there¬ 
fore, as a means of adjusting the 
length of the connected pieces. 
By driving the cotter farther in, 
the total length of the two pieces 
is lessened, and vice versa. 

Note —The dimensions b and 
Fig 18, run to the intersection of the 
slant side of the cotter and the center 
hue of the rod. 

A cotter may be used to connect 
two straps and « to a rod /, as 
shown in Fig 19. When driven down, the friction between 
the cotter and the lower strap may cause the latter to open 
out, as shown by the dotted lines; hence, it is desirable in 



Fig. Ifl 


such a case to use a cotter combined with a gib, as shown in 
Fig. 20, or with two gibs, as shown in Fig. 21. 

The gibs serve to keep the straps from spreading. In 
Fig. 22, the side ab oi the gib and cd of the cotter are 
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parallel to each other and perpendicular to the axis of 
rod, the taper coming between the gib and the cotter, 

14. Strengtli and Pro- ^ ^ 

portions of Cotters.—In 
designing a cotter connection, 
the following points should be 
taken into account. Referring 
to the illustration of the cotter, 

Pig. 14, (1) the cross-section ^ t ^ 

of the cotter must be sufficient 

to withstand the shearing 

force; (2) the thickness / must 

be great enough to provide wmmm 

against failure by crushing; Pio. 19 







[•rnsjiul 
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Let P = force, in pounds, exerted on the rod; 

Sx = safe tensile strengfth of rod, in pounds per square 
inch; 

5* = safe shearing: strength of cotter, in pounds per 
square inch; 

Sm = safe compressive strength of cotter or rod, in 
pounds per square inch. 

The various diameters and other dimensions are indicated 
in the figures. 

Consider the arrangement shown in Fig. 18, and conceive 
a transverse section taken through the cotter hole. The net 
area of the rod is .7854(3?* — of very nearly; the shearing 
area of the cotter is 2^/; the area of the cotter subject to 
crushing against the rod is d and against the socket {D — d)ty 
very nearly. The area of the socket subject to tension is 
.7864 (Z?* — d^) — (Z? — d)ty and the area of the smaller part 
of the rod is .7864 dx'. Finally, the cotter may be considered 
as a beam uniformly loaded, in which case the bending 

moment will be = - Sx. From the table in Streyigtk oi 
o c 

Materials^ Part 2, 7 = and c ^ \d. In the moment-of- 

inertia formula, b and d represent the dimensions t and 

"P J i h* 

respectively, of the key. Hence, = —Sxx and solving 

8 6 

for Px then 

p=^l^S, (a) 

a 


The other formulas representing the tensile, shearing, and 
crushing stresses are as follows: 

At the section XxXx^ Fig. 18, for tension in the rod, 

P^ {.1854d* -di)Sx (b) 

At the section j/, j/,, for tension in the socket, 

P = [.7864 (Z>* - d*) ^ {D-d) t\ Sx {c) 
Considering the tension in the rod of diameter a?,, 

P^ .7854:dx^Sx (d) 

At the sections -s', .s', and .s’# a'*, for shearing stresses in 
the cotter, 




/>=26i!S, 
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At the surface tor crushing: stresses between the rod 
and the cotter, 

P=diS. (/) 

At the surfaces and for crushingf stresses 

between the socket and the cotter, 

P={n^d)iSs (g) 

It is supposed that the rod and the cotter are made of 
the same material, either wrought iron or steel. Taking 

o 

as in Machine Design^ Part 1, 

•hi 

Substituting this value of in formula (^), 

2btiS^ = 5 . 

Placing this value of P equal to that found by means of 
formula (a), 

d 

whence d = l,2d 

If this value of d is inserted in formula (e) and the values 
of P in formulas (e) and (b) are then equated, 

2xl.2diS, = (,7854 d*-di)S^ 

Inserting for 5, the value 

2Adt^S^ = (.7854d'-dt)St 
h92d£= JSBicT-di 

t = = .27 d, or nearly 

2,92 

To prevent failure from crushing by the cotter, the bear¬ 
ing surface of the socket should equal that of the rod. 
Equating the values of P in formulas ig) and (/), 
{D-d)iSn = diS, 

Then, D = 2d 

Equating the values of P in formulas (b) and (/), 

(.7854^= diS., 

and making t — id, 
c 

= 2.14, or 2, approximately 

•hi 

Experience has shown that this ratio may be found where 
materials and workmanship are good. 
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Equating the values of P in formulas {b) and {d), and 
taking t = \d, 

.7854 -dt = .7854 

or .7854^*-= .7854^,* 

4 

and di. = .83^3? 

The diameter of the collar, Fig. 18, should be such that 
Its bearing surface is at least equal to that of the cotter in 
the rod. Hence, 

.7854 (rf.* - d') = dt = - 

4 

and .7854 rf." = 1.035id’> 

"• - ■'/S - 

A clearance b^ is shown in Figs. 16 and 18 between the 
cotter and the socket, and the cotter and the rod. The 
amount of this clearance depends on the taper of the cotter 
and on the distance through which the latter may be moved. 
In general, this clearance is not less than i inch. 

Collecting the foregoing results, 

b = \.2d d. = 1.16^ 

t — \d ^=^ = i^tol4fl^ 

D = 2d 3i = 8 inch, or more 

= .83^ 

15. If a steel cotter is used in a wrought-iron rod, b may 
be made equal to d^ the other dimensions remaining the 
same as just given. 

For a cotter of the form shown in Fig. 20 or 21, it is good 
practice to make t = \ b, and ^ f X sectional area of 
strap. The width b is the same whether a single cotter, a 
gib and cotter, or two gibs and cotter are used. The other 
proportions are shown in the figures. 

Example —Suppose that m Fig. 22 the strap is J in. X 3^ in , find 
the thickness of the cotter, and the combined width of gibs and cotter. 

Solution.— bi = ^xixH = Making if = as just 

stated, bt — \b^ = whence 

b = 'V'VsP’ = 3 91 = 3-J-l in. Ans. 

^ = 4 ^ = 1 in , nearly. Ans 
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The width of cotter is, then, f or 1-J- inches, and the width of 
each gib is - 3 ^ or 1 -^ inches, according to the dimensions given in 
Fig. 21. 

16. Taper of Cotters.—The greatest allo\fable taper 
that a cotter may have without danger of slacking back is 
about li inches per foot. Usually, when the cotter is not 
secured, the taper is from i to i inch per foot. If fastened 
by a setscrew or bolt and nut, as in Figs. 22 and 23, the 
cotter may have a taper of I 3 to 2 inches per foot. The 
taper per foot of a cotter is found by means of proportion 
from its increase in width. For instance, if a cotter is 
2 inches wide at one end, 21 inches wide at the other, and 
9 inches long, the increase in width is 21 — 2 = f inch. 
Then, if x is the taper per foot, the proportion I := 9 : 12, 
will give the value of x. Thus, 

= I X V’ = i inch per foot 


17. Docking Arrangements.—In Figs. 22 and 23 are 
shown locking arrangements for cotters. In Fig. 22, 
the cotter is held by a setscrew, the point of which fits into 
a groove cut into the cotter. 

The diameter of the setscrew 
may be inch. In the 




Pig 24 


arrangement shown in Fig. 23, the end of the cotter is a 
screw, and the cotter is secured by a nut on an extra seat. 
This method is used where the cotter has an excessive taper. 


18. Taper Pins.— A taper pin may be classed either 
as a key or as a cotter, but as its action is more like that of 
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a cotter it will be described at this time. As shown in 
Fig. 24, the taper pin passes through both the hub a and the 
shaft b and is given a certain amount of taper to insure a 
good fit and to facilitate its removal. This pm is used 
mostly for light work, as it cannot be made large enough in 
diameter to resist a relatively large amount of shear without 
weakening the cross-sectional area of the shaft. In many 
cases a taper pm is inserted more for the purpose of pre¬ 
venting motion of the hub along the shaft than for the 
purpose of driving. 

Let P = force, in pounds, acting at rim of wheel or pulley; 
R — radius of wheel or pulley, in inches; 
d = diameter of shaft, in inches; 
dx = average diameter of pin, in inches; 

5*9 = safe shearing stress. 

As the shear will take place at the points Sx and Fig. 24, 
there will be two shearing areas. The total shearing area 
of the pin, then, is 2 X .7854 dx^ and the safe resistance to 
shearing is 2 X .7864 Taking moments about the 

center of the shaft, 

2 x.7864 ^f.*5’, f = PR 

and dx = 1. 

The pins are tapered according to certain adopted standards 
corresponding to the Morse standard reamers. Table III, 
at the end of this Section, gives the standard diameters of 
the pins, the length varying from i inch to 6 inches. The 
taper is i inch per foot. 



Example —The hub of a lever 10 inches long is to be fastened by 
means of a taper pm to a shaft 2 inches in diameter If the end of the 
lever is to support a weight of 180 pounds and the pm is made of steel 
having a safe fiber stress 5, of 7,000 pounds, what will be the diameter 
of the pm? 


Solution —From the formula of this article, = 113 
= .406 in., corresponding to a No. 7 taper pin. Ans. 


4 . 


180 X 10 
2X7,000 
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EXAMPLES FOB PBACTICE 


1. Find the dimensions of a rod and socket of the form shown in 
Fig. 18, assuming that 5i is equal to 6,000 pounds. The load or pull 

on the rod is 4,600 pounds. fd = in.; ^ = 1^ in.; 

Ans . 1 ^ to : 

== if in.; Z) = 2f in. 

.A = 1 in.; 


2 . A cotter of the form shown in Fig. 16 resists a pull of 3,200 pounds. 
Find the necessary breadth and thickness, assuming that Sa is 4,000 
pounds and that the thickness is one-fourth the breadth. 


Ans. 



1.27 = 
Thrill- 


m. 


3. A cotter and two gibs connect two straps to a rod, as shown in 
Fig. 21. Supposing the pull on the rod to be 9,000 pounds and taking 
St = 5,400 for steel, find the dimensions of cotter and gibs. 

(t = iiin. 

Ans.- Width of cotter = ^ in, 
Width of gibs = ^ in. 

4. Calculate the dimensions of a steel cotter that fastens a wrought' 

iron rod 2|- inches in diameter. Ans. 2-J- in. X -H* in. 


5. A cotter is If Inches wide in the middle and tapers on each side. 
If the cotter is 18 inches long, what is its width at each end? Assume 
that the taper is f inch to the foot. Ans. in. and if in. 


RIVETED JOINTS 

RIVETS 

19. Distinctive Features.—Rivets differ from bolts in 
the following respects: (1) Instead of a detachable nut, 
the rivet has a supplementary head, which is formed 
from the body of the rivet after it has been inserted in its 
proper place. (2) The diameter of the rivet body is increased 
in size after the rivet is placed in position and while the new 
head is being formed. 

As rivets are provided with two heads, they are used to 
unite permanently two or more parts, mostly steel or iron 
plates. As the safe union of the combined parts in this case 
does not depend on the strength of screw threads, as in the 
case of bolts and nuts, but on the cross-sectional area of the 
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rivet body, some metals that would be less serviceable for 
bolts are available for rivets. Among these metals may be 
mentioned copper, brass, and aluminum, although steel and 
j j wrought iron are most commonly 

® used. 


1 / _ \ 20. Elements of a Rivet. 

^ ^^vet in the form furnished by 
® the manufacturer, that is, before 

being provided with a second 
^ J head, is termed a blank. In 

-- Fig. 25 is shown a blank, in which 

^ a is the shank, d the head, and 

c the point. The head, which is made subsequently from the 
point and is shown 
by dotted lines at dy 
is termed the point 

head, or, simply, ' ^— d —► 

point. As will be 

noticed, the shank H- x.7Sd—A u--j 

does not fit the hole ) T~ \ / 

tightly; this differ- | \ / td 

ence in diameter be- \ _ f J_ 

tween the hole and ' ' 

the shank generally 
amounts to iV inch. 

The shank is slightly 
tapered toward the 

point. To form the " ^ ^^ 

point head, the part of 

the shank projecting h- t.7JSd - 

beyond the plate I \ 

must have sufficient S N. j/ ? X \ 

material to form not r— issod —-j 

only the point head d , Fig 20 (dj 

but also to provide the additional material required for the 
shank itself, as the diameter of the latter increases to that of 
the hole. In general, the protruding part of the shank is of 
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a length amounting to from 1.3 to 1.7 times the diameter 
of shank. 

21* Forms of Rivet Heads.—The forms of rivet heads 
in general use are shown m Fig. 26. The one shown at (a) 
is known as the conical head; at (^), the steeple headj at (r), 
the button head, and at the countersunk head. 

The proportions ordinarily given to these rivet heads are 
indicated in the various views in terms of the diameter d\ 
but these dimensions are not always adopted. The counter¬ 
sunk head shows the most variation from the proportions 
given, both m regard to the height and to the diameter of 
head. Consequently, the angle between the side of the head 
and the axis of the rivet will also vary, and may be as small 
as 30° instead of 40°, as shown. 

22. Rivet Holes. —The holes for rivets may be either 
drilled or punched, the former method being adopted where 
accuracy and strength are required. Accuracy cannot always 
be insured by punching, partly because the spacing of the 
holes may vary and also because the holes themselves are 
not truly cylindrical, but conical. The reason for this 
inaccuracy is that the diameter of the hole in the die is 
larger than that of the punch; hence, the hole in the plate 
has a larger diameter at the bottom than at the top. Punch¬ 
ing is also believed to injure the plates, particularly if they 
are at all hard or brittle. Another objection to punching is 
that a ragged edge is produced, which has a tendency to 
decrease the shearing resistance of the rivet. Many makers, 
therefore, prefer to punch the hole smaller than its intended 
diameter and then ream it out. This operation cuts away 
the injured metal around the hole and makes it clean-cut and 
cylindrical. Annealing after punching will partly remove 
the injury caused by punching, but the better practice, where 
the greatest strength is required, is to punch the hole small 
and to ream to size. 

23. Riveting. —The riveting, that is, the formation of 
the point head, may be done either by hand or by machine; 
in modern practice, the latter method is used to a greatai 
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extent. In either case the rivet is heated to a red heat and 
then inserted in the hole prepared for it. When the riveting: 
IS done by machine, the rivet is subjected to the pressure of 
two dies having the shape, or form, that the point head is to 
receive. As a result of the hammering by hand or of the 
pressure of the machine, the shank swells out and com¬ 
pletely fills the hole. It is advantageous to have the shank 
hotter at the head end, thereby insuring that the swelling is 
complete before the point head is formed. When the rivet 
cools and contracts, the two heads are drawn firmly against 
the intervening plates. 

In riveting, the rivet holes are often brought into line by 
means of a driH ptfiy which is a long, round taper pin that 
is small enough at one end to enter two rivet holes not well 
matched, and large enough at the other end to bring the 
holes into alinement. In boiler construction, the use of 
drift pins for enlarging the holes is prohibited by the best 
authorities. 


-2d -^ 



1 

* 


1 



i 




24. Examples of Riveting,—In Figs. 27, 28, 29, 30, 
and 31 are shown some examples of the proportions of rivet 

shanks and the finished point heads. 
The dimensions of some of the 
heads differ from those given in 
Fig. 26, for the reason that there 
is no uniformly adopted standard, 
the rivet forms being left, to some 
extent, to the preference of the 
various manufacturers. The origi¬ 
nal form of the shank is shown by 
dotted lines and its dimensions are 
also indicated. 

The point heads shown in Figs. 27 
and 28 are made by hand; this form of head is termed a snap 
or cup head, and is produced by hammering the shank down 
roughly and finishing the head with a cup-shaped die, or set. 
The rivets shown in Figs. 29 and 30 are examples of machine 
riveting. A rivet with a countersunk head is shown in Fig. 31; 
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such heads are sometimes necessary where a smooth surface 
needed, as, for instance, when attaching boiler mountings. 
Sometimes, especially on iron ships, the edges of the 
rivet hole are slightly chamfered, as shown in Figs. 30 




and 31. A rivet driven in a hole of this kind assumes a 
corresponding form, resulting in fillets near the heads. 
Thus, the change in diameter from shank to head is made 




more gradual, and the head is less liable to shear off than 
it would if subjected to the cutting action of the sharp and 
ragged edge of a drilled or punched hole. 
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CLASSIFICATION OF RIVETED JOINTS 
26. Lap Joints. —The simplest form of joint is one in 
which the plates to be riveted are made to overlap. A joint 





Pig 32 

of this kind is shown in Fig. 32, and is known as a lap 

Joint. When a joint 
is made with only one 
row of rivets, as in 
Fig. 32, it is called a 
si7igle-rtveted 
joint; with two rows, 
as in Figs. 33 and 34, 
a double-riveted lap 
joint; with three rows, 
^ a triple-riveted lap 

joint; and with four rows, a quadruple-riveted lap joint. 

When more than one 
row of rivets is used, 
distinction is made in 
regard to the relative 
arrangement of rivets 
in the adjoining rows. 

For instance, if all the 
centers of adjoining 
rivets in difEerent rows 
lie in lines perpendicu¬ 
lar to the joint, as in 
Fig. 34, it is called cliain riveting; but if the rivets in one 
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row are opposite the spaces in the adjoining row, as in Fig. 38, 
it is called staggered, or zigzag, riveting. 

A single-riveted lap joint may be provided with a cover- 
plate, or strap, as at 
Fig. 35. Fig. 36 
shows a double- 
riveted lap joint with 
cover-plate. Both 
joints are used exten¬ 
sively m boiler work, 
and if they are com¬ 
pared with the joints 
shown in Figs. 32 and 
33, it will be seen that 
they are based on the 
latter joints, with the 
addition to each joint pig sb 

of a cover-plate and two rows of rivets spaced faither apart. 

26. Butt Joints.—In butt Joints, the ends of the 
plates abut against each other. To effect a union, one or 
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and with two cover-plates, as in Fig. 38, a double-strap butt 
joint. Butt joints are single-riveted when there is only one 
row on each side of the joint; with two, three, and four rows 
on each side, they are called double-^ triple-^ and quadruple- 

riveted butt joints^ 
respectively. 

Fig. 37 shows a single- 
riveted, and Fig. 38 a 
double-riveted, butt 
joint. The two cover- 
plates may differ in 
width, and the rivets 
on the outer rows may 
be spaced farther apart, 
as shown in Fig. 39. 

A triple-riveted double-strap butt joint is shown in Fig. 40. 
The rivets through both straps are staggered, as in the 
double-riveted lap joint, Fig. 33. 

Fig. 41 shows a quadruple-riveted double-strap butt joint 



Fig 87 



Pio 88 

that is used for plates I* inch or over in thickness. This joint 
is very expensive, owing to the large number of holes to be 
drilled and the large number of rivets to be used; but it is 
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one of the strongest joints to be found in practice and is also 
of the highest efficiency. 

27. Pitch, Margin, and L,ap. —The distance h. Fig. 32, 
between the centers of adjacent rivets in one row is called 
the pitch of the rivets. This pitch may vary in different 
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experiments, howevei, have shown that when I is made only 
l^d the margin may tear before the joint will fail in any 
other way. For this reason, some engineers prefer to make / 
equal to 2d The distance between two rows of rivets 
is called the transverse pltclip 

28. Calking.—After the shank of the rivet has con¬ 
tracted, the high pressure produced on the parts between the 
heads is not always sufficient to insure a steam or water¬ 
tight joint where this is required. An additional treatment, 
termed calking, is then necessary. This treatment consists 
in forming a burr along the edge of one of the plates by 
means of a suitable calking tool, as shown in Fig. 42. 
A round-nose calking tool is driven against the beveled 
edge of the upper plate, forcing the metal in close contact 
with the lower plate 
and effectually closing 
the seam. A tool with 
a sharp edge should 
never be used, as it 
IS liable to score the 
under plate and cause 
grooving. Such grooves ^2 

may act as starting points for cracks or bends. 

On boiler joints, the calking may be done either on the 
inside or on the outside, or on both, the most effective calking 
being done on the outside. The calking edge of a plate 
should be beveled to make an angle of 16^^ with a Ime 
normal to the contact surface of the plate. To insure a good 
calking edge, the lap of the joint should not be excessive, as 
the plate will buckle instead of having its edge upset. Like¬ 
wise, the pitch of the rivets should be such as to make it 
possible to produce a tight joint by calking. 

In some of the preceding examples of riveted joints, the 
calking edges are indicated by the letter a. For instance, in 
Fig. 35, the joint is calked along the edge a of the outside 
plate If the calking were done along the cover-plate, it 
would not only be necessary to calk two edges but the 
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difificulty in securing a tight joint would be greater—in some 
cases too great—on account of che wide spacing of the 
adjoining rivets. 

In the joint shown in Fig. 36, the calking is done at the 
edge a of the outer plate, as it would be useless to calk the 
cover-plate at while at c the rivets are spaced too far 
apart to insure a tight joint. 

The butt joints in Figs. 39, 40, and 41 are calked at the 
edges fls, a^y of the outside cover-plates, as the other cover- 
plates are inside and have rivets spaced too far apart. 

STRENGTH OF RIVETED JOINTS 

29. Fallnre of Riveted Joints. —When the load 
applied to the rivet joint acts in a direction at right angles to 
the axes of the rivets, the joint may fail in one of the follow¬ 
ing five ways, which are illustrated in Fig. 43. 

1. The plate may fracture along the center line of the 
rivets, as shown in {a)» 

2. The rivet may shear, as shown in {b). 

3. The rivet or the plate in front of it may be crushed, 
as shown in (c). 

4. The plate may shear in front of the rivets, as shown 
in {d). 

5. The plate may break across the margin, as shown 
in (tf). 

To ascertain which part of a rivet joint is the weakest and 
where, therefore, a failure is likely to occur, each part of the 
joint will be considered separately and a formula representing 
the strength at this particular point will be given. 

Let d = diameter of rivet after riveting, or diameter 
of rivet hole; 

h = pitch of rivets, in inches; where the pitch 
varies, the largest pitch is taken; 
i = thickness of plate, in inches; 

/ = factor of safety; 

n = number of rivets for a length of joint equal 
to hj 
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/ = distance from center of rivet to edge of 
plate, in inches, usually taken as d; 

St = ultimate tensile strength, in pounds per 
square inch of plate = 65,000 pounds for 
steel and 60,000 pounds for wrought iron; 

Sc = ultimate crushing strength per square inch 
of the plate = 90,000 pounds for steel and 
80,000 pounds for wrought iron; 

*Sr = ultimate shearing strength per square inch 
of rivets = 45,000 pounds for steel and 
40,000 pounds for wrought iron; 
jRti Re, and^x = ultimate strength of riveted joint for a width 
equal to for tension, compression, and 
shearing, respectively. 

The values of the ultimate strengths just given are average 
values for materials used in riveted joints. Whenever pos¬ 
sible these values should be replaced by values found by 
actual tests of the material to be used. 

30. strength, of Dap Joints, —Beginning with the 
first case, illustrated in Fig. 43 (a)y the possible modes of 
failure mentioned in Art. 29 will be considered in detail. 
By referring to Fig. 32, it will be seen that the area of metal 
between two rivet holes is (^ — d)t; its resistance to rupture 
is {h — d) iSti therefore, 

= {k-d)iSt (1) 

In the second case. Fig. 43 (<^), the resistance of the rivets 
to shear is the next point to be considered as a possible 
cause of failure. The shearing area of a rivet is .7854 if*, 
and as there is only one rivet in the length the shearing 
resistance of the rivets is equal to .7854<f*5ri or, 

R, = .7854 (2) 

In the third case, Fig. 43 {c), the resistance to crushing of 
the parts located in front of each rivet will depend on the 
projected crushing area of the rivet; that is, the area of the 
projection of the rivet shank on a plane parallel to its axis. 
In the present case, this area is dt. The resistance to 
crushing for the length h is dt and 

R^^diSt (3) 
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In the fourth case, Fig^. 43 (<f), the resistance to shear of 
those parts of the plate situated in front of the rivet holes is 
considered. Here, the distance /, Fig 32, between the 
center of the rivet hole and the edge of the plate must be 
taken into consideration. The part exposed to shear is 
nearly of prismatic form, having a width nearly equal to 
with a length I, As shearing will take place along two sides 





of this prism, the total shearing area is 2 / /, and the resist¬ 
ance to shear is 

Rs=^US, (4) 

The requirement necessary to prevent the fracture con¬ 
sidered in the fifth case, Fig, 43 (e)y will depend somewhat 
on the nature of the material and whether the holes were 
punched or drilled. Considering the part in front of the 
rivet as a beam subjected to bending, calculations show that 
the margin w, Fig. 32, should be equal to Ady in order that its 
resistance to fracture will equal the shearing strength of the 
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rivet. As it is common practice to make m at least equal to d, 
the resistance to fracture at this place is reasonably ample, 

31. If the margin of a joint is ample, it is customary to 
consider only the first, second, and third cases, represented 
by formulas 1, 2, and 3, Art. 30. In order that each part 
of the joint will be equal in strength, the values of R, as 
found by these formulas, should be equal. The suitable 
values of rf, t, and h may then be found by equating the 
values of Rt, R„ and Rc. 

32. In determining the diameter of the rivets, it is 
desirable to find one that will give the rivet equal resistance 
against shearing and crushing. This may be done by 
equating R, and Rc in formulas 2 and 3, Art. 30. Thus, 

.7864 5, = dtSc 

As the shearing resistance of a rivet varies as the square 
of its diameter, and the resistance to crushing varies directly 
as the diameter, it follows that if the diameter is made 
smaller than that found by formula 1, the resistance to 
crushing will exceed that of shearing, and if the diameter 
is greater, its shearing resistance will be the greater. 

To find the distance h that will give the plate a tensile 
strength between rivet holes equal to the shearing resistance 
of the rivets, combine formulas 1 and 2, Art. 30; or, 
{h^d)tS, = .7864^* .Sx 

Then,- h = d'+ d (2) 

t St 

In this instance, it is assumed that the diameter of the 
rivet is equal to or smaller than that found by formula 1, 
and that, therefore, its resistance to siiearing equals or is 
smaller than that to crushing. If the rivet has a diameter 
larger than that found by formula 1, its crushing resistance 
must be taken into account, and the values of Rt and Rr m 
formulas 1 and 3j Art. 30, must be equated. Then, 
{h-d)tSt = dtSc 
^ 4" *Sx) 


and 


( 8 ) 
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33. In double-riveted joints, such as shown in Figs. 33 
and 34, all rivets contained in a length h of the joint (see 
Fig. 34) are supposed to participate m the shearing and 
crushing stresses. Therefore, in Figs. 33 and 34, there will 
be two rivets subjected to shearing, and the crushing stress 
will be distributed along a length of plate corresponding to 
that located on front of two rivets. In determining the 
tensile strength of the plate, only that part included between 
two rivets in one row is considered, and formula 1, Art. 30, 
may therefore be used for this joint also. 

The shearing resistance of the rivets is 

j?, = 2 X .7864 ^“5, = 1.67 ^*5*, (1) 

The resistance of the joint to crushing is 

jR,= 2dtSc ( 2 ) 

If the plates have the same thickness as those of a single- 
riveted lap joint, the rivets may either be placed farther 
apart or they can be of smaller diameter. 

Equating the values of jRs and 

d = 1.27 ^ (3) 

Ox 


Equating the values of J?/ and Ht, 


^ 1.57 d'Ss 

iSt 


(4) 


If d is taken larger than the value found by formula 
then, following the method given in Art. 32, 

St 


3, 


The transverse pitch Fig. 33, should have a minimum 
value of Ah\ it is generally Jbh to .66//. For the joint, 
Fig. 34, hx should not be less than 2d and is preferably 2,hd 
for boilers and 3 d for structural work. 


Example 1 ~A single-riveted joint is to be made with -^-inch 
wrought-iron plates. Find the rivet pitch and the diameter of the 
rivet hole. 

t S 

Solution.— From formula 1, Art. 32, = 1.27 From 


Art. 29, Sx — 40,000 lb., and Sc = 80,000 lb.; hence, 


d = 


1.27 X A X 


80,000 

40,000 


.79 m. 



MACHINE DESIGN, PART 2 


35 


If the nearest smaller size available is J in , then formula 2, 
Art. 32, IS used for ascertaining A, if the next larger size, such as 
in., then formula 3, Art 32, is used. As = -J- in.. 


h = .7864 X {f)“ X 


40,000 - 

^ X 60,000 ^ 


1.88, or l!, in., nearly 


If = -H" 

H X (60,000 + 80,000) 
60,000 


h 


2.113, or2-|’, in., nearly. Ans. 


Example 2.—If a double-riveted lap joint is to be made with the 
plates in example 1, what will be the pitch? 


Solution. —From formula 3, Art 33, it is seen that the nvet 
diameter remains the same. Prom formula 4, Art. 33, 

„ 167X (i)‘X 40,000 


fs X 60,000 


+ -J = 3 In. Ans. 


34. Sti'engrth of Butt Joints. —The butt joint with a 
single cover-plate, shown in Fig. 37, consists practically of 
two lap joints, each being a joint between the strap and 
a plate. The formulas applying to a single lap joint may 
therefore be used for each half of the butt joint. To prevent 
the cover-plate from bending, its thickness is increased by 
at least one-eighth that of the plates, and its tensile and 
crushing resistances will be greater. 

The butt joint with two cover-plates, shown in Fig. 38, 
has an advantage over a lap joint or over a butt joint with 
one cover-plate, in that it is free from the tendency to bend 
the plates. In addition to this, the rivets are subjected to 
double shear. This style of joint is therefore considered 
very strong, but it is expensive on account of the work 
required to drill so many holes and to drive so many rivets. 
In first-class work, however, the required strength of joint, and 
not the cost, should determine the type of joint to be used. 

The tensile resistance of the plate along the outer row of 
rivets is the same as that of a lap joint, and is found by 
means of formula 1> Art. 30, 

Ji, ^ (h-d)iSt (1) 

There are two rivets in a length A subjected to double 
shear. The fact that these rivets are in double shear does 
not make them twice as strong as rivets in single shear. 
The ratio between the strength of a rivet in double shear to 



36 


MACHINE DESIGN, PART 2 


that in single shear is 1.75, according to the British Board 
of Trade and the Canadian rules, while the Hartford Steam 
Boiler Insurance and Inspection Company uses and advo¬ 
cates a ratio of 1.85. In the succeeding calculations, a value 
of 1.75 will be used. The total resistance of the rivets is 
therefore taken as 

= 2 X 1.75 X .7854^*5. = 21bd'Ss (2) 

The resistance of the plate to crushing will be 

Rc = 2dtSc (3) 

The value of d that gives the rivet an equal shearing and 
crushing resistance is found by equating formulas 2 and 3, 
or 2.75^j?*Sf = 2diSe 

when (4) 

To ascertain the pitch that will give the joint equal 
strength against rupture and crushing, formulas 1 and 3 
may be equated as follows: 

{h d) tSt = 2dtSc 

when h = ^ (6) 

The combined thickness of the butt straps should be more 
than that of the plate. Single butt straps should be at 
least it. For double straps, the minimum thickness should 
be 8 ty if no rivets are omitted in the outer row. In the 
latter case, the straps should be increased in thickness in the 

ratio . For the joint in Fig. 41, calculations show 

h --2d 

that the straps should be 1. When the joint must be calked, 
the outer strap should not be made less than from i- to ‘A’ inch 
thick, and both straps are usually made of the same thickness. 
If the straps are of unequal thickness, it is customary to 
calculate the thickness of the thinner strap as if both straps 
were of the same thickness. 

364 The double-riveted butt joint shown in Fig. 39 
differs from the joint shown in Fig. 38 in that the rivets in 
the outer rows do not pass through the outside cover-plate, 
and that they have a greater pitch than those in the inner 
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rows. In this instance, the distance h between the rivets in 
the outer rows is generally taken as the pitch and as the 
width of the unit strip. 

The joint may fail by tearing along the outer rows of 
rivets, and the strength of the plate required to resist this 
failure may therefore be determined by formula 1, Art. 30, 
that is, 

Rt = {h--d)tSi ( 1 ) 

The failure might occur by shearing two rivets Fig. 39, 
in double shear and one rivet d in single shear. As in 
Fig. 38, the resistance of a rivet in double shear is taken 
as 1.75 times its resistance in single shear. The resistance 
of the joint to shear will therefore be that of two rivets in 
double shear, equal to 2 X 1.76 = 3.5 in single shear, plus 
one rivet in single shear, or of 4.6 rivets in single shear. 
Then, the resistance to shear is 

Rs = 4.5 X .7854 d'Ss = 3.63 ^5, (2) 

The failure might be caused by tearing the plate along 
the inner row of rivets and shearing the outer row of rivets 
in single shear. Then, if Rts represents the resistance to 
tension and shearing combined, 

Rts = (A-2^)/5‘,+ .7864 i“5. (3) 

The failure might be from crushing the plate in front of 
the three rivets in the distance h. Then, 

Rc^ZdtSc (4) 

Finally, the failure might be from crushing the plate in 
front of two inner rivets and shearing one of the outer 
rivets in single shear. Then, letting Res represent the 
resistance to crushing and shearing combined, 

Res = 2 .7864^^-5. (5) 

Equating the values of Rs and Rc^ then 
3.53 d^Ss = ^dtSc 

and 

Equating the values of J?t and i?., then 

= 3.53 if S. 


( 6 ) 
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K = 


For double-riveted butt joints with zigzag riveting, and 
for chain riveting with alternate rivets omitted in the outer 
row, the transverse pitch is usually 

4<f-f 1 
2 

For zigzag riveting with alternate rivets omitted in the 
outer row, similar to Fig. 39, the least value of 

VdlA-t-20rf) {& + 20d) 

20 


= 


( 8 ) 


36. Efficiency of a Riveted Joint.—By efficiency of 
a riveted joint is meant the ratio of its strength to that 
of the solid plate. In the preceding calculations of strength 
of joints, the pitch and the dimensions of rivets and plates 
were chosen so as to make the joint of equal strength against 
tensile, shearing, and crushing stresses. It is then imma¬ 
terial which one of these strengths is compared with the 
strength of the solid plate in order to ascertain the efiS.ciency, 
though it is customary to consider the strength of the plate 
between the two rivets in the outer row. Considering a 
width //, Fig. 32, the area of the solid plate is h t, and that 
of the metal between the rivet holes is {h — d) If y is 
the efficiency of the joint, then 

(/% - ^) / 

^ hi 


or 


y = 


h 


The efficiency of the riveted joint should be considered 
for all cases of riveting. 

Example. —In a single-riveted lap Joint, the rivet holes are J-J inch 
in diameter and the pitch of the rivets is 2 inches. What is the 
ciency of the Joint? 

h^d 

h • 


Elution.—^A pplying the formula y 

2 -f 


.66, nearly. Ans. 

37. Practical considerations often demand that some of 
the dimensions be changed; consequently, the three values 
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of i? will no longer be equal. For instance, a riveted joint 
of sufficient strength may have a distance between rivets so 
great that it will be difficult to secure a tight joint. Smaller 
rivets, more closely spaced, may then be required. Like¬ 
wise, it is possible that the commercial sizes of plates and 
rivets may not correspond to those demanded by the for¬ 
mulas, and that other sizes must be substituted. In such 


A J 

cases, the formula would not represent the efficiency 


of the joint, and it would be necessary to ascertain also the 
other efficiencies. The lowest one of these efficiencies would 
then be considered as that of the joint. 

By increasing the number of rivet rows in combination 
with an increased pitch in the outer row, the efficiency of a 
joint is generally increased. For this reason. Fig. 41 repre¬ 
sents one of the most efficient joints in practical use, but it 
is also an expensive one on account of the number of holes 
and rivets required. 



38. strength, of Cylindrical Shells.—Before showing 
the application of the preceding formulas, it will be neces¬ 
sary to state briefly the requirements as to the thickness of 
shells exposed to internal pressure, such as boilers, reser¬ 
voirs, etc. The ultimate strength of such shells may be 
computed by using the formula p D = 2/5*/, the derivation 
of which was shown in Strength of Materials^ Part 2. In this 
formula, 

P = pressure, in pounds per square inch; 

D = diameter of shell, in inches; 

i = thickness of shell, in inches; 

St = ultimate tensile strength, in pounds per square inch; 

/ = factor of safety. 

S 

Then, the safe working stress is and 



For shells subjected to internal pressure, the factor / is 
generally taken from 4 to 6. 


1 L T 375—a 
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Solving for St in the formula just 

Solving for 

2i kbj* 


given, 

( 1 ) 

( 2 ) 


In the riveted joints used on a shell, distinction is made 
between those that run parallel with the axis and others that 
run around the shell. The first are termed longitudinal 
seams and the latter glrtb. seams. 

The length of a girth seam is equal to the circumference 
of the shell, or 3.1416 Z?, and the sectional area of the shell 
along a girth seam is 3.1416/?^. Its ultimate resistance 
to rupture is 3.1416 and its safe working strength 

3.1416 


The area on which the pressure p acts to produce a 
girth rupture is .7854 Z>*r hence, the pressure tending to 
produce a rupture is .7864 p. For the area located 
along the line where rupture would take place, the two 
expressions indicating pressure and resistance must be 
equal. Therefore, 

.7864Z?*ji> = 3.1416 


or 


c _ pDf 
4 / 


(3) 


Formulas 1 and 3 prove that for a given pressure the 
stress in the shell is twice as great in the longitudinal seam 
as it is in the girth seam. For this reason, the efficiency of 
a girth seam need be only one-half as great as the efficiency 
of the longitudinal seam, in order to furnish equal resisting 
strength to a given internal pressure; this explains why girth 
seams are single-riveted, while longitudinal seams of the 
same shell are double-riveted. 


39. Desigrn of Riveted Joints.—As an example of the 
application of the formulas relating to riveted joints, let it be 
required to design the riveting and to find the thickness of 
the shell intended for a compressed-air reservoir 3 feet 9 inches 
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in diameter and working under a pressure of 160 pounds per 
square inch, assuming a factor of safety of 6. The longitu¬ 
dinal seam is to be a double-riveted butt joint, as shown in 
Fig. 39, and the girth seam, a single-riveted lap joint. The 
factor of safety refers to the solid plate. In a perforated 
plate, the factor will be smaller, depending on the eiBSciency 
of the joint. If this efficiency is about 80 per cent., the actual 
factor of safety will be nearer 5. 

It is assumed that the material to be used is steel, and 
that its properties have been ascertained by special tests, 
whereby the following values were found: St = 66,000 pounds; 
Sc = 90,000 pounds; and 5, = 46,000 pounds. 

The thickness of the shell will be found from formula 2, 
Art. 38; thus. 


160 X 46 X 6 
2 X 66,000 


.39 inch 


The nearest commercial size is A inch, which is the value 
given /. 

By equating the values of Rc and Rc in formulas 2 and 4, 
Art. 36, the smallest allowable value for the diameter d for 
this style of joint will be obtained. Thus, 

SMd^Ss = 3diSc 


On solving for dy 


d = = 74 inch 

3.63 5, 3.63 X 46.000 

As this is the smallest allowable size, a 4-inch rivet would 
do, but the driven size had better be taken larger; a H-inch 
rivet hole is therefore preferable. 

By equating the values of Ru and Rcc in formulas 3 and 6, 
Art. 36, a value for h can be obtained. Thus, 

(A-2^)2f5,+.7864^/-5, = 2^/5, + .7864^5, 

Then, {h — 2d) tSt = 2dtSc 

and 

from which 

«= 4.284 = 4-i^ in., nearly 
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From formula 8, Art. 35, 

. _ V(llX4* + 20X^f)X(4A + 20xi^) 
‘ 20 

= 1.81, or lil, inches, nearly 


40. From the formulas given in Art. 36, the values Rt, 
-Rsit and may now be calculated. The smallest 
value will determine the efficiency of the joint. 

From formula 1, Art. 36, 

= (4A — -M) X X 65,000 = 84,219 pounds 
From formula 2, Art. 35, 

7?, = 3.63 X (if )*X 46,000 = 104,860 pounds 
From formula 3, Art. 36, 

Jis, = (4* - li) X A X 66,000 + .7864 X (if)* X 46,000 
= 88,000 pounds 
From formula 4, Art. 35, 

i?tf = 3xifXTVx 90,000 = 96,977 pounds 
From formula 6, Art. 35, 

= 2 X if X A X 90,000 + .7864 X (if)* X 46,000 
= 87,316 pounds 

Of these values, is the smallest, and will therefore 
determine the efficiency of the joint. The strength of the 
solid plate is 

AiSt = 4i^ X X 65,000 = 103,770 pounds 
Hence, the efficiency of the joint is 

^ ^ .81 
103,770 

From Art. 38, the efficiency of the girth seam need not 
be more than one-half that of the longitudinal seam. Retain¬ 
ing rivets of the same size, and making the pitch h in the 
single-riveted lap joint one-half that of the longitudinal seam, 

h = = 2-^ inch 


The efficiency is 


y = 


2W — if _ ( 
2 ^ 


As this is considerably more than half the efficiency of the 
longitudinal seam, the girth seam will be amply strong. 
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The real factor of safety of the shell is affected by the 
efficiency of the riveted joint. The safe strength of the shell 

at the long^itudinal joint for a width ^ is (A — and for 

the two sides of the shell 2{h — d) This value must be 

equal to the internal pressure for the length A, which hpD. 
Hence, 

hpD = 
and 

2(4A - if) X X 65,000 ^ g 
hpD 4T®ff X 160 X 46 

If the joint is perfect in design and workmanship, the 
strengths at the various possible places of failure should be 
equal; or, to be on the safe side, the value should be 
greater, as it is not always practicable to make the rivet holes 
in the shell plates and cover-plates come absolutely fair; con¬ 
sequently, the rivet sections would be reduced. As a rule, 
perfect equality of the strengths is difiScult to obtain, because 
the commercial sizes of plates and rivets must be used; and 
these do not alwayls correspond to the sizes required by the 
formulas. 

41. In the joint under consideration, it is assumed that 
the cover-plates are of such thickness as to prevent their 
failure before the steel plate. To insure this condition, the 
thickness of each cover-plate should generally be at least 
five-eighths that of the shell. In this instance, therefore, 
thei> should be at least A X i = inch. The nearest 
value to this in sixteenths is A inch. 

The mode of failure of the cover most likely to occur is 
the tearing of the inside cover-plate at the inner row of 
rivets, the shell plate freeing itself by shearing the rivets in 
the outside cover-plate. 

The resistance of the cover-plate is 

(4A - ll) X Ax 55,000 = 46,191 pounds 
The resistance of the two rivets in shear is 
2 X ,78545, = 2 X .7854 X (H)* X 45,000 = 46,664 pounds 
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The total resistance is 46,191 + 46,664 = 92,866 pounds, 
which IS greater than Rt, 

For a quadruple-riveted joint, such as is shown in Fig. 41, 
the thickness of the cover-plate must be at least three-fourths 
as thick as the shell plate; otherwise, the efficiency will be 
lowered by the mode of failure just mentioned. 

It should always be remembered that the pitch and rivet 
diameter found efficient for a shell plate of a given thickness 
and strength may be entirely unsuited for a plate having 
different thickness and strength. 

42. Tables of Riveted Joints.—Table IV, at the end 
of this Section, gives the proportions of riveted joints used 
by a number of the leading manufacturers in the United 
States. The table is applicable to lap joints, and butt joints 
with a single cover-plate. For boiler plates more than 2 inch 
thick, butt joints with two cover-plates are recommended. 
The efficiencies y in this table are obtained from the formula 
of Art. 36. The terms single and double refer to single- 
and double-riveted joints, respectively. For example, the 
efficiency of a double-riveted joint made of i^-inch plates 
is .74, and the pitch h is 3f inches. In calculating the 
efficiencies given in Table IV, it is supposed that the pro¬ 
portions of the joints and the properties of the material are 
such that the single-riveted joints will fail by tearing along 
the single row of rivets, and the double-riveted joints by 
tearing along the outer row of rivets. 

Table V, at the end of this Section, gives the size, arrange¬ 
ment of rivets, and width of lap for various thicknesses of 
sheets in single-riveted lap joints, such as used on tanks, 
stacks, etc. For rectangular tanks, this table also gives the 
distance between the center of rivet and outside of tank, 
likewise the radius of curvature of the corners in same. 
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STRUOTURAXi EIYBTING 

43. Distinctive Features.—Structural riveting 
deals with the fastening of rolled shapes, such as beams, 
angles, etc., to one another or to plates by means of rivets. 
This class of riveting has much in common with that used 
where internal pressure must be resisted, both in regard to 
the kinds of joints and the shapes of the rivets. The differ¬ 
ence between them lies in the fact that structural riveting 
allows more freedom in the selection of pitch; the distance 
between the rivets is of secondary importance, the main 
object being to employ a sufficient number of rivets to gam 
the requisite strength. The pitch, however, should not be 
so great as to allow moisture to enter the joint, resulting in 
the production of rust, and should rarely exceed 6 inches. 
The minimum pitch is determined by the necessary clear¬ 
ance of the riveting tool, and by the danger of causing 
cracks in the plate between the holes during the punching 
or riveting process. 

44. Rivet Heads.—The forms of rivets found in 
structural work are of less variety then those used in shells 
and tanks. The principal forms are: (1) the button head, 
also called round head, or full head; ( 2 ) the counter¬ 
sunk head; and (3) the flattened head, which is made 
by flattening the button head, and is used in extreme cases 
where a round head would be too high. 

46. Shop and Field Rivets.—Distinction is made 
between shop nveis and field nvets. Shop rivets are those 
driven in place in the shop, and field rivets, those that 
have to be inserted at the place of erection. Shop rivets are 
made of soft steel, while field rivets are of wrought iron, 
because this material is less likely to be damaged in heating, 
and also because considerable heat is lost in passing the 
rivets from the forge to the riveters, thus reducing them to 
a temperature that would be too low to work on steel. 

46. Diameter of Rivets.—Rivets used in structural 
work vary in diameter from f inch to 1 inch, being made in 
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i-, i-, f-, i-, I-, and 1-inch sizes. The i- and i-inch rivets 
are most frequently used, the smaller sizes being employed 
only on unimportant details, or where the clearance will not 
allow the insertion of larger ones. Rivets larger than 

inch are used only where the plates are very thick or the 
stresses very great. Field rivets should never be more than 
I inch. 

On account of the difficulty in punching holes of smaller 
diameter than the thickness of the plate, the diameter of the 
rivet should not be less than the thickness of the thickest 
plate through which it passes. Rolled sections with small 
flanges necessitate the use of small rivets, so as to allow 
enough margin and sufficient space for the tool in driving 
the rivet. When the size is not determined by the conditions 
just mentioned, a rivet should be chosen that will resist the 
existing stresses and at the same time be the least expensive. 
It is cheaper to use one kind of rivet throughout a piece, 
and the smaller rivets are less expensive, as they reduce the 
weight and the cost of punching and driving. The standard 
sizes used by the Cambria Steel Company in I beams, 
channels, and angles are given in Table VI, at the end of 
this Section. 

As to the relations between the diameters of rivets and 
the corresponding rivet holes, the explanations given in 
Art. 20 hold good. Holes are not drilled except in very 
important work, or when hard steel is used. 

47. Dimensions of Heads. —The height and diameter 
of a rivet head bear the following relations to the diameter 
of the rivet: 

For button heads, when d is the diameter of the rivet, the 
standard height of the head is .6^/, and the radius of the 
head is + inch. These dimensions are shown in 
Fig. 44. 

For countersunk heads, the diameter of the head is the 
same as for a button head, and its bevel is 60°. A simple 
rule is to make the depth equal to Countersunk rivets 
should not be used in plates having a thickness less 
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than \d. Where economy is to be con¬ 
sidered, their use should be avoided if 
possible, as the extra work in counter¬ 
sinking makes them expensive. 

For flattened heads, the height is never 
less than * 5 ^ inch. 

48. Liengtli, or Grip. —The maximum 
grip, or distance between heads, is 
generally accepted as not more than four 
times the diameter of the rivet. In deter¬ 
mining the length to be given in ordering 
rivets, first find the grip, which is con¬ 
sidered as the thickness of the parts jomed 
plus -sV inch for each joint between plates; 
this -gV inch is to allow for unevenness in 
the surfaces of the plates, which might pre¬ 
vent them from being in close contact. 
This grip must be increased in the ratio of 
the area of the hole to the area of the rivet 
section, to allow for upsetting, the hole 
being iV inch larger in diameter than the 
rivet. To this result must be added the 
height required for the head, and the sum is 
the length of rivet under the formed head. 

The values given in Table VII, at the end of 
this Section, have been calculated in the man¬ 
ner just described. To illustrate the appli¬ 
cation of this table, two examples are given. 

It IS desired to find the shank length of 
a 4 -inch button-head rivet with a grip of 
2i inches. Proceed horizontally from the 
value 2 j in the first column of the table 
to the vertical column headed i; in this 
column the value 3| is found, which is the 
required length of the shank. 

If the shank length of a countersunk 
rivet is to be ascertained, a certain amount 


Pio. 44 
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has to be deducted from the value given in the table. The 
amount of this deduction is found at the foot of the table. 
For instance, if the shank mentioned m the preceding 
example is that of a countersunk rivet, then the amount i, 
which is found at the foot of the vertical column headed 
is to be deducted. The shank length of a f-inch countersunk 
rivet is therefore 3f — I = 3 inches. 

Note —The nght-hand illustration at the head of Table VII indi¬ 
cates the length that is considered as the grip of a countersunk rivet. 

49. Pitch.. —The pitch, or distance from center to center 
of rivets, should be at least three diameters of the rivet. If 
spaced closer, the material is likely to fracture or become 
otherwise injured. For members in compression, the pitch 
in the direction of the stress should not be greater than 
6 inches, or sixteen times the thickness of the thinnest out¬ 
side plate. If possible, the pitch should be kept in even 
inches, making it either 2, 3, 4, 5, or 6 inches, as the case 
may require, especially when the rows are long. 

In Table VIII, at the end of this Section, are given the 
maximum and minimum pitches for rivets of different sizes 
and the minimum and usual distances from the end. 

60. Distance ot Rivet From Edge of Plate. —In 
order to avoid the danger of fracturing the material, rivets 
should not be placed too near the edge or end of the plate. 
Owing to the greater strength of wrought iron in the direc¬ 
tion of the fiber, however, rivets in wrought iron may be 
placed nearer the edge than the end. According to practice, 
the distance between the edge of any piece and the center 
of the rivet hole should not be less than li inches for and 
i-inch rivets, except in bars less than 2i inches wide; when 
practicable, this distance should be at least two diameters of 
the rivet for all sizes and should not exceed eight times the 
thickness of the plate. A simple rule is to make the end 
distance twice the diameter of the rivets and the side 
distance i inch less than this. 

51. Clearance.—A certain amount of clearance is 
required for tools in forming the heads of rivets in shapes 
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having short flanges. For a l-inch rivet, the distance from 
the center of the rivet to the back of the angle should not 
be less than li inches; and for a i-inch rivet, this distance 
should not be less than inches. The perpendicular dis¬ 
tance between the center line of a rivet in one leg of an 
angle and the top of a rivet head on the other leg should 
not be less than li inches. 

52. Seam Connections.—In Figs. 45, 46, and 47 are 
shown the details for I-beam connections of several sizes 
used in structural steel work. They are designed so as to 



be strong enough to resist the downward pressure at the 
ends, due to the safe load supported by the beam, provided 
the span is not unusually short. In that case, the beam would 
be able to sustain a greater load than the connection. 

Fig. 45 shows connection angles bolted to a 16-inch 42-pound 
beam, the mark # being a conventional sign for pounds. 
The several dimensions of the beam section abed are not 
given, for, in practice, they are determined by the weight 
of the beam per foot. The necessary dimensions will be 
found in the catalog of the maker whose beams are to be 
used, in which the dimensions of the connections for a given 
size of beam are also given. 
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The distance gh, locating the vertical center line of the 
rivet holes from the back of the angles, is the standard 



Fio 46 


distance employed by most steel mills for this size of angle. 
It will be noticed from the right-hand view that the connec- 




PiG 47 


tion angles are extended outwards i inch from the end of 
the beam, so that when the angles are bolted against the 
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supporting beam, they will fit against it square and not be 
kept away by the projecting end of the beam, which may 
be cut somewhat roughly. 

Fig. 46 shows the connection of a 12-inch I beam to one 
16 inches in depth. This type of joint is always used in the 
construction of steel-beam floor systems, and is the standard 
connection for the sizes shown. In Figs. 45 and 46, bolts 
are shown instead of rivets, but either may be used. The 
bolt holes shown in solid black in Fig. 46 indicate held bolts 
or rivets. 

Fig. 47 shows the connection of an 8-inch beam to one 
16 inches in depth. This connection differs somewhat from 
the construction shown in Fig. 46, in that the beams ai*e 
flush on top. When a beam connection has the flanges of the 
two beams flush, the auxiliary beam must be cut as shown 
at e,i,g, so that its web will fit under the flange of the 
principal beam and the angle connection can be made rigid. 

In the notes on the angles indicating their dimensions, as 
2 Angles 4" X 4" X I" X 12", in Fig. 46, the last value 12" 
refers to the length of the angle. All the rivets or bolts in 
these views are f inch in diameter. 

Noth —When beams are intended for the support of heavy loads 
and for long spans, they are built up of plates and angles securely 
riveted together. By this means, the matenal may be distnbuted in 
the most advantageous manner, to obtain the requisite strength with 
a minimum of weight Beams constructed m this manner are called 
girders The long, straight, parallel upper and lower members are 
called flanges, and the vertical plate connecting them is the web If 
the latter is replaced by braces, the horizontal members are termed 
chords A chord usually consists of several angles and plates. Chords 
and braces are shown in Figs. 48 and 49. 

63. Rivets in Single Shapes.—There is some difficulty 
in riveting single shapes, such as bars, angles, etc., to other 
parts so as to provide proper connections at the ends. 
Therefore, in order that the efficiency of the metal will be a 
maximum, the rivets should be arranged so as to make the 
net cross-sectional area of the bars, etc., as great as possible. 
The rivets should be placed symmetrically with respect to 
the axis of the piece, and its cross-section should be reduced 
as little as possible. 
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In Figf. 48 (a), the cross-section of the plate taken along 
or parallel with the line a b is reduced by only one or two 
rivet holes. Where the rivets are arranged as shown in 
Pig. 48 (3), a section at right angles to the axis of the mem- 



Pio 48 


her in most cases cuts three rivet holes; consequently, this 
design is not so efficient as the one shown in (a). 

To give the greatest strength, angle irons should be 
attached through both legs, and the rivets should be 
arranged symmetrically, as in plates. Fig. 49 shows the 
detail as it is usually made. These joints are all supposed 
to be in tension. 


64. Joints In Compression. —If it were possible to 
fit the single shapes in Fig. 48 so as to abut against a project¬ 
ing angle of the horizontal 
member, a compressive stress 
could be transmitted entirely 
by the single bars, and the only 
use of the rivets would be to 
hold the parts together. But 
as a perfect fit cannot be insured, 
the entire stress is assumed to 
be transmitted by the rivets, 
and the calculations are the 
same as for rivets in tension joints. The only difference is 
that there is no deduction made from the cross-section for 
rivet holes, as the rivet completely fills the hole and trans¬ 
mits the stress. 


looooooo 
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Where several bars under compression are joined together 
to transmit the stress, it is necessary sometimes to have the 



Fig. 60 

longitudinal pitch less than in tension joints, so as to avoid 
the danger of buckling the plates between the rivets, as 
shown in Fig. 50. 
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TABTjB I 

TAPERED KEYS AJ^D KEY SEATS FOR MARINE ENGINES 
{Newport News Shtpbinlding and Dry Dock Company) 


- h -^ 



Diameter of 
Shaft Inches 
d 

Inch 

b 

Inch 

i 

Inch 

Inch 

Diameter of 
Shaft. Inches 
d 

Inches 

b 

Inches 

t 

hH 

Inch 

i 


A 

A 


s 


f 

4 

f 

i 

i 

A 

A 

i 

si 

if 

f 

4 

i 

i 

A 

A 

A 

i 

5i 

lA 

t 

4 

t 

i 

■is 

A 

■A 

i 

Si 

lA 

it 

A 

f 

I 

A 

A 

A 

i 

6 

If 

it 

A 

t 



i 

A 

A' 

6i 

lA 

i 

A 

A 

li 

f 

i 

A 

A 

6i 

If 

i 

A 

A 

if 

f 

i 

A 

A 

61 

If 

i 

A 

A 



i 

A 

A 

7 

lA 

if 

A 

i 

If 

A 

A 

\ 

A 

7i 

if 

it 

A 

i 

2 


A 

i 

A 

7i 

lA 

i 

I 

i 

2i 

A 

A 

i 

A 

7i 

lA 

i 

I 

i 


f 

i 

i 

i 

8 

If 

t 

t 

i 

2f 

1 

f 

i 

i 

H 

If 

it 

f 

A 

3 

tt 

A 

A 

' i 

8i 

If 

it 

f 

A 

3i 

i 

A 

A 

i 

8i 

If 1 

it 

f 

A 

si 


A 

A 

i 

9 

If 

I 

A 

A 

3f 

if 

i 

A 

A 

9i 

if 

I 

A 

A 

4 


i 

A 

A 

9i 

if 

lA 

A 

t 

4i 

it 

A 

i 

A 

9i 

2 

ifs 

A 

t 

4i 

I 

A 

i 

A 

lO 

2 

I^ff 

A 

t 

4i 

I 

A 

i 

A 




1 



Note.—T aper of key = ^ inch per fooc. 
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TABLE n 

SQUARE KEYS AJJD KEY SEATS FOR MACHINE TOOLS 
( Wm, Sellers <Sf Company) 



Size of Key 

Size of Key Seat 

Diameter of Shaft 

Inches 1 

Inches 





Inches 






d 

t 

1 

1 

2 

i and under 


A 

1 

A 

A 

ito H 

i ! 

8 

i ! 

A 

I to IlV 

1 ^ 

A 

A ! 

A 

li to itV 

X 1 

4 

A 

* 

f ! 

i 

to iH 


A I 

A 

ifir 

if to aA 

_3_ 

1 6 

A 

A 

-h 

2 f to 2 H 

A 1 

A 

A ! 

A 

2 i to 3 ff 

ii 


a 

a 

4 to 5 T^ 

if 

H 

u 

a 

si to 

if 

H 


n 

7 to 8-16 

iiV 

lA 

lA 

if 


Note —The dimensions of keys for shafting, as adopted by 
Wm Sellers & Company, may also be derived from this table, if 
the values for t are increased by inch. In this table, the key seats 
in the hub and the shaft are of equal depth, some manufacturers 
prefer to make the depth of the key seat in the shaft equal to f. 
In computing, the length of the key seat is one and one-half times 
the nominal diameter of the shaft. 
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TABLE in 
TAPER PINS 


Num¬ 

ber 


Diameter at 
Large End 
Inch 


.156 

.172 

.193 

.219 

.250 

.289 


Approximate 

Fractional 

Sizes 

Inch 

* 

u 

■xV 

■jV 

i 


Num¬ 

ber 


6 

7 

8 

9 

10 



TABLE IV 

PITCH AND EFEICIENCT OF RIVETED JOINTS 





Pitch 



Thickness 

Diameter 

Diameter 

Tti oViRC 

Efficiency of Joint 

of Plate 

of Rivet 

of Hole 

• JlU^JJCO 

£ 


Inch 

Inch 

Inch 

A 



t 

d! 

d 








Single 

Double 

Single 

Double 

i 

1 

■H 

2 

3 

,66 

.77 

A 

H 


2A 

38 

,64 

.76 

i 

i 


2i 

si 

,62 

.75 

■ft" 

a 

i 

2A 

3I 

.60 

.74 

i 

i 


2i 

si 

.58 

.73 
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TABLE V 

STANDARD SINGLiS RIVETING EOR TANKS, STACKS, ETC. 
{Newport News Shipbuilding and Dry Dock Company) 





Thick¬ 
ness of 
Plate 
Inch 
t 


A 

i 

A 

i 

A 

f 

A 

i 

A 

f 

i 

J 



Pitch 

Inches 

Water- 

Ti^ht 

Joint 


1 2 I ij 

li « I 

li 3 

if 4 if if 

2 4 if iff 

2 i S if 

2f 6 2i 2 -^ 

2f 6 2i 2f 

3 7 2f 3 

3f 7 SA 

3i 7 af 3f 

3i 8 3 3f 

3i 3 3 4A 

3f 8 3 4i 

4f 9 3i 4f 

4i 9 3i 4if 


Dis- 

^ tance 

Length of Rivet 
of Lap From 
Non- Inches Side of 
Water- / Tank 
Tight Inches 

Joint 



Depth of Beam 
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maximum: siZB 


OF RIVETS IN BEAMS, 
AND ANGLES 


CHANNELS, 


I Beams 


Channels 


Angbs 


I 


•so. 

I 


^•g 


3 

5 50 

4 

7 50 

5 

9 75 

6 

12 25 

7 

15 00 

S 

17 75 

9 

21 00 

lO 

25 00 

12 

31 SO 

12 

40 00 


f 

i 

4 
I 

5 
i 
I 
4 
f 
i 


Depth of Beam 
Inches 

Weight per Foot 
Pounds 

Size of Rivet 
Inches 

Depth of Channel 
Inches 

1 Weight per Foot 
Pounds 

Size of Rivet 
Inch 

Length of Leg 
Inches 

•s a 

CO 


1. 

•83 

Q M 
1 

15 

42 00 

f 

3 

4 00 

1 

4 

4 

2i 

« 

15 

60 00 

i 

4 

5 25 

4 

I 

4 

2i 

4 

15 

80 00 

i 

5 

6 50 

4 

li 

4 

3 

i 

18 

55 00 

i 

6 

8 CX 5 

s 

lA 

4 

3 i 

I 

20 

65 00 

1 

7 

9 75 

5 

If 

4 

4 

I 

20 

80 00 

I 

8 

II 25 

4 

li 

4 

4 i 

1 

24 

80 00 

I 

9 

13 25 

4 

li 

4 

5 

I 




10 

15 00 

4 

2 

< 

6 

I 




12 

20 50 

4 

2i 

4 

7 

I 




15 

33 00 

4 

2ft 

4 
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table TII 

liBNOTH OF RIVET SHANK BEQXJIRED FOR UPSETTING 
AND TO FORM ONE RIVET HEAD 


I-* —Gnp -H 


!*•— - - >1 



H- Len^^/r - A 


Gnp 

of 


Diameter of Rivet 
Inches 


Gnp 

of 



Diameter of Rivet 
Inches 


Rivet 









Rivet 









Inches 


i 


f 


4 

I 


Inches 

i 

f 

4 

1 

3 

i 

I 

i4 

i 

1 

If 

i4 

if 

If 

2 

24 

24 

3I 

3i 

44 

44 

4f 

5 

Si 

S4 

sl 

1 

li 

If 

If 

li 

2 

24 

2i 

24 

34 

4 

4l 

4f 

5 

54 

54 

sl 

S4 

i 

li 

i4 

If 

2 

24 

24 

2f 

24 

3f 

4i 

44 

4f 

sf 

S4 

si 

54 

Sf 

i 

ij 

If 

If 

24 

24 

2f 

24 

2f 

3f 

44 

4f 

4f 

S4 

Si 

S4 

Sf 

sf 

I 

li 

If 

2 

2i 

2i 

24 

2S 

2i 

3f 

4i 

4f 

5 

Si 

S4 

sf 

s4 

5i 

li 

If 

If 

24 

2i 

24 

2i 

24 

2i 

4 

44 

4f 

sf 

S4 

Sf 

54 

sf 

6 


If 

2 

24 

24 

2f 

2f, 

2l 

3 

4i 

4f 

5 

S4 

Sf 

Sf 

sf 

6 

6f 

if 

ij 

a4 

2f 

2f 

2i 

3 , 

3 

34 

44 

4f 

sf 

sf 

sf 

Sf 

6 

6f 

64 

li 1 

2 

2i 

24 

2f 

3 

34 

34 

34 

4f 

4f 

54 

s8 

si 

6 

6f 

64 

61 

If 

2i 

2f 

aj 


34 

34 

34 

34 

44 

5 

5f 

sf 

6 

6f 

64 

61 

6f 

li 

2i 

24 

2f 

3 

34 

3t 

34 

3f 

4f 

54 

S4 

sf 

6f 

64 

61 

64 

61 


2f 

2f 


3l 

3f 

34 

3f 

3f 

44 

54 

sf 

6 

64 

64 

6f 

6f 

6f 

2 

2i 

2i 

34 

3f 

34 

3f 

34 

3f 

4i 

si 

sf 

6f 

64 

6f 

6f 

6f 

6f 


2t 

2j 

3f 

34 

3f 

3f' 

3f 

4 

5 

S4 

Sf 

64 

6f 

6f 

6f 

7 

7 

2l 

2i 

3 

3f 

3f 

3f 

3f' 

4 

44 

54 

Sf 

6 

61 

6f 

6f 

7 

7f 

7I 

2f 

2i 

34 

34 

3f 

3f 

4 

44 

44 

54 

Sf 

6f 

64 

6f 

7 

7f 

74 

74 

2i 

3 

3i 

3f 

3i 

4 

44 

44 

4f 

5 l 

Sf 

64 

6f 

7 

7f 

74 

7l 

7I 

2| 

3i 

34 

3f 

4 

44 

44 

4f 

44 

54 

6 

61 

6f 

7I 

74 

7l 

74 

7I 

2i 

3i 

3 & 

3f 

44 

4i 

4f 

44 

4f 

Sf 

6i 

64 

6f 

74 

7l 

74 

7f 

7f 

2j 

3i 

3i 

4 

4i 

4f 

44 

4f 

4f 

54 

64 

6f 

7 

7l 

7f 

7f 

7 f 

7f 

3 

34 

3i 

4f 

4f 

44 

4f 

4f 

4f 

Si 

61 

6f 

7f 

74 

7f 

7f 

7f 

7f 

34 

3i 

4 

4i 

44 

4f 

4f 

S 

s 

6 

64 

7 

74 

7f 

7f 

7f 

8 

8f 

3i 

3l 

44 

4f 

4f 

4f 

s 

S4 

S 4 










Amount, in 

Inches, i 

to Be Subtracted 

1 From Above Lengths for Countersunk Heads 


4 

1 

4 

4 

f 

f 

f 

f 


4 

4 

4 

4 

f 

f 

f 

f 


1 L T 375-5 
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TABLE Vm 
RIVBT SPACINO 


Size 

of 

Rivet 

Inch 


i 

i 

i 

i 

i 

i 



Maximum 

Maximum 

Minimum 

Pitch 

Pitch 

at Ends of 

Pitch in 
Flanges of 

Compression 

Chords and 

Inches 

Members 

Girders 


Inches 

Inches 

f 



li 



li 



li 

2i 

4 

2i 

3 

4 

2i 

si 

4 

3 

4 

4 


Distance From End of 
Piece to Center of Rivet 
Inches 


Minimum 


Usual 


li 


li 

if 


1 


2 
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Serial 997C (PART 3) Edition 1 

DESIGN OF JOURNALS AND BEARINGS 

JOURNALS 

END JOURNALS 

1. Journals are the cylindrical portions of rotating; 
pieces that turn within bearings and form the supports. 
Journals situated at or near the ends of a shaft, axle, or 
other rotating piece are termed end journals. Any journal 
situated between two end journals is called a neck journal. 

The ordinary form of an end Journal is shown in Fig. 1, and 
consists simply of a turned down part of the shaft, shoulders 



Fig. 1 Pio. 2 

being produced in this manner at each end of the journal, to 
prevent end play in the bearing. Sometimes, the same result 
is obtained without reducing the diameter of the shaft by 
forging collars at each end of the journal, as shown in Fig. 2. 

The length of the box, or brass, on which the journal rests, 
however, is often made slightly shorter than the journal, 
permitting a slight motion lengthwise, and thereby securing 
uniform wear. 


COFYmaHTBD my international textbook company, all RiaHTS RKBIIIVBD 
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SIZB AKD PROPORTIONS OF ENJD JOURNAIjS 


2. The chief element in the design of a journal moving 
slowly or intermittently is strength. When journals run con¬ 
stantly at considerable velocity, strength is not so important a 
consideration as durability and freedom from liability to heat. 

The dimensions of an end journal to give sufficient strength 
may be calculated by considering the journal as a cantilever 
uniformly loaded. 

Let I = length of journal, in inches; 

d = diameter of journal, in inches; 

P = total load on journals, in pounds; 

5* = safe stress of material in flexure. 

Then, from Strength of Materials^ the bending moment is 

w P PI SI 

, and the resisting moment is which for a 
2 2 c 

circular section is 


Hence, 


or, 



c _ c 
*id *32 

PI _ ^7ld* 

2 32 



Formula 2 gives the diameter of the 


( 1 ) 

( 2 ) 

journal when the 


ratio — is assumed. 
d 


Example. —Find the diameter and length of a wrought-iron journal 
on which there is a load of 1,200 pounds. Assume Si. = 8,600 pounds 

and ^ = 1.4. 
a 


Solution. —^Using formula 2, 

4/ = 2 26'^“!^ X 1.4 = 1 in , nearly. Ans. 
/ = 1 4 if = 1.4, say 1^, in. Ans. 


3. The bearing surfa<ce, or projected area, of a 
journal is the length multiplied by the diameter; that is, 
it is the area of the projection of the journal on a plane 
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perpendicular to the direction of the load P. The total load 
on the journal divided by the projected area gives the pres¬ 
sure per square inch of projected area— a quantity that will 
be denoted by p. 

Hence, p = -^,orP = pld (1) 

I a 

In order that the journal may not heat, the pressure p 
must not exceed a certain limit determined by experience. 
When this pressure is too great, the oil used to lubricate the 
journal is squeezed out, and the journal heats rapidly. 

From formula 1. Art. 2, 


P = 


7tS,d’ 


From formula 1, 
itS^d' 
16 / 


Hence, 


16/ 

P = pld 

— pid, or 7CSid* = IQpr 


and 


/ 

d 


'ttS, 

16 j> 


( 2 ) 


Substituting this value of - in formula 2, Art. 2, and 

d 

reducing. 


= / 4/^ 

Prom formula 1, 


1.6^ 


/ = 


dp 


^P 

(4) 


(3) 


Formula 3 may be used to compute the diameter of a 
journal when the pressure p per square inch of projected 
area is fixed. The length may then be obtained from 
formula 4. 

Example —Compute the length and diameter of a steel journal 
sustaining a load of 12,000 pounds The safe stress 5*4 is 14,000 pounds, 
and the pressure per square inch of projected area is not to exceed 
760 pounds. 

Solution. —^Using formula 3, 


L.6\i 


12 , 00 ^ 


= 2 89, say 2j, In. Ans. 
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TAJBLB I 

PRESSURE ON BEARINGS AND SDIDES 


Kind of Journal Bearing 


Pressure p per 
Square Inch of 
Projected Area 
Pounds 


Bearings subject to intermittent load at slow 
speeds, such as crankpins of shearing 

machines. 

Crosshead neck journals; motion oscillating , 
Crosshead neck journals in locomotives 

Crankpins (slow engines). 

Crankpins (fast engines). 

Crankpins (marine engines) .... 

Crankpins (locomotives). 

Crankpins (small land engines) . . 

Main crank-shaft bearings (slow) . . 

Mam crank-shaft bearings (fast). 

Locomotive driving-axle journal. 

Flywheel-shaft bearings. 

Eccentric straps. 

Railway-car journals. 

Locomotive and tender axle bearings .... 
Line shafting on cast-iron steps (Sellers) . . 

Pivots ... . 

Collar-thrust bearings (slow). 

Collar-thrust bearings (fast). 

Slides, cast iron on Babbitt metal. 

Slides, cast iron on cast iron (slow) . . . . 
Slides, cast iron on cast iron (fast) .... 
Steel or iron shaft on lignum vitae; water 
lubrication. 


3,000 

8 oo to 1,400 
1,500 to 2,000 


800 to 

900 

500 to 

800 

400 to 

500 

,200 to 

0 

0 

00 

M 

ISO to 

200 

300 to 

450 

200 to 

300 

180 to 

350 

150 to 

250 

80 to 

100 

250 to 

300 

200 to 

250 

50 


700 


70 to 

80 

50 to 

70 

200 to 

300 

60 to 

100 

40 


350 
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4. The pressure p per square inch of projected area 
may be taken at from 400 to 800 pounds when the joumat 
runs constantly at a speed under 150 revolutions per minute. 
For journals that run slowly or intermittently,may be much 
greater, while for journals that run faster than 150 revolu¬ 
tions per minute, the pressure p should vary inversely as 
the number of revolutions. That is, letting N = number 

of revolutions per minute, / = ^ where ^ is a constant. 

Another consideration affecting the allowable pressure p 
is the direction of the load. In some journals the load acts 
only in one direction, generally downwards; in others, as, 
for example, crankpins and crosshead pins, the direction of 
the load changes at every revolution. In the latter case, the 
pressure p may be twice as great as where the load acts in 
one direction only, because the change in the direction of the 
load permits a more perfect lubrication of the bearing. 
When, however, the direction of the load is variable, the 
safe stress 5** must be taken smaller than when the direction 
is constant. 

5. The values of p for different kinds of journals, accord¬ 
ing to Unwin, are given in Table 1. 

For journals not given in Table I, the value of p must be 
determined by the judgment of the designer. The value 
adopted should seldom exceed 760 pounds. For journals 
running faster than about 160 revolutions per minute, p 

TABLE II 

SAFE WORKING STRESSES ON END JOURNALS 


Direction of Load Constant 


Direction of Load Variable 


Material 


Safe Working 
Stress 

5 . 


Material 


Safe Working 
Stress 
5 . 


Steel 

Wrought iron 
Cast iron 


14,000 

8,500 

4,000 


Steel . . . 

Wrought iron . 
Cast iron . . . 


12,000 

7,000 

3,000 
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should vary inversely as the number of revolutions. For 
example, if a given journal is allowed a bearing pressure of 
300 pounds at 150 revolutions, it should be allowed a bear¬ 
ing pressure of only = 180 pounds if it is required 

250 

to run at 260 revolutions. 

6. The permissible working stress 5* may be taken as 
given in Table II. 


NECK JOURNALS 


7. A neck Journal similar to an engine crosshead pin 
may be considered as a beam supported at both ends and 
uniformly loaded. Consequently, from Strength of Mate¬ 
rials, the bending moment is 

8 8 


Then, 


8 


S^Tzd ' 

32 


(see formula 1, Art. 2) 


^ -d - -i 

Formula 1 may be used to calculate a neck journal when 

- is given or assumed. 
d 


But, 

Hence, 


P — pdl (see formula 1, Art. 3) 

El = till = S^(P_ Qj. 1 ^ = . 886 a 

8 8 82 d \ 4p \ p 

Substituting this value of 1 in formula 1, 

d 


( 2 ) 


d 


= l.OQyj- 




(3) 


I = 


p d 


(4) 


From P = pdl. 

The same values for and p may be taken as for end 
journals. 

By comparing formula 3 with formula 3, Art. 3, it will be 
seen that for the same load the neck journal need be only 
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about two-thirds the diameter of the end journal. A com¬ 
parison of formula 2 with formula 2, Art. 3, shows that 

the ratio 4 in a neck journal is double what it would be 
a 

in an end journal. 


Note —In using formula 3, Art 3, and formula 8, Art. 7, it will 
be found most convenient to use logarithms. Thus, applying loga¬ 
rithms to formula 3, Art 3, it becomes 

log = log 1 6 + 4^[log P-^ (log p H- log 5*)] 

Example —Find the length and diameter of a wrought-iron neck 
journal, the load being 9,600 pounds and variable in direction. Allow 
a bearing pressure of 600 pounds per square inch. 


Solution —Using formula 3, 

rf = 1 06yj 


9,600 

V600 X 7,m 

or, log d = log 1.06 -h i [log - i (log p + log S.)] 

= .02631 -1- i [3 98227 - i (2 77815 3 84610)] = .36063 

Whence flf = 2 294 = 2J-5-, or 2-i^, in., nearly. Ans. 

, P 9,600 _ 


8 . Sometimes, simply as a matter of taste, it may be 
desirable to make the length of a journal greater than the 
calculated value. To give the journal the same strength, its 
diameter must be increased in the proportion given by the 
following formula: 



where I and d are the original and h and the new lengths 
and diameters, respectively, of the journal. 

For example, suppose that a wrought-iron end journal is 

subjected to a load of 350 pounds. Assuming 4- = 1.4, the 

d 

dimensions of the journal will be 

i = 2.26^1 X i - 2.26^^ X 1.4 - .6426 toci; 

/ = \Ad ^ 1.4 X .5426 = .7596 inch 
Hence, call the diameter inch and the length f inch. 
Though a journal of these dimensions would be suffi¬ 
ciently stiflE and durable for the load, it is rather small to 
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look well. Suppose the length is made double the calculated 
value; that is, It = 21. Then, from the formula just given. 

di = = .6426 *{^2 = .6837, or H, inch nearly; 

= 2 / = '2 X i = 1 a inches 

TRICTION OF JOURNALS 

9. When relative motion takes place between two sur¬ 
faces in contact with each other, and subjected to more or 
less heavy pressure, as in a bearing and a journal, a certain 
amount of energy is expended in overcoming the frictional 
resistance to motion. This energy is continually trans¬ 
formed into heat; the temperature of the journal and bear- 
mg will therefore increase until a point is reached where the 
heat is dissipated as rapidly as it is produced. Thus, in 
designing a journal, the question is not alone that of giving 
it suflScient strength, but also that of so proportioning it 
that it may freely radiate the heat developed. 

10. The work expended in overcoming the friction of a 
journal is 

W = .2Q/PNd foot-pounds per minute, 
where / is the coefficient of friction, and N the revolutions 
per minute. 

It is therefore apparent that with the same load and speed, 
the work expended against the resistance of friction is 
directly proportional to the diameter of the journal. 

In order to illustrate how the dimensions of .a journal 
afEect its heat-radiating qualities, a comparison will be made 
between two journals of equal lengths, but having different 
diameters, one being 2 and the other 4 inches. The load P 
is the same for both journals, but the unit pressure p on the 
larger journal will necessarily be one-half that on the smaller. 
The frictional resistance of both journals will be the same, 
as the total pressures P on the journals are equal; but the 
amount of work lost in friction and converted into heat will 
not be the lame. If both journals make the same number 
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of revolutions per minute, the circumferential speed of one 
IS twice that of the other, and as the amount of work per¬ 
formed is the product of the resistance and the distance 
through which the resistance is overcome, it follows that 
the energy lost in revolving the larger journal is twice that 
expended on the smaller one. The temperature attained by 
both journals will nevertheless be the same, because the 
4-inch journal has a radiating surface twice as great as that 
of the 2-inch one. As should be clearly seen, not only is no 
advantage derived from an increase in diameter, but, on the 
contrary, by reason of the enlarged surface, a greater amount 
of energy is lost in overcoming the frictional resistance. If, 
on the other hand, the length of the 2-inch journal were 
doubled, the peripheral speed would remain the same, and 
likewise the energy lost in friction, but the radiating surface 
would be doubled. 

As another example, take two journals, one 2 inches in 
diameter and 6 inches long, and the other 4 mches in diam¬ 
eter and 3 inches long. They each have the same projected 
area; that is, 12 inches. The latter journal, however, requires 
double the work to overcome friction that the former requires, 
and, besides, contains twice as much material. Hence, the 
2" X 6" journal is preferable for a steady load. However, 
4® y 6 

the 4" X 3" journal is - -- = 16 times as strong as the other, 

2X3 

and would be preferred in situations where the load is variable; 
also, the journal is liable to shocks, as in the case of crankpins 
of high-speed engines. 

11. It must not be inferred from the preceding that an 
increase in the length of a journal will always overcome its 
heating tendency, and that in all’cases it would be useless to 
increase the diameter of the journal. A journal running 
slowly under heavy pressure might heat less by increasing 
its diameter and thereby reducing the unit bearing pressure. 
On the other hand, the advantage derived from increasing 
the length of a journal may be lost by a tendency of the 
journal to bend, whereby an excess of pressure is produced 
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at one place, followed by a rise in temperature. By reason 
of the various points to be taken into consideration, it is diffi¬ 
cult to give uniform rules regarding the relation between 
length and diameter of a journal. In general, the diameter 
is made as small as the requirements for strength will allow, 
while the length is made sufficient to keep the bearing pressure 
within the limits found by experience to be safe. 

12, The height of the journal collars, Fig. 1, may be 

<f = -^ + i inch 

The width of the outer collar is e. It is good practice 
to turn the journal with a fillet in the corner, as the shaft or 
axle is more liable to crack and fracture if the shoulder is 
turned with a square corner. The fillet may be outlined by 
a circular arc drawn with a radius equal to 

PIVOTS AND COLLAR JOURNALS 

13. Pivot. Journals. —A pivot Journal is shown in 
Fig. 3. This type differs from an ordinary journal in that 

the direction of pressure is paiallel with 
the axis of the shaft instead of perpen¬ 
dicular to It. Thus, the bearing area 
is the area of the end of the pivot; that 
is, .7864 d\ 

The diameter of a flat pivot may 
therefore be found at once by assuming 
a value for the pressure per square inch 
of projected area and solving for the area. The formulas 
in Table III give good results for ordinary cases: 

Let P — load on pivot; 

d — diameter of pivot; 

N = revolutions per minute of pivot. 

Example —What should be the diameter of a steel pivot on gun- 
inetal bearings, the load being 200 pounds, and the number of revo¬ 
lutions 320 per minute? 

Solution.— 

d = SXAWN = 001 V 200 X 320 = 1 m., nearly Ans. 
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The difficulty met with m pivot journals is the unequal 
wear of the rubbing surfaces. This is caused by the differ¬ 
ence in velocity between parts near the axis of rotation and 
other parts near the periphery of the journal, the velocity of 
any particular part being proportional to its distance from 
the axis of rotation. As the resulting wear of the rubbing 
surfaces is directly proportional to their respective velocities, 
it follows that the parts farthest away from the axis of rota¬ 
tion will wear away more quickly. The result is that the 


TABLE III 

FORMULAS FOR PIVOT JOURNALS 


speed 

Wrought-Iron 
or Steel Pivot 
on Gun-Metal 
Bearing 

Cast-Iron Pivot 
on Gun-Metal 
Bearing 

Casb I —Pivot turn¬ 



ing very slowly or 
intermittently. 

d - 035 VP 

d - 01 

Case II—Revolu¬ 



tions per minute 
less than 150 

flf = 05 Vp 

d — .07 

C 4 .SE III—Revolu¬ 



tions per minute 
more than 150 . , 

d = QOi\^PN 

. 


Iron or Steel on Lignum 
Vitffi Bearing, 
Moistened With Water 


‘ • 

( 1 ) 

d = .035 Vp 

( 2 ) 

d = 035 Vp 

(3) 


central part of the journal will be gradually exposed to an 
excess of pressure, followed by abrasion and, possibly, 
crushing. 

14. Collar Journals.—To reduce the extreme differ¬ 
ences in velocity between the portions of the bearing surface 
nearest to and farthest from the centers, it is customary to 
make use of only the outer part of the rubbing surfaces and 
to make them ring-shaped. This is the theory on which 
collar Journals are based, the aim being to make the collar 
shallow, thereby avoiding great differences in velocity. In 
journals exposed to very heavy pressure, the bearing surface 
is made great enough by increasing the number of collars. 
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A journal with one collar is shown in Figc 4, and one with 
several collars in Fig:. 5. 

Let dx = diameter of collars; 
d = diameter of shaft; 
b = number of collars; 

p = pressure per square inch of projected area; 

P = total load, or thrust. 

Then, .7864 = P 

The value of p is usually taken at 60 pounds per square 



inch for the thrust bearings of propeller shafts, and this 
value should not be much exceeded in any case. 


Then, 


or, 




47 b 




The number of collars b depends on the judgment of the 
designer. The larger the number, the smaller is the diam¬ 
eter, and the less will be the wear and work of friction. 
However, when many collars are used, there is danger of 
bringing all the thrust on one or two. 

In Fig. 5, the dimension — d). Usually the thick¬ 

ness t of the collars is .8^, and the width s of the space is 
equal to the thickness unless the annular encircling rings k 
are hollow for water circulation or unless they are lined with 
white metal. In the latter case, ^ = 2 to 2^ 
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X:XAMPL.£:S FOR PRACTICE 

1. Find the proportions of a cast-iron end journal that turns slowly 

under a steady load of 16,000 pounds, assuming the length equal to 
the diameter. Ans. 4f in. X 4f m. 

2. Find the proportions of a wrought-iron end journal that turns 

under a load of 8,600 pounds, assuming the safe pressure per square 
inch of projected area to be 660 pounds. The direction of the load is 
variable. Ans 3 in X 4j^ in. 

3. Find the dimensions of a steel neck journal, working under a 

load of 12,000 pounds, direction variable, the allowable bearing pres¬ 
sure to be 1,200 pounds per square inch. Ans l| in X 6-i*V 

4. Find the minimum dimensions of a wrought-iron end journal, 

the required conditions being that the bearing pressure shall not 
exceed 760 pounds and that the length shall be one and one-fourth 
times the diameter The load on the journal is 9,600 pounds, and 
variable in direction. Ans 3:J- in X 4 in. 

Note —By uBlcg formula 3, Art 8, for solving: example 4, the diameter Is found 
to be inches, nearly By substituting: the value for d in formula 4, Art 3, 

P 

I Is found to be equal to 4 Inches, but as the quotient in this instance is greater 

than 760, which is the value of p, the values oftfor/mustbe adjusted to gfive the desired 
pressure Making: / = 4 Inches, the required value of cf may be found by trans¬ 
forming: formula 4, Art 8, into the form d = —. when d = 32 inches, or sj inches, 
nearly Ans 

5. Find the diameter of a wrought-iron pivot running in a gun- 

metal bearing at a speed of 80 revolutions per minute and bearing a 
load of 800 pounds. Ans. m. 

6. Assuming that five thrust collars on a shaft 10 inches in diam¬ 

eter are subjected to an end thrust of 20,000 pounds, find the diameter 
and thickness of collars. f^i = 13.6 m. 

1 / = 1^^ in. 

16. Conical Pivot Journals. —When the bearing sur¬ 
face of a pivot journal is conical in shape, as in Fig. 6, it is 
termed a conical pivot Journal. Examples of these bear¬ 
ings are found on lathes and similar machines where the end 
thrust of the journal is not excessive. 

The angle 2 ^, Fig. 6, of the pivot point does not affect the 
unit pressure p\ this pressure is the same as that of a journal 
having a flat end whose area is equal to the projection of 
the conical surface on a plane perpendicular to the axis of 
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the jo-arnal. This can be proved in the following manner; 
In Fig. 6, the load P may be resolved into the two com¬ 
ponents 5*, ^ acting at right angles to the bearing surface, 
it being supposed that the load is acting in these two direc¬ 
tions only. Then, 



P 



and 

25 = ^ ( 1 ) 

4/ 



If A is equal to the 
surface area of the 
conical point, then 



As the active part 
of the point is the 
frustum of a cone, 
the area 

A = i (2;r jTi + 2;r?'a) 


Fig. 6 


{bt — ai) 


Expressing the lengths bi and aim terms of r,, r^y 



the formula will be 


A = i(2 7rri + 27rra) 




or, A = -^{r^-r,‘) (2) 

sin^ 

2 

Inserting this value of ^4 in the formula p = 



25 

(r.* - r:) 


25 

A' 
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According to formula 1, 

25 = 


Therefore, pz= 

It is seen that the angle u is eliminated from this formula 
and that it therefore does not affect the unit pressure. The 
value — represents the annular surface produced 

by projecting the conical contact area on a plan perpen¬ 
dicular to the pivot axis. 


BEARINGS WITH SLIDING ERICTION 

16. Solid Journal Bearings. —The simplest form of 
bearing for a journal is merely a hole in the frame that sup¬ 
ports the rotating piece. Such a bearing is shown in Fig. 7. 



Fig 7 Fig 8 


Motion endwise is prevented by two collars, one of which 
may be forged on the shaft, and the other made separately 
and held in place by a setscrew or pin. A boss is cast on 
the frame, as shown in the figure, in order to give the 
journal the necessary length and bearing area. 

Such a bearing has no means of adjustment to take up the 
wear; for this reason it is better to use the form of solid 
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bearing shown in Fig. 8. Tn this bearing the hole is bored 
out larger than the journal and is lined with a bushing made 
of brass or other metal. The wear thus comes on the 
bushing, which can easily be replaced. 

17. Divided Bearings.—In many cases, solid bearings 
are undesirable, and in others it will be impossible to use 
them. The bearing is then divided, and the parts held 
together by bolts; when this is done, the parts of the bush- 


t 



Fio 9 


ing are called boxes^ or brasses. The division of the bearing 
permits its adjustment for wear. 

The load on a bearing usually acts constantly in one 
direction, and the bearing should be divided so that the line 
of division is perpendicular, or nearly so, to the direction of 
tlie load. Fig. 9 shows various methods of dividing the 
boxes. At A and B the direction of the load is vertical; 
consequently, the boxes are divided horizontally. 

Naturally, the wear will come on the top and bottom of 
the boxes, and the hole will become oval, with the long 
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diameter vertical. The boxes are then screwed closer 
together until the hole regains its original circular form. 
The necessity of making the division perpendicular to the 
direction of the load is thus apparent. At C the direction 
of the load is oblique, and the adjustment perpendicular to 
it; at D the direction of the load is oblique also, but the 
lynxes are divided to allow a horizontal adjustment. 

In Fig. 10 is shown a simple form of divided bearing; it is 
made of cast iron, with no separate boxes, but with means of 
adjustment. The bearing forms part of the frame of the 
machine. This type of bearing is used only in cheap work. 
Sometimes, however, the bearing has a recess, or groove, 
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cast in it, which is filled with Babbitt metal, on which the 
journal rests. The proportional unit for this bearing is 
^ = l.lbd+ A 

The dimensions / and d of the bearing are the same as 
those for the journal; the other proportions are given in terms 
of the unit s, and are shown in the figure. 

18. Boxes, or Brasses.—Carefully made bearings are 
always lined with so-called boxes, or brasses, which are 
made of brass, gun metal, phosphor-bronze, white metal, or 
Babbitt metal, although other alloys are also used. The boxes 
when worn out may be easily replaced, and being made of 
softer material than the journal, the latter wears but very little. 
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An ordinary form of box is shown in Fig. 11. A part of 
the bearing at each end is made octagonal in cross-section. 
This part is fitted into an octagonal recess in the pillow-block^ 
or pedestal, which holds it, and the boxes are thus prevented 
from turning. Sometimes, the octagonal parts are dispensed 
with, and the boxes are turned in a lathe, the pillow-blocks, 
or pedestals, being bored to receive them. It is then 
necessary to provide the boxes with lugs, or pins, to prevent 
them from turning. 

These boxes may be made according to the following pro- 


e Ml Ot 



PiQ. 11 

portions, in which d, the diameter of the journal, is the 
proportional unit: 

^ +A in.; ^ 

c = id? + A in.; h — \d\ 

e = i in.; k = l^d] 

£ = iV d\ d = diameter of journal 

The dimension a should be made to fit the pillow-block 
for which the boxes are intended. 

Boxes should be well supplied with grooves and channels, 
so that oil may be conducted to every part of the journal. 
It is a good plan to place a groove parallel with the axis of 
the journal in the upper half of the bearing, or top box, so as 
to be in direct communication with the oil holes; then, the 
advancing side of the journal will always carry a thin film of 
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oil along- with it. The grooves may be from i to i inch 
wide, according to the size of the journal. 

19. Lining for Boxes.—Boxes for large bearings are 
often lined with Babbitt, or some other antifriction, metal. 
Experience has proved that a bearing will run cooler when 
so lined, probably because the antifriction metal is softer and 
thus accommodates itself to the journal more readily than 
the more rigid metal, mostly brass, of which the boxes are 
made. 

Some of the common methods of lining the boxes are 
shown in Fig. 12. At (< 2 ), the Babbitt metal is shown cast 



Fig 12 


into shallow helical grooves; at (^), into a series of round holes; 
and at (^), into shallow rectangular grooves. Consequently, 
the journal rests partly on the brass and partly on the Babbitt 
metal. 

In cheap work, the bearing is frequently simply lined with 
Babbitt metal. A mandrel, the exact size of the journal, is 
placed inside the bearing, and the melted Babbitt metal is 
poured around it. In better work, a smaller mandrel is used. 
After the metal hardens, it is hammered in; the bearing is 
then bored out to the exact size of the journal. 


PEDB8TAX.S 

20. The names pedestal, pillow-block, bearing, and 
Journal-box are applied indiscriminately to one form of 
bearing, and mean a support for a rotating piece. 

21. A form of bearing frequently used for small shafts 
is shown in Fig. 13. It consists of two parts: the seat 
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that supports the journal, and the cap that is screwed down 
to the seat. This bearing is lined with Babbitt metal, or, as 
it is commonly expressed, the bearing is babbitted. The cap 
is held in place by capscrews—an invariable method in small 
pedestals. 

22, The proportioning of a pedestal is largely a matter 
of experience. Few or none of the parts are calculated for 



Pig is 

strength. All the proportions of the pedestals that follow 
are based on the diameter d of the journal as the unit; the 
length of the bearing is the same as that of the journal. 

For the bearing shown in Fig. 13, the following pro¬ 
portions may be used for sizes of journals from i to 2 inches 
in diameter, inclusive. The diameter d of the shaft is 
the unit. 






2: 


Fig. 14 
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Ot = 2.25 d\ 
b = 1.75 ti; 
c = d; 
e = .375 

/= .08^/+ .0626 in.; 
.? = 1.75 d; 
h = 2.45^7; 
i = 

J=.^^d-, 

k = .26+ .125 in.; 


/ = .08 rf; 

vt = .25^4- .1875 in.; 
n = .5 d) 

o = .625 in. (constant); 
P = 1.5 <7; 

S’ = 1.333^7; 
r = .08 d; 

s = .126 in. (constant); 
i = .16 rf; 
u = 1.333^7; 

.125^7. 


23. In Fig. 14 is shown a common form of pedestal used 
for somewhat larger journals than the one shown in Fig. 13. 
This pedestal consists of: (1) a foundation plate that is bolted 
to the foundation on which the pedestal rests; the plate 
is essential when the pedestal rests on the brickwork or 
masonry, but may be dispensed with when the pedestal rests 
on the frame of the machine; (2) the block that carries the 
brasses and supports the journal; and (3) the cap that is 
screwed down over the brasses. The bolt holes in both 
the foundation plate and the block are oblong, so that the 
pedestal may be readily adjusted. 

The following pioportions may be used for this kind of 
pedestal, with journals from 2 to 6 inches in diameter, 
inclusive. An oil cup having a 4 --inch pipe tap shank may 
be used on pedestals for journals having diameters from 
3 to 4 inches, and S-inch pipe tap shank for larger sizes up 
to 6 inches in diameter. The diameter d of the journal is 
the unit. 


Notb. —The shanks of oil cups and grease cups in the market are 
made with and -J-iuch pipe threads The amount of oil or 

grease the cup liolds when filled is usually expressed in ounces. 


a = 3.25 <7; 
b = 1.7517; 
c = d', 

£= .5 d; 

/ = .4375 d: 


g = .09 d\ 
h = .3126^7; 
i = .2517; 
j= .375 d; 
k = 1.0625 <7; 
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1 = 

.876 rf; 

j = .imd\ 

m = 

1.76 

t = .66 d\ 

n = 

1.26 rf; 

u = .76 rf; 

0 = 

.126 in. (constant); 

z- = 1.376^7; 


.876 ip. (constant); 

X — .26 d\ 

Q = 

.626 rf; 

y .h d', 

r = 

.26 

2=^ .0626 


24. Crank-Sliaft Pedestals.— The load on a crank¬ 
shaft bearing is due partly to the weight of the shaft and 
flywheel, and partly to the alternate push and pull of the 
connecting-rod. The direction of the resultant of these two 
forces is therefore more or less oblique; consequently, the 
pedestal is often divided obliquely. 


25. A pedestal of the kind just mentioned is shown in 
Fig. 16, and may be proportioned by taking the diameter d 
of the journal as the unit and using the following proportions: 


a = 2d \ in.; 

= l,2d+ 1 in.; 
d = 1.5^; 
c = ,22d+ .6 in.; 

=: ,ld-\- .25 in.; 

/ = .6 in. (constant); 

= .ld+ .26 in.; 
k = .9^; 

i — Aod+ .25 in.; 
j = .16^f-|- .376 in.; 

= .3 .625 in.; 

/ = A d .375 in.; 

m = ,2od\ 


= .3 d\ 

p = .25 d -f- .25 in.; 
py = .04 ^/; 
q = .35^; 

r — ,02 d + .3125 in.; 
s = .lfl?+ .25 in.; 

£ = ,73 d*f 

u = ,27 d-\- 1.126 in.; 
V = 1.45^; 
a/ = 1.75^; 
jr = .26^+ .626 in.; 
y = 1.3 (j/ -{- 1 in.; 

2 = ,23d+1 in. 


The line AB is at an angle of 45° to the base line. This 
jedestal, as shown, is babbitted. The Babbitt is held in 
place and prevented from turning with the journal by pro¬ 
viding the surfaces with which the Babbitt comes in contact 
with round projections, as shown. The projections are 
about 1 inch in diameter for the larger sizes of pedestals. 

To find the radius draw a line parallel with, and at a 
distance x above, the base line. The point of intersection 0 
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of this line with the line AB is the center of the arc having 
the radius e. The radius is found by trial. The center 
of the arc must lie on the line A B. With a radius + gi, 
describe an arc from the same center. Draw a line parallel 
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"by q and to the arc determined by +gi» The rib R may 
be used on all pedestals in which the diameter of the journal 
is above 6 inches. For 3- to 4-inch journals, o' may be 
tapped with a i-inch pipe tap; up to 6-inch journals, a f-inch 
pipe tap; up to 9-inch, a i-inch pipe tap; and all sizes above 
9 inches, a i-inch pipe tap. 

Two oil cups may be used on all bearings in which the 
diameter of the journal is above 8 inches. This style of 
pedestal may be used for journals from 8 inches up to 
15 inches in diameter, inclusive. 

26. Fig, 16 shows a pedestal suitable for the crank-shaft 
of a horizontal engine with journals from 8 to 20 inches 
in diameter. The block may be complete in itself, as shown 
in the figure, but more often it forms part of the engine bed. 

The box is in three parts, the cap, the cheek boxes, or cheeks, 
and the bottom box. The cheeks may be adjusted horizontally 
by means of wedges IV, and the bottom box may be raised by 
placing packing pieces under it. To obtain the dimensions 
of this pedestal, use the following proportions, which are 
based on the unit d, or the diameter of the crank-shaft journal; 


a = 

d -\-l in.; 

P 


.25 d + .626 in.; 

d = 

.b d +1 in.; 



1.75 d\ 

c — 

.66 d\ 



1.5 d\ 

d = 

.2 d] 

r 

= 

.15 d-. 

e = 

.826^— .26 in.; 

r' 

= 

.1 d-, 

/ = 

.6 d] 

rx 

= 

d\ 

g = 

d ,6625 in.; 

s 

= 

.%d\ 

h = 

,1 ^ -f- .25 in,; 

t 

= 

.15 d + .376 in.; 

h' = 

.08 d; 

t' 

= 

.9 d'. 

i — 

.11 d; 

u 


1.5 d‘, 

J = 

.625 in. (constant); 

V 

= 

.25 d + .376 in.; 

k = 

,b d -j- 1.25 in ; 

w 

= 

1.46 d-, 

/ = 

.376 in. (constant); 

w' 

= 

1.47 d\ 

m = 

.176 d+ .3125 in.; 

Wx 

= 

1.76 d\ 

n = 

w' = 

.25 d + .25 in.; 

A d + ,S7b in.; 


= 

■Wr, 

4’ 

0 = 

1 in. (constant); 

Wa 
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= 22^1 — 2 c' + 8 in.; y = ,2 d + ,h in.; 

jc = A d; 2 = .09 d; 

j/ = .3 ^ + .75 in.; y = 2.5 in. (constant). 

Taper of adjusting wedge = li inches per foot. 

The form and location of the wedge W are shown in the 
plan view, Fig. 16, and the perspective views. Fig. 17 {b) 
and (c). It will be noticed that the upper part of the 
wedge extends across the whole width of the pedestal, until 
it reaches the flanges of the cap and the cheeks which have 
corresponding recesses Fig. 17 [a) and [b). As shown 




in Fig. 17 {b), the bottom box has shoulders that make the 
recess narrower than those in the cheeks and cap. For 
this reason, the lower part of the wedge is made narrower, 
so as to enter the recess The perspective views will 
assist in locating the various parts and in understanding 
the peculiar shape of the cap, the view of the latter being 
partly broken away in order to show the lower central part. 


1 L T 375—11 
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The dimensions of the wedge may be found in the follow¬ 
ing manner; Lay ofiE the lengths t and e. Fig. 16, along the 
horizontal center line of the bearing, the difference between 
the two dimensions being equal to the thickness of the wedge 
along this line. Through the left-hand end of dimension i 
draw a vertical line equal in length to the lower end of the 



• Pig 18 


line beginning at the lower 
side of the cheek. As the 
taper of the wedge is 
I 4 inches to the foot, 
calculate the amount of 
taper for a length equal 
to h. Draw horizontal 
lines through the upper 
and lower ends of this 
vertical line, and along 
the upper line set off one- 
half of the taper to the 
right of the vertical line, 
and along the lower one, 
one-half to the left. By 
connecting these two 
points, the taper side of 
the wedge is determined; 
this side may now be 
extended upwards to any 
point desired, the bottom 
of the wedge being made 
flush with the lower side 
of the cheek. 

The center of the circle 
of diameter y, shown in 


the plan view, Fig. 16, should be approximately over the 


center of the adjusting wedge and far enough from the center 


of the large bolt to permit both nuts to be turned freely. 

Further details of the bottom box and the cap are shown 
in Fig. 18, in which the unit is the same as in Fig. 16, and 
the proportions are as follows: 
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a = 1 in. (constant); d — .1d\ 

b = 1.66 d— .h in.; e = d. 

c = .08 d\ 

The outlines of the dovetailed projections that hold the 
Babbitt lining in place are indicated by dotted lines. 

27. The foundation, or bed casting, IS shown in Fig 19(a), 
and has dimensions to suit the pedestal shown in Fig. 16. The 



(b) 

Pio. 19 


proportions for this foundation are as follows, the diameter d 
of the crank-shaft journal being taken as the unit. 

a = 2.45 7.25 in.; i — .05^+ .5 in.; 

^ = 2.3 + 5 25 in ; y = .05 + 1.125 in.; 

c = .5 d + S 5 in.; k = .06 d + .75 in.; 

e = B.5d + 2 in.; / = .25^ + .75 in.; 

/ = .25d + .5 in.; m = .4: d; 

^ = .25 + 1 75 in.; vd = .6 d\ 

h = .25 -f- 2 25 in.; 71 = 1.55 d -f 2.5 in.; 
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o — .26^+2 in.; 

= .25 fl? + .5 in,; 

= ,5d+ 4.5 in.; 
p = .08 
q = \J>d\ 

r = .15 fi? + .375 in.; 


s — .lhd+ .376 in.; 

/ = J^d\ 

u = .15^+ .876 in.; 
V — .2d; 
w = \.hd; 

X = 1.65 


Fig. 19 (^) shows a cross-section takc.in through two of 
the holes for the pedestal bolts, and explains the presence 


liiri 





of the dotted curve at the outside of the holes in the plan 
view. As shown at ^i, the fillet at the inside of the top has 
been milled away near the bolt hole, in order to make room 
for the pedestal bolt head and give the latter a flat bearing 
surface. 

28. Ball-and-Soeket Bearings.—The ball-and- 
socket bearing now largely used in the Qnited States was 
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first introduced by William Sellers & Co., of Philadelphia. 
This bearing has very long boxes made of cast iron bored to 
fit the journal. In some cases, however, the boxes are cast 
with a recess in which a Babbitt lining is poured to form a 
bearing surface for the journal. The boxes have a spherical 
enlargement at the center, which fits into con'esponding hol¬ 
lows in the block and cap, thus making a ball-and-socket 
joint, which leaves the box free to move slightly in any 
direction to conform to an inequality or want of almement in 
the shaft. When rigid boxes are used, they must necessarily 
be short on account of unavoidable deflections of the shaft 
due to belt pull, thrust of gearing, etc. Pivoted boxes, on 
the contrary, by reason of their flexibility, may be made 
long, thereby giving a large wearing surface and increased 
durability. 


29. Fig. 20 shows a pedestal with ball-and-socket bear¬ 
ing. The boxes are made of cast iron and have a length 
equal to four times the diameter of the journal. Ordinarily, 
the journal is lubricated through the oil hole in the center of 
the cap, but the top box also has two cups, which are filled 
with a mixture of tallow and oil that melts at about 100° F. 
If the bearing becomes heated, this mixture melts, and thus 
helps in the lubrication. 

The dimensions of this bearing are obtained from the 
following proportions, which are based on the diameter d of 
the journal as the unit: 


a = 2.375 
b = 1.76 
c = .875 
= 4: d\ 
d, = 1 . 1 ^; 
d^ = 1.25 -1- .6 in.; 
^ = 1.3^; 

/ = 1.65 

g = ,2d+ .25 in.; 
h> “ .2 d -j“ .375 in.; 
1 = .1875 fl?; 


;= 1.21 d\ 
k — .Sd+ .25 in.; 
ki = Ad+ .375 in.; 

/ = 1.33^; 
m ^ d + .125 in.; 
n = d; 

Ux = .125 in. (constant); 
0 ^ .25 d\ 
p ^ .?>d] 
px = .95 d\ 
p% d\ 
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p\ — d\ 
q = .07 d\ 
r = Ad\ 
n - Ad; 

s ~ .0625 in. (constant); 
t = 2.5626 d; 
u = 1 . 45 ^ 3 ?; 

Ux = 1 . 8 ^; 


2/ = .875 

w = .2fl?+ .376 in.; 

tt/i = 2.06 df; 

X = Aid + 2.5 in.; 

Xx = .1876 

= .26 rf + .375 in.; 
yx to be found by trial: 
^ - 1.6^af + .3126 in. 


WALIi BRACKETS AND HANGERS 

30. Wall Brackets.—A shaft must sometimes be 
supported by a bearing fixed to a wall or pillar. In such 
a case, the bearing is generally supported by a wall 
bracket. It will readily be seen that the bracket is a canti¬ 
lever with practically a uniform load, due to its own weight, 
and a concentrated load, due to the weight of the shaft; 
hence, the bending moment may be determined by the prin¬ 
ciples of strength of materials. 

In order that a cantilever shall be equally strong at all 

c / 

sections, the resisting moment — of that section must 

c 

be proportional to the bending moment at that section. 
Suppose the bracket in question to be a plate of a constant 
thickness b and a varying height //. Then, at any section, 
the bending moment 

M = ^ = iSbA* 

c t h 

Since i 5^ remains constant for all sections, h' is propor¬ 
tional to the bending moment; or, in other words, the height 
of a cantilever at any section should be proportional to the 
square root of the bending moment at that section. It can 
be shown mathematically that a cantilever of constant width 
should have a parabolic form when the load is concentrated 
at the end, and a triangular form when the load is uniformly 
distributed. In practice, a bracket or other machine part of 
the cantilever class is given a form that is often neither 
exactly parabolic nor triangular, but approximates closely 
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to one or the other, according to the taste and judgment 
of the designer. The bearing of the wall bracket may be 
made the same as in the hanger shown in Fig. 21. 

31, Hangers.—A hangex- is used when a shaft bearing 
is to be suspended from the ceiling. Fig, 21 shows a form 
of a hanger frequently employed. 

The frame of the hanger ife divided, and the parts are con¬ 
nected by bolts. With such a form the shaft may be more 
easily removed than when the hanger frame is a solid piece. 

The units for determining the leading dimensions of a 
shaft hanger are the diameter d of the shaft and the drop D 
of the hanger. The following proportions are suitable for 
shafts ranging from 1^ inches up to inches in diameter: 


A = 6d+ A5D; 

U= 2d-, 

= 2d + .03 D\ 

V= .5 d; 

= 4 + .35 Z?; 

W = .75 d\ 

C= 2d+ .3D-, 

X= .375 d-, 

£ = 2 + .25 Z?; 

Y = .25 d+ .126 in.; 

F= .6 </ + .01 D\ 

Z = .626 rf; 

F = 1.5 d+ .05 Z?; 

n = .16 d “b .375 in.j 

G = 1.26 d; 

ai = 2Ad + .3126 in.; 

(M 

11 

d = .08 d; 

II 

c = .126 d + .0626 in,; 

J= .125Z+ .01Z>; 

<? = .2d\ 

K = .6d + .5 in.; 

= .4 d\ 

Z, = .25 d + .5 in.; 

= .2 d\ 

M = .75 d+ .6876 in.; 

/ = .376 d + 1 in.; 

TV = .25 d+ .376 in.; 

/i = .09 fl? + .25 in.; 

0 =125 d-. 

^ = .76 d; 

0, = .094 d + .002 D-, 

g, = 1.3126 .125 in. 

P = .375 d + .008 Z); 

= 1.25^f + .1875 in.; 

Q = .375 d + .008 D\ 

z = .1 ^3?; 

R and T?, = (see note); 

/ = 25 d + .26 in.; 

5 = .25 d+ .006 D] 

j\ = .125 d + .0625 in.: 

5. = .126 d + .003 D; 

k = 22 d; 

T= .125 d+ .01ZP; 

II 

Ti = (see note); 

m = lAd+ .376 in.; 
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n d; 
o = .25 d\ 

0 ^ = .0626^; 

P = d\ 
px = .0625^; 

^ = Ad) 
qx = .15 d) 
r = 2.125^; 

.? = 1 5 
= .126^; 
i = 2d) 
ix .5 dj 
— d) 

U = . 25 ^; 
u — ,95 d) 

Thread of plugs = .6-iach 


tlx = .85 d) 

V = ,25 d + .125 in.; 

Vx = •5d) 
w — d) 

Wx — .126 in. (constant); 
X — ,25 d) 

, Xx = d) 

x^ = + 2 in.; 

y = 1.25 d) 

yx — .75 ^ + .0625 in., 
y^ — Ad-\- .0625 in.; 
z — .06^+ .25 in.; 

Zx = .12 i9? + .76 in.; 
z^ — .3125 in. (constant). 

pitch for all sizes. 


Noth. —To find Rx^ draw the arc y, also, draw the arc Q tangent 
to then, draw a straight line tangent to these arcs, and Rx will be 
the distance along the center line, determined by B included between 
this tangent and the upper face of the hanger. Having found Rx^ 
make R equal to it. 

The radius Tx is made equal to three-eighths the thickness at the 
middle 


The boxes of the ball-and-socket bearings shown in Figs. 20 
and 21 are made of cast iron, and are bored to fit the journal 
without lining. The ball, and the recesses in the ends of 
the plugs into which the ball is fitted, should be finished. 
The screw threads on the plugs. Fig. 21, may be either cast 
on the plugs or turned, the latter method being preferable. 

The spherical enlargement at the center of the boxes is 
held between the ends of two hollow cast-iron plugs, which 
are threaded at their outer ends and screw into bosses cast on 
the bracket. The boxes may be raised or lowered by screw¬ 
ing the plugs up or down. In order to turn the plugs, the 
hole at the end is made square to receive a key. When the 
plugs are in the desired position they are locked by setscrews. 

32. Pivot, or Footstep, Bearings.—Bearings that 
are used to support the ends of vertical shafts are known as 
pivot, or footstep, bearings. An ordinary pivot bearing 
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is shown in Fig. 22. The end of the pivot rotates on a 
disk A, which may be made of steel, brass, or bronze. The 
brass bushing B prevents the pivot from moving sidewise. 
The end of the pivot should be made of steel, and it may be 
flat on the end or slightly convex. The proportions are 



Pig 22 Fio 23 


given in terms of the diameter d of the pivot as a unit, and 
are as follows: 


flt = 

b = 1.5^; 

c — .25 d .375 in.j 
e = 1.25 

/ = .2fl?+ .126 in,; 

1.75 d; 
h = \Ad\ 


y = .4^; 

k = Ad\ 

I = .16 d\ 
m — lJ5d\ 

= .2 + .25 in.; 
0 = . 16 ^. 


33. Pivots Wltli Loose Disks. —^When pivots are 
required to run at great speed, the relative speed of the sur¬ 
faces in contact may be reduced by placing a number of 
loose disks between the pivot and the footstep, shown in 
Fig. 23. These disks are sometimes made slightly convex. 

If a is the number of disks and n the revolutions per minute 
of the pivot, then the relative speed of any of the surfaces 

in contact is —— revolutions per minute. Suppose, for 
a + 1 

example, a pivot runs at 3,000 revolutions per minute, and it 
is desired to reduce the speed between adjacent surfaces to 
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3 000 

750 revolutions per minute; then, 760 = —^— r, or a = iy 

a + 1 

the number of disks required. The pivot and disks may 
he lubricated by a channel, as shown in the figure. The 
disks may be made of gun metal or phosphor-bronze. Pro¬ 
portions are given in the figure. 


ROLIiER AND BADD BEARINGS 


ROLLKIt BEARINGS 

34, Rolling Friction.—In Fig. 24, C illustrates a 
cylinder at xhe center of which the force P is acting, com¬ 
pelling the cylinder to roll over the surface D and to revolve 

in the direction shown by the 
arrow v. As indicated, the 
surface D undergoes a cer¬ 
tain amount of deformation, 
which may be permanent, if 
the material is of a plastic 
nature, or only temporary, if 
the material is elastic and 
the compressive stress does 
not exceed the elastic limit. 
In the position shown, the 
point £ is lower than d, and 
in order that the motion may 
continue, the cylinder must revolve about d as an instan¬ 
taneous axis of rotation. The moment causing rotation is 
PX aby and the resisting moment is JVX bcy W being the 
load supported by the cylinder. These moments must be 
equal; hence, 

Px ab = Wx be, and/* = 

a b 

It be = g and the cylinder radius is r, then 

p^ 

r — ce 
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For hard materials, as used in bearings, the length ce is 
very small compared^with r, and may be left out of con¬ 
sideration. The formula then becomes 

_ 

P = —approximately 

This formula shows that the rolling resistance decreases 
with an increase of r. 

Very few experiments have been made to determine the 
value of g. Some tests give g a value of from .007 to 
.015 inch for steel wheels rolling on steel rails. 

As the rolling resistance between two polished metal sur¬ 
faces is very low, the advantage to be derived from this 
combination has been utilized in the construction of roller 
and ball bearings. In all bearings of this class, it is 
important that the rollers or balls, as well as the paths pro¬ 
vided for them, be of the greatest hardness and smoothness. 
For this reason, if the whole of the parts in contact cannot 
be made of the required hardness, it is customary to pro¬ 
vide them with linings that possess the requisite qualities. 


33. Cylindrical Rollers. —The principal parts of a 
roller bearing, with the accessory parts omitted, are shown 
in Fig. 25, {a) being a longitudinal section and (b) an end 



(a) Oi) 


Pio 26 

view. The part s may represent part of a shaft or journal sur¬ 
rounded by a series of rollers b, by which are held in position 
by means of the box /. In order that pure rolling may take 
piace, rne casing, rollers, and journal must be perfectly 
cylindrical; also, the axes yy of the rollers and the axis xx 
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of the journal must be parallel, and endwise motion of 
the rollers must be prevented. For the purpose of hold¬ 
ing the rollers parallel to one another and to the journal, 
various methods are in use, as slotted cylinders, or cages, 
rings with pins, and rods guiding and separating the 
individual rollers. 

Rollers may be conical as well as cylindrical. In order that 
true rolling may be insured with conical rollers, it is necessary 
that all the axes of rotation of the rollers shall intersect the 
axis of the journal at the same point, the position of which 
remains constant throughout a revolution of the journal. 

The application of this rule may be more clearly shown by 
means of Fig. 26,-where the rollers by as well as the journal 
are conical. The axes yyoi the rollers, produced, intersect 



the axis at a point c. If the position of this point is 
unaltered while the journal completes a revolution, true 
rolling takes place. 


36, According to the preceding rule, there are cases 
where true rolling should occur, but where, nevertheless, 
sliding friction is present. An instance of this kind is shown 
in Fig. 27, which may be considered as a variation of Fig. 26, 
the angle u being increased to 180® so that the axes 
and y^y^ are at right angles to xx. In Fig. 27, b-^ and sre 
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cylindrical rollers resting on the bearing plate i and supporting 
the circular end of the shaft If the rollers are guided by 
suitable means, such as a perforated disk, the intersection of 
the axes y^yx and y^y^ with the axis of the shaft will be 


X 



Pio 27 


at the point c, and the position of this point will be unaltered 
throughout a revolution of the shaft. 

Owing to the difference in peripheral speed between the 
points a and e at the end of shaft s, it is evident that the 
end ab oi the roller bx tends to rotate at a greater speed than 
the end de. As this is impossible, it follows that there must 
be relative motion between one end or both ends and the 
contact surfaces, which will result in 
friction. As the rollers are caged, 
they are compelled to revolve 
around the axis xx and, simultane¬ 
ously, to revolve around a vertical 
axis located anywhere between a 
and e, as at zs. This latter motion is termed spinnings and 
is one that must be eliminated as far as possible if the bear¬ 
ing is to be efficient and durable. 

Attempts have been made to obviate the injurious effect of 
spinning in thrust bearings, as in Fig. 27, by using a great 
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number of very short rollers having: rounded edgfes, as 
shown in Figf. 28. The difference between the circumfer¬ 
ential speeds at the two ends of the roller is then decreased 
to such an extent as to be of little consequence. 

Fig. 29 shows such rollers inserted in a cage^ or guiding 
plate of a thrust bearing. This cage is provided with 
rectangular openings and several series of rollers, as 
etc., and ^i, etc., every alternate series being so arranged 

relatively to the others 
that the paths of any two 
series do not coincide; 
consequently, the wear 
is more evenly distrib¬ 
uted. The axes of all the 
series converge toward 
the common center c 
located on the axis of the 
shaft. The cage e rests on 
a raised ^dge, or flange, d. 

Under certain condi¬ 
tions, thrust bearings of 
this kind have been very 
successful and have sus¬ 
tained very high pressures; 
both the rollers and the 
contact plates were made 
of hardened tool steel. 
Great care should be taken to see that the diameters of the 
rollers are perfectly uniform, and that the surfaces are 
absolutely plane and highly polished. 

37. Conical Tlirust Rollers.—If rollers having their 
axes at right angles to the axis of the shaft are to comply 
with the rules for true rolling, they must be made conical, 
and be proportioned according to the principles illustrated in 
Fig. 30 (a). That is, any roller constituting the frustum uf 
a cone will have a true rolling motion if its apex coincides 
with the apexes of the conical surfaces on which it rolls. 
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The apex angles u, of these surfaces do not have to be 
equal; they may be varied until one of them becomes 180°, 
as at Wa, Fig. 30 {b), and may he increased beyond 180° if 
necessary. 

It can be proved that if the roller 6. is to have a true roll- 


X' 



(b) 


Pio 30 

ing motion the following proportion must be complied with: 
ab : de — \ 

38, Axial Pressure of Conical Rollers. —In Fig. 31 
the shafts is revolving in the direction of the arrow, 
and is supporting a load /’that is transmitted to the bearing 
plate ^ by a series of rollers, two of which, b, b^, are shown. 
Two forces Px and will therefore be acting noimally to 
the sides of each roller. A resultant of these forces will act 
along the axis ce, tending to force the roller outwards; that 
is, away from the center c. Thus, a force A will have to be 
applied at so as to prevent a longitudinal motion of the 
roller. 
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The magnitude of these forces may be ascertained as 
indicated in Fig. 31 {b). Draw the line fg parallel to P, 
Let Po represent the portion of the total load carried by 
each roller, and to some given scale, make fg of a length 
representing the magnitude of A- Draw at right angles 
to fgy and from pointy line gh parallel to P^.. Then, the 
point of intersection h will determine the length of = Pi. 
As the action of Pi is opposed by the reactive force -ft, draw 



Pio. 81 


the line hi parallel to the latter, and from g, the line gi 
parallel to the axis ce. Then, gi will indicate the mag¬ 
nitude of the reaction ft required to hold the roller in place. 
It is evident that this force ft should be as small as possible, 
and that, therefore, the angle u should be as small as the 
conditions will allow. This angle should not exceed 15°. 

Example — In a roller thrust bearing similar to Fig. 31 (a), the 
pressure ft on each roller is 100 pounds. If the vertex angle u of the 
Toller is 16®, what will be the pressures ft and ft? 
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Solution. —In solving the problem graphically, it is sufficient to 
draw the portion corresponding to fgh. Fig. 31 (d). Draw a line 
f S't 31 (^)i representing the pressure of 100 pounds to any con¬ 

venient scale, as, for instance, 1 in =10 lb Therefore, fg=10 in. 
Lay off the angle fgh = ^ 71 = 7 ° 30', and draw gA, then, draw /A 
perpendicular to fg By measuring the lines according to the chosen 
scale. It is found that the line /A = -J- Pa = 13 17 lb , and, therefore. 
Pa = 26 34 lb. The normal pressure Pi = gA — 100.86 lb. Ans. 

An example of a roller thrust bearing is shown in Fig. 32, 
which illustrates a full-sized transverse section through one 
side of the bearing. The bearing plate g- revolves with the 


CB 
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shaft, and the plate h is stationary. One of the conical 
rollers is shown at and is held in position by the pins b 
and d, A ball e is inserted in a recess in the roller and 
rests against the concave end of the pin its purpose being 
to reduce the frictional resistance between the roller and the 
pin d. The inside pins are supported by the ring k, and 
the outside ones by the ring /, both rings revolving around 
the axis xx. In this instance, the apex angle u is 14°. 

39. Most of the roller bearings manufactured come 
under one of the classes just described. On account of the 
rigidity of the parts, all bearings must be accurately shaped, 
and the material used must be extremely hard. In one form 
of roller bearing, the rollers are not solid, but are made 


I L T 3/5-12 
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of steel bands wound spirally into the shape of a roller. 
Rollers constructed in this manner have a certain amount of 
flexibility, and thus require less accuracy in their manufac¬ 
ture; likewise, the surfaces against which the rollers revolve 
need not be of such extreme hardness. 

40. Construction of Roller Bearings. —The strength 
of a roller bearing cannot be safely determined except by 
actual test; it depends to a great extent on the material used 
for the rollers and bearing surfaces. In some cases, bear- 
ings that are identical in size and construction will show 
great differences in durability owing to insufficient harden¬ 
ing of some of the parts. Calculations based on the strength 
of the material and the form of the rollers are not safe 
guides, as the actual strength is often found to be far below 
the estimated value. Extensive tests have been made by 
Striebeck, the results of which are embodied in the following 
formulas: 

Let P = total load on bearing, in pounds; 

Pi = safe load for one roller; 

I = length of roller, in inches; 

d = diameter of roller, if cylindrical, and average 
diameter, if conical; 

^ = a coefficient which is 1,000 for hardened steel; 

n = number of rollers in bearing. 

Then, for a thrust bearing in which the load is supposed 
to be evenly distributed among the rollers, 

p. = - ( 1 ) 

n 

For a cylindrical bearing in which the load acts in a direc¬ 
tion normal to the journal axis, some of the rollers will carry 
the load while the rest are idle. Under these conditions, it 
is generally found that 

P. = — (2) 

n 

The safe load for one roller in either of these bearings is 
Px = kdl (3) 
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41. Before constructing a roller bearing, it is necessary 
to ascertain the number of rollers required to support a 
given load. Having found this number, the diameters ot 
the surfaces along which the rollers revolve must be 
calculated. Referring to Fig. 33, let 

= diameter of circle on which the roller centers are 
located; 

— diameter of circle tangential to the inner side of 
the rollers; 

d = diameter of rollers; 

C = diameter of circle circumscribing the rollers. 

Then, C = Z?, + (1) 

and 

= ( 2 ) 

From the center o, 
draw radii o I and o ?n 
to the centers of two 
adjoining rollers. 

Connect these centers 
with the chord I ;;z, 
and draw a line on 
to the point of tan- 
gency between the 
two rollers. Then, 

the angle lovi — - 

n 

= 2 w, and the angle 
m o n is 

180 /Q\ 

u = - Pio 88 

n 

In the right triangle mno, the side mn = mo X sin u; and 
3 .S mo = iDi and 7 nn = idy it follows that id = sin?^, 
or d = sin u. Hence, 

A = -^ (4) 

Sin u 

Having found the value of /?i by means of formula 4, the 
values of C and may be found from formulas 1 and 2. 
These formulas are based on the assumption that all the 
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rollers are in contact with one another. In practice, the 
cage in which the rollers are inserted leaves a certain amount 
of space between each pair of rollers, and this space must 
be considered in using formula 4. 

Let i = space between two adjoining rollers; 

= roller diameter plus one-half the space on both 
sides (which is equal to the space between two 
adjoining rollers), or + i. 

Then, ^dx = sin u; dx = A sin u 

and Dx = ■ (5) 

sin u 

The value of the angle u, as found from formula 3, is not 
affected by the addition of the space /. The values of C 
and Da for the new value of Dx are still found by means of 
formulas 1 and 2. 


Example —roller bearing is to contain twelve cylindrical rollers, 
each 1 inch in diameter. Assuming that there is to be a space of 
i inch between each pair of rollers, find the diameter of the circle 
passing through the roller centers of the journals, and of the outside 
casing. 


Solution —From formula 3, 

« = ^ = 15°, and flTi = cf-h* = 1+ .25 = 1.26 in. 
From formula 5, 


Dx 


1.26 
sm 16° 


1 26 
2588 


4.83 in. 


From formula 1, 

C=Z?|-l-flf=4 83 + l = 6.83 in. 
From formula 2, 

Da ^ Dx - d = 4.83 - 1 = 3 83 in. Ana. 


BALL BEARINGS 

42. Distinctive Features.—Fig. 34 {a) illustrates a 
cylindrical roller abed, having hemispherical ends. If the 
length of this roller is reduced until the lines a b and cd coin¬ 
cide, as in {/^), a ball is produced. Hence, ball bearings 
may be considered as a special form of roller bearings in 
which the length of the linear contact is reduced to a point. 
In reality, owing to the elasticity of the material, the contact 
of a roller with its support does not constitute a line, but 
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rather a rectangular surface. Similarly, the contact between 
a ball and its support is not a point, but a circular or an 
elliptical surface, depending on the shape of the support. 
In all theoretical considerations, however, it is assumed that 
there is either line or point contact. 

In reducing the length of a roller to that of a ball, certain 
advantages are gained. By reason of the line contact of the 
rollers in a roller bearing, they suffer from a certain lack of 
adjustability and from stringent requirements as regards the 


exactness of the engaging 
surfaces and the parallelism 
of their axes. If the jour¬ 
nal should show signs of 
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deflection under load, it would materially affect the efficiency 
and durability of the bearing. In a ball bearing, the length of 
the line contact is reduced to a minimum; hence, the adjusta¬ 
bility of the rolling parts is a maximum. If, in roller bearings, 
it is important that true rolling take place, and that material 
and finish be of the best, it is still more so in ball bearings, 
where the supporting area is more limited and therefore 
more sensitive to irregularities in relative motion and char¬ 
acter of the contact surfaces. 


43. Badial Bearings.—The fundamental form of a 
ball bearing is one in which the axes of rotation of the balls 
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are parallel with that of the journal, as shown in Fig. 35, in 
which is the journal, the obiter race^ /a the inner race^ 
and b, b the balls. The axis xx of the journal is parallel 
with the axis of rotation j/j/ of any one ball. This bearing 
corresponds in principle to the roller bearing shown in Fig. 25, 
and is termed a radial ball bearing, because the two points 
of contact c and d lie on a line radial to the journal axis. 

44. As a bearing of the form shown in Fig. 35 would 
not, without the use of supplementary means, prevent the 
balls from leaving their races, the latter are provided with 

grooves Cx and f., as shown in 
Fig. 36. In cross-section, 
these grooves appear as cir¬ 
cular arcs of radii Vx and 
which are somewhat larger 
than the radius of a ball. 
Authorities differ as to the 
most suitable ratio between 
these radii, but Striebeck, from 
extensive experiments, recom¬ 
mends = r. = f where d 
is the diameter of a ball. 
These proportions are given 
the grooves shown in Fig. 36. 

In a beanng of this form, the 
journal is still allowed a certain 
amount of axial play by reason of the flatness of the curves 
in the grooves. This form possesses practically the same 
quality of pure rolling inherent in the form shown in 
Fig. 35, but has in addition the advantage of a greater sur¬ 
face contact, because the curvature of the supporting surface 
conforms more nearly to that of ball. Ball bearings of this 
class have proved very efficient, even under heavy pressures. 

If the curvature of the ball race is made as shown in Fig. 36, 
the end thrust of the journal may be as high as one-third of 
the load, normal to the journal axis, without requiring any 
provisions for preventing end motion. 
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46. Another variation of Fig. 36 is shown in Fig. 37 (a), 
in which one of the rolling surfaces, instead of being cylin¬ 
drical, consists of two conical surfaces joined along the line/^. 
This variation is termed a tbree-point bearing, there 
being three contact points c, d, and which are points of 
tangency between the ball and the ball races. In this exam¬ 
ple, the balls partake of 
another motion besides 
pure rolling. This 
motion may be seen 
more clearly in Fig. 37 
id) and (c), where the 
angle between the sides 
of the groove is made 
more acute. If while 
rolling along the race ij. 
the ball d turns in the 
direction of the arrow z/,, 
then, at any moment, 
the ball revolves around 
a line s'a', passing 
through the points c (a) 

and dj as an instantane¬ 
ous axis of rotation. 

Theoretically, these 
places of contact should 
be merely points, but, 
actually, they are two 
circular surfaces with c 
and dy respectively, as 
centers. By looking 
along the line zoy the W 

ball will appear as in 

Fig. 37 ic)y revolving around the center c in the direction 
of the arrow The contact area at c may appear some¬ 
what like the shaded circular surface, having a sliding 
friction similar to that found at the end of a revolving shaft 
resting on a plane surface. 
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This supplementary motion of the ball around a point of 
contact, termed spinning, should be absent from any bearing 

where high efficiency is required. 
The spinning motion of a ball 
is somewhat similar to that of a 
top, which revolves around its 
axis while it advances over the 
supporting surface. 

46. If the race /, also is pro¬ 

vided with a groove, as in 
Fig. 38, then a four-point 
bearing is produced, having 
contact point and/, at 

each of which spinning takes 
place. 

47. Tlirust Bearings.—In 
tbriist bearings, the axis of 
rotation yyoi the ball is normal 

to the axis xx oi the journal, as shown in Fig. 39. This 
bearing corresponds to 
the roller bearing illus¬ 
trated in Fig. 27. In 
this form, the balls will 
not retain their posi¬ 
tions unaided, and a 
cage, or perforated 
plate, must therefore 
be used for the purpose. 

The balls while follow¬ 
ing a circular path with 
radius R will revolve, 
or spin, once around the 
axis a-a- for each revolu¬ 
tion around the 3.x.isxx, 

48. To prevent the 
balls from running off tangentially to their circular path, one 
of the races, as shown in Fig. 40, is provided with a groove 
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having sloping sides. As here shown, the ball will not have 
a true rolling motion for the following reasons: It may be 
considered part of two 
separate cones, one of 
which has its vertex at Sx 
and rolls along the 
plane while the other 
has its vertex at and 
rolls along the plane 
Evidently it is impossible 
for two cones revolving 
around different axes to 
be rigidly connected 
through the ball b) hence, 
there must be a resultant 
of the two motions, repre¬ 
sented by a common axis 
of rotation, having one 
point at 0 and another 
point somewhere between 
Zx and as at 2 , There will be spinning at all three points 
of contact. If the race tx causes an excess of resistance to 

X relative motion 
[ between it and the 
ball, then the spin¬ 
ning at c will be 
increased and the 
point 2 will be 
nearer 2 ^. 

49. Fig. 41 illus¬ 
trate s a rearrange¬ 
ment of Fig. 40, in 
compliance with the 
requii ements for 
true rolling. The 
method of construction is as follows; If eg is to be one of 
the bearing surfaces, produce the line eg until it intersects 









r 
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the axis xx at which point will be the vertex of an 
imaginary cone. From ^ draw a line intersecting the ball d 

ip at two points, as d and 
which are to act as contact 
points between the ball and 
the race The sides Ik 
and d h of the groove should 
be tangent to the ball at 
these points, as shown. 
While a certain freedom 
prevails in the choice of the 
contact points by varying 
the angle cze^ there is a 
position below which the 
point^must not fall. Experi¬ 
ments have shown that if the 
angle between any two ad¬ 
joining surfaces, such as the angle u between the planes ei 
and cg^ are below a certain value, the ball tends to wedge 
itself between the surfaces. The angle should be at least 25°. 

On the other hand, the 
angle u should not be too 
large, as in that case the 
angle ihd would become 
too acute. This would give 
the ball a tendency to wedge 
itself in the groove at hy 
thereby greatly increasing 
the pressure at the points d 
and e where spinning takes 
place. 

60. The position of the 
vertex z may be changed 
without affecting the action 
of the ball. In Fig. 42, for 
instance, the point z has been lowered so as to make the 
lower side of the imaginary cone normal to the axes xx. If 
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the construction is made as explained in Art. 49, the condi¬ 
tions for practically true rolling are also here fulfilled. 

61« Fig. 43 shows a 
form of ball bearing that 
has been extensively used 
in various machines, 
although it is very ineffi¬ 
cient. In this instance, the 
lines C 2 ^ and which 

intersect the ball at the 
points Cy dy Cy and /, are 
parallel. From the fore¬ 
going, it is clear that if the 
ball is supposed to be part 
of a cone, its sides should 
roll simultaneously along 
the surfaces csy. and 
but as it cannot do so, 
there must be some sliding at one or more points, which 

should be avoided. 

52. In order to insure 
true rolling, the bearing 
should be constructed as 
shown in Fig. 44. When 
produced, the lines cd 
and ef passing through 
the four contact points 
should have a common 
point of intersection z 
located on the axis xx. 
Of course, the axis (7^ need 
not be normal to xx\ the 
point z can be moved to 
some extent above or 
below its present position, but care must be taken that 
neither of the angles Uy u is too small. In the diagram, 
each angle is 30°. 
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63. Figf. 45 shows a thrust bearing with ball races of 
the form shown in Fig. 36. The surface of plate tx is curved 
at c to the radius r, thus providing a certain amount of 
adjustability relative to the main bearing U, This is neces¬ 
sary if the load is to be evenly distributed among all the 
balls b. The plate U is fastened to the shaft s. 

54. Hub Beaj*liigs. —There is still another class of 
ball bearings, known as bub bearings, which may be con¬ 
sidered as a combination of a radial and a thrust bearing. 
This type differs from the regular thrust bearing in that the 
end thrust does not proceed from without the bearing, but 
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from within, as a result of the arrangement of the ball races. 
These bearings ’are always used in pairs, so that the end 
thrust produced by one is neutralized by that produced by 
the other. The evolution of the bicycle served to bring this 
class of bearing into prominence. 

In order that its action may be better understood, the type 
of hub bearing used in a bicycle wheel is shown in Fig. 46. 
The stationary spindle, or axle, j of a rear wheel has threaded 
ends /, /, which engage with nuts n and cones on each 
end. The cone shown is permanently screwed against the 
shoulder;^; at the other end of s there is no shoulder, thus 
permitting the other cone to be moved longitudinally on / 
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in order that the bearings may be adjusted. By screwing 
the nuts n tightly against the rear forks /, / of the bicycle 
frame, they are forced against the cones, preventing them 
from turning and at the same time fastening the spindle to 
the fork. The balls b transmit the load supported by the 
spindle to the cups or ball races vi inserted in each end of 
the hub The hub is provided with flanges to which 
are fastened the inner ends of the spokes, not shown, which 
connect the hub and the wheel rim. 

55, Fig. 47 shows, diagrammatically, one end of a two- 
point liub bearing, being the hub, the cone, j the 
spindle, or axle, b the ball, and c and d the two contact points 
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with the races and The principles on which the action 
of this bearing is based are similar to those explained in 
Art. 48, Drawing the tangents and and considering 
the ball as part of two cones with vertexes and respect¬ 
ively, it is again evident that true rolling cannot take place 
at both planes czx and dz^^ In the present instance, the ball 
will revolve around an axis situated somewhere between 
ozx and oz^, as, for example, at oz. Spinning will therefore 
occur at both c and d. In a bearing having the relative pro¬ 
portions shown in Fig. 47, it is found that for each revolution 
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o£ the hub around the axis xx, the ball will make about 
four-fifths revolution around the axis The amount of this 
rotary motion will increase with an increase of the angle u. 

The radius Vi varies between nine-sixteenths to three-fourths 

of the ball diameter. 
On account of this 
curvature the bear- 
in g cannot be so 
closely adjusted that 
the rolling paths of 
the ball will be 
strictly defined. For 
this reason, the hub 
has a certain amount 
of longitudinal play. 
This play will in¬ 
crease with an 
increase of the 
angle u, which, in a bicycle, may be as much as 60°, because 
there the side pressure is of secondary importance. 
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66. Figs. 48 and 49 are diagrams illustrating tbree- 
polnt and four-point 
bearings, respectively. 

In Fig. 48, the contact 
points lie on the sides of 
the imaginary oonQcdse, 
and in Fig. 49, on 
the cone cdzef. The 
method of construction 
is similar to that shown 
in Figs. 42 and 44. 

57. By referring to 
the four-point bearings 

shown in Figs. 38, 44, and 49, it should be noted that these 
bearings require great accuracy in both their construction and 
adjustment in order to operate correctly. The reason for this 
may be seen, for instance, from Fig. 49. It is evident that 
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if the cylindrical surface gh should have a radius somewhat 
smaller than shown, the ball would fail to make contact at e. 
The ball would still retain its position, but would make a 
three-point contact, the point / assuming the functions of the 
points e and /, but at a greatly increased pressure. It will 
be further observed that under these circumstances the posi¬ 
tion of point / is incorrect; it should occupy a position some¬ 
where between points e and /, as at 4, the point of tangency 
between a line a* 4 and the ball. 

58. By comparing the two-, three-, and four-point bear¬ 
ings, It will be seen that in the last the balls are confined to 
a definite path, but that the bearing demands a very careful 
construction. In a two-point bearing, the path may vary on 
either bearing surface; hence, the bearing possesses a max¬ 
imum of adjustability. A three-point bearing occupies an 
intermediate position, the rolling path being definitely deter¬ 
mined for one surface, while that on the other has a certain 
amount of freedom. 

69. Diameter of Ball Circle.—The diameter of the 
circle passing through all the centers o. Fig. 35, of the balls 
in a bearing is found, as described in Art. 41, by means of 
formula 4. This is under the supposition that the balls 
touch one another; but the conditions of easy running 
demand that a certain amount of clearance be left between 
the balls. The space left between each pair of balls varies 
with the total number of balls in the bearing. This space 
may be given a trial value of .006 inch, which is satisfactory 
if the sum of all the spaces does not exceed one-fourth of 
the ball diameter, otherwise the value should be reduced 
accordingly. The diameter of the ball circle is then found 
by means of formula 6, Art. 41. 

Example —A ball bearing contains fourteen balls, each i inch in 
diameter. Calculate the diameter of the ball circle if the balls are 
given suitable clearance. 

Solution.— If a clearance of 005 in is given each pair of balls, the 

d 25 

total clearance is 14 X .005 — .07 in.; as the value — = ^ = .0626 in., 
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the total clearance should be reduced to this amount Therefore, 
the clearance for each pair of balls should be .0626 -j- 14 = .0046 in. 

From formula 6, Art. 41, Dx = - Here, dx == 26 + .0046 

’ ’ sin w 

I on 

■» .2646 in. From formula 3, Art. 41, u = — = — = 12° 61'. 

’ ’ « 14 


Hence, 


„ _ .2646 _ .2646 

sin 12° 61' .22240 


1.1448 in. Ans. 


60. Safe Load on Ball Bearings.—In thrust bearings 
of the type shown in Fig. 45, all the balls are supposed to 
take equal portions of the load, it being assumed that they 
are uniform in size. In bearings where the load acts in a 
direction normal to the axis of the journal, as in Figs. 36 
and 46, the halls will be idle during one part of their travel 
around the journal and the load will be supported by two, 
three, or four balls, depending on the total number. 

Let P = total load on bearing, in pounds; 

Px = safe load for one ball; 
n = number of balls in bearing, varying from ten to 
twenty; 

d = diameter of the balls, in inches; 
k = a coefficient that varies with the form of the 
bearing and the number of contact points. For 
hardened steel it has the following values: 
400 for a straight-line race, as in Fig. 35; 700 
for three- and four-point bearings; 1,400 for a 
two-point radial bearing, as in Fig. 36. 

Then, Px = kd^ (1) 

For a thrust bearing, 

P^nPx ( 2 ) 

For a bearing in which the load acts normal to its axis, 

^ (3) 

n 

For the radial type of bearings, as in Fig. 36, the load is 
independent of the speed if the latter is uniform and below 
3,000 revolutions per minute. If sudden changes of load and 
speed take place, then the coefficient k should be lowered. 
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Pro. 60 


r L T 375—13 
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Example. —In a two-point ball bearing, as in Pig 36, with fourteen 
balls each -J- inch in dianaeter, the load is normal to the journal. Find 
the safe load. 


Solution.— From formula 1, 

= 1,400 X .25* = 87.6 lb. 
From formula 3, solving for 


P^ 


14 X 87 6 
5 


2461b. Ans. 


61. Examples of Ball Bearings.—Figs. 60 and 51 
illustrate two types of ball bearings. They are not given 
as standards of design, but simply as examples of bearings 
that have worked efficiently under the conditions for which 
they were intended. Both are two-point bearings with 
grooves of the form shown in Fig. 36. 

Fig. 60 shows a longitudinal section of one of the thrust 
bearings of a mine pump that was required to be in constant 
operation, the bearing sustaining an end thrust of about 
2,000 pounds and the shaft revolving at a speed of 890 revo¬ 
lutions per minute. A pump with this style of bearing ran 
continuously for 289 days. 

In the illustration, a is the pump shaft, which is driven by 
an electric motor, and b, b the f-inch balls, of which there 
are sixteen, placed in holes in the cage e. The two halves 
of the ball bearing are lettered c and d. In its earlier form 
the ring c rested directly on the shaft, but it was found that 
the intensity of pressure at the shoulder I was too great, 
resulting in a partial crushing of the material and a tendency 
of the ring to tip—hence, the insertion of the bushing / with 
the extension 4, and the key a-,. The end surface of the 
other ring d is made spherical to allow it a certain amount 
of adjustment; it rests against the concave side of the ring^. 
The casing h of the bearing is bolted to the main body k of 
the pump by bolts inserted through holes z. 

62. In Fig. 61 is shown a pedestal bearing with fifteen 
balls, each I inch in diameter, supporting a shaft 2i^ inches 
in diameter; (a) is a longitudinal section and (b), a side 
view, partly in section, the section being taken along the 
line .r.r in {a). In this bearing, me balls b are not evenly 
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loaded, being idle while passing over the upper side of the 
shaft. The ball races are shown at c and the latter rest¬ 
ing dirt^ctly on the shaft if there is little vibration present. 
Otherwise, this race is fastened in the manner shown in (a). 
The sleeve / has a conical hole into which is fitted the split 
conical bushing e, one end of which is threaded to engage 
with the ring By turning up ring the bushing is drawn 
outwards, locking the ring securely to the shaft. 

As rings c and d are not split, some means must be pro¬ 
vided for the insertion or removal of the balls. For this 
purpose, a recess large enough to allow a ball to pass is 
made in the ring c. Into this recess is fitted a piece Ciy which 
is held by the screw The recess should be located at a 
place where the piece Ci will not be subjected to any pressure 
from the balls. The outer casing is divided into two parts 
k and ky and is held together by bolts as indicated, the 
tongues hi insuring the correct alinement of the two parts. 
Between the casing h and the ring c there is a play of 
.004 inch, to allow for longitudinal adjustment of the rings 
and for expansion in case the parts become warm. 

The chair ^ serves the purpose of supporting the shaft 
while the bearing is being inspected. The threaded end of 
the bolt £-i IS screwed into the chair, while the head revolves 
loosely on the stud to which it is connected by a pin, as 
indicated. By turning the head^a, the chair may be raised 
until it supports the shaft, thus permitting the removal of 
the ball races. 

In a more recent form of this bearing, the piece is 
omitted and the ring c is made solid throughout. To permit 
the insertion of the balls, their number is decreased, and they 
are inserted while the ring c is placed eccentrically relative 
to d. After the ball races are arranged concentrically, elastic 
distance pieces are inserted between each pair of balls, thus 
spacing them evenly around the shaft 

It is important that both roller and ball bearings be incased 
in such a manner as to retain a lubricant and exclude grit 
and dust. The lubricant will also prevent rust, but it should 
be free from acid. 
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SHAFTS, COUPLINGS, AND SPRINGS 


SHAFTS 


VARIETIES OF STRESSES IN SHAFTS 

!• Shafts may be divided into three classes, according 
to the kinds of stresses to which they are subjected: 

1. Shafts subjected chiefly to torsion or twisting, as, for 
example, line shafting in mills and shops, and, in general, 
shafts used to transmit power. 

2. Shafts subjected chiefly to bending action, such as the 
axles of gears, etc. 

3. Shafts subjected to both twisting and bending, such as 
engine crank-shafts. 

When a shaft is intended simply to transmit power from 
one point to another, it does so by means of its resistance to 
torsion. Conditions under which a shaft is subjected to tor¬ 
sion alone exist only when it, if horizontal, is supported by a 
sufficient number of bearings, so as to prevent any bending 
tendency; also, that no pulleys or gears are supported by 
the shaft subjecting it to bending stresses. If the shaft is 
vertical, its weight must be supported by thrust bearings 
along its length, to prevent a tendency to buckle and thus to 
prevent bending stresses. 
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In order that the turning force shall not be accompanied 
by bending forces at the place where power is transmitted 
to the shaft, it is necessary that the driving power be applied 
at least at two points diametrically opposite each other, as 
in Fig, 1. This illustration represents, diagrammatically, an 
overhanging shaft a projecting beyond the bearing and 
having at its end the pulley ^ as a driving member. P are 
the turning forces acting at the distance P from the center 
of the shaft. The turning moment P is therefore P ^ R 
+ Px R = Py, 2^. 

Turbines and electric motors are examples of machines 
by means of which a shaft may be driven by torsion alone; 
that is, without bending, as the turning forces are applied 
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at numerous points on the circumference of the revolving 
member. 

2. When the turning force is applied at one point only 
—at one side of the shaft—as is the case with most machines, 
then the shaft is exposed not only to torsion, but also to 
bending. An example coming under this class is the com¬ 
bination of a connecting-rod and a crank-shaft. Another 
example, but one in which the turning and bending forces 
are constant for each revolution, is that of a belt and pulley, 
as shown in Fig. 2. Here, 7", represents the tension of the 
tight and that of the slack side of the belt. The turn¬ 
ing force P is equal to their difference, ov P = — T^, 
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In this case, the force P not only tends to twist the shaft, 
but the combined tensions TI and also tend to bend it. 
The twisting moment T P when R is the radius 
of the pulley. 

If the pulley shaft is overhanging, as in Fig. 1, the bend¬ 
ing moment M varies from zero at the pulley to a maximum 
at the supporting bearing. If the pulley is located between 
two bearings, then the bending moment is a maximum at 
the pulley. 

In Fig, 3, a gear is attached to the shaft and driven by 



another gear, in which case P will act at the pitch circle with 
a leverage equal to the radius R, 


SHAFTS SUBJECTED TO TORSION 


3. Moments of Inertia.—In the case of pure torsion, 
the stresses produced are those of shearing, the plane of 
shearing being at right angles to the axis of rotation. The 
moment of inertia found with reference to this axis, termed 
the polar moment of Inertia, is generally denoted by the 
letter J, and ha^ been referred to in Strength of MatenalSy 
Part 2. If / is the rectaiigiilar moment of t7iertia^ then for a 
solid circular section, 


2 / = 




32 


4. Torsional Strength, of a Solid Round Shaft. —The 
ultimate resistance of a beam to bending must be equal to 
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the bending moment; or, according to the formula given in 
Strength of Materials, Part 2, 

M= St- 

c 

If / = and 5* is the safe fiber stress in flexiire, the 

64 

resisting moment of a round shaft will be 

^ 64 _ Ttd^ 

" d ‘ 32 
2 


or, 




10.2 


( 1 ) 


The resisting moment of a shaft to twisting is found by a 
formula similar to formula 1, except that the polar moment 
of inertia J is substituted for the rectangular moment of 
inertia /. 

Let T = twisting moment, in inch-pounds; 

P = turning force, in pounds; 

R = length of lever arm of turning force, m inches; 
5r = ultimate shearing strength of shaft, in pounds; 

= safe shearing strength of shaft, in pounds; 
y = polar moment of inertia of cross-section of shatt 
about neutral axis; 

c = distance from neutral axis to outermost fiber; 

/ = factor of safety. 

c j 

Then, the moment that resists twisting is and the safe 

c 

moment is since Therefore, 

fee f 


T = 


S,J 


Inserting the value given for 7 in Art. 3, and that of c = 

2 ’ 


then the resisting moment is 


nd*‘ 



2 
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Equating the twisting and resisting moments, 


T= PJi = 



S.d' 

5.1 


( 2 ) 


whence d = = 1.72^1^^ (3) 

Instead of using the twisting moment it may be more 
convenient at times to use the horsepower transmitted by 
the shaft and the number of revolutions per minute. From 
the formula referring to keys in Machine Design^ Part 2, 
where H is the horsepower and N the number of revolutions 
per minute, 


T= PR ^ 63,025 — 

N 

Substituting this value of in formula 3, 


d = 1.72^ ~ = 1.72^ 

./63,026 H 

\ S. ^ 

Si JVS, 

d=68A5jlf^ 

(4) 


The values for 5, may be taken 

as 3,400 for cast iron, 


6,800 for wrought iron, and 9,000 for steel. Ordinarily, these 
values are the ones that are used in good practice. Under 
exceptional circumstances, it may be necessary to use lower 
values, particularly if the shaft is subjected to shocks or if 
the stress changes suddenly or violently. 


5. Angle of Torsion, or Twist, of a Solid Hound 
Shaft,—As shown in Strength of Materials^ Part 2, the angle 
of twist is directly proportional to the twisting moment, if 
the material is not strained beyond the elastic limit. Let the 
angle of torsion be indicated in Fig. 1 by the angle cfcx = e. 
If the amount of twist, or distortion, ccx ^ x is produced 
in a length I of the shaft, it can be proved by higher 
mathematics that 



In this formula, is the modulus of torsional elasticity, or 
of elasticity in shear. Es may also be said to be the ratio 
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between the unit torsional shearing stress and the strain, or 
distortion, per unit length, or 

^ X X 


The circumference of the shaft is nd, and the angle of 

Tzde 


twist is e. The arc included by any angle e is x = 

Inserting this value of x in formula 1, 

^ = #, hence ^ 

360/ E, TcdEs 

From formula 2, Art. 4, T’ = and ^ 


6.1 

stituting this value in the formula e = 




360 ■ 


Sub- 


360 SJ 
TvdEs * 


360 X 


5.1 Tl 


e = 




or, 


e = 


TzdEi 

584 Tl 
Esd^ ’ 


( 2 ) 


The value of Es for steel is about 11,000,000, for cast 
iron 6,000,000, and for wrought iron 10,000,000. If the horse¬ 
power transmitted by the shaft and the number of revolu¬ 
tions per minute are given, then by substituting the value 

of 7" = 63,025 — in formula 2, 

N 

36,806,600 jy/ /Qx 

If the shaft is made of steel, formula 2 will be 
_ .0000531 Tl 
^ ~ d' ^ ’ 

and T= . (6) 


.0000631 / 

Substituting the value Es = 11,000,000 in formula 3, 
3.346 Jdl 
Nd* 


e = 


( 6 ) 


Example. —2-mch steel shaft 20 feet loug transmits 25 horsepower 
at a speed of 120 revolutions per minute. Find the angle of torsion 
of the shaft. 
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Solution.—B y formula 6, 


e 


3 346 X 26 X 240 .-o 

120 X 16 " = 


Ans. 


6. Ijlmits of tlie Angle of Torsion.—The diameter 
found by means of formula 4, Art. 4, will give the shaft 
sufficient stre7igth, but it may be deficient in torsional stiff- 
7 iess. Under these conditions, a long shaft of small diameter 
may act as a spring, with the result that one or both ends 
will revolve at a variable velocity. This is objectionable 
when the conditions are such that a shaft should run at a 
constant velocity under variable loads. It is therefore cus¬ 
tomary to add from f to i inch to the diameter found accord¬ 
ing to formula 4, Art. 4, in order to increase the stiffness 
of the shaft and to prevent vibration. 

More accurate results may be obtained by calculating the 
angle of torsion, which should not exceed 1° for a length of 
shaft equal to twenty times the diameter. Testing the results 
found in the example of Art. 5 by this rule, the angle of 

torsion should not exceed o ~ angle 

ZU d ZU X ^ 

is 10.46°, the diameter should be increased to give greater 
stiffness. 

The foregoing statement may he incorporated directly 
into a formula by inserting the values e = 1°, and I = 20 d 
in formula 6, Art. 6. Then, 

r = 

.0000631 X 20.00106 
and d‘ = .^106 T 

Whence d = .102'^7' (1) 

If the horsepower to be transmitted by the shaft is known, 

then the value T = 63,025 ^ may be inserted in formula 1, 

N 


and 


d = 4.059a’ 


N 


( 2 ) 


Recalculating the example given in Art. 5 by formula 2, 


or, 


^ = 4069 ^^ = 2.406 
d — 2ja. say 2i^fi, inches 
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By comparing formula 2, Art. 4, with formula 5, Art, 6, 
it will be seen that for strength the diameter of a shaft is 
proportional to the cube root of the twisting moment, and 
that for siiHness the diameter of a shaft is proportional to 
the fourth root of the twisting moment. 


7. Torsional Strength, ol a Hollow Shaft.—For a 

hollow round shaft, J — \ and being the 

outside and inside diameters, respectively. Inserting this 

S J d 

value of y in the formula T = —^ and making c = then 

c 2 


PR = 


32 ■ 


2 


or, 


T = 


S. (d* - d.^) 
5.1 d. 


( 1 ) 


If the ratio — is represented by m, then n — ^ and 
d^ </, 

dt = ndi. Inserting this value of d, in the preceding 

formula, 

T= PR = -(«</,)*] 

5.1 dx 

_ S,dx{\ — n') 

5.1 dx 

^ S.dxUl -«*) 

6.1 

PR 

IS,{1 — «*) 

If the horsepower transmitted by the shaft is given, then, 
by following the method given in Art. 4, 

H ~ 

\S,N{l-n^) 


from which 


i. - 1.72.;/, 


( 2 ) 


dx = 68 . 46 , 




(3) 


Example —A hollow steel shaft is to transmit 2,000 horsepower at 
160 revolutions per minute. If Sa = 9,000 pounds, and the ratio 
between the inside and outside diameters is as 1 : 2, what will be the 
outside diameter? 
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Solution —Substituting these values in formula 3, 


rf, = 68 46 


a/q.o 


2,000 


',000 X 160(1 — 5*) ~ ^ 

8, Aiig^le ol Torsion of a Hollow Round Shaft. —The 
angle of torsion of a hollow round shaft may be found by 
means of a formula resembling formula 2, Art. 5, the only 
difference being that the value is substituted for d^. 

Thus, 

684 r/ _. 

Similarly, formula 3, Art. 5, changed so as to apply to 
hollow shafts, will be 


^ ^ 36,806,600 
NEM^"-d*) 


( 2 ) 


9. Ratio of Strength of Solid and Hollow Shafts. 
A close study of formulas 2 and 3, Art. 7, shows that the 
strength of a shaft is not seriously diminished by removing 
the central part. For instance, if the ratio oi d^\ d^ — n = 
then the factor 1 — becomes 1 — tV, showing that the 
strength of the shaft has been reduced by only iV, or that 
the ratio of the strength of the solid to that of the hollow 
shaft is 1 : .9376. Similarly, if 5^ = .6, then 1 — = .8704, 

indicating that the ratio is as 1 : .87. 


10. In a solid shaft, the poorest material and that which 
is least effective in resisting torsion is usually found at the 
center. In a hollow shaft, however, this material is removed, 
thereby increasing the average strength of the material that 
remains. Also, by forging shafts of large diameter hollow, 
the material is more thoroughly worked and will conse¬ 
quently have greater strength. Hollow steel shafts are 
much used for marine engines. 


11. A hollow shaft will have a strength equal to that of a 
solid shaft if the moduli of the two sections are equal, or if 
formula 2, Art. 4, is equal to formula 1, Art. 7. That is. 


6.1 
d.*‘ - 
d. 


6Ad, 

and = 



or, 


d^ 
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If rf. = then rf. = and d: = ^ . 

d’ 1 —n 

Or, 

Example^— solid shaft has a diameter of 9 inches and is to be 
replaced by a hollow shaft of equal strength in which the ratio : di, 
= n = A Find the outside diameter 

Solution —By substituting these values in the formula, 
di = = 9 078, or 9j, in. Ans. 

12. Line Shafting:.—Line shafting is a term applied 
to the long and continuous lines of shafting used in mills, 
factories, and shops for the distribution of power. The shaft 
is principally strained by torsion, but, in addition, there is 
always a bending action due to the weight of the shaft itself 
and the pulleys earned by it, and to the tension of belting or 
the thrust of gearing. 

In calculating the diameter of a shaft for a given twisting 
moment, two things must be considered: stre7igth and stiff¬ 
ness. Very large shafts or short shafts need be calculated 
for strength only; but in long lines of shafting of small 
diameter attention must be paid to stiffness and rigidity. 

13. Speed of Line Shafting.—The speed of a shaft is 
fixed largely by the speed of the driving belt or by the diam¬ 
eters of the pulleys on it. In general, machine-shop shafts run 
from about 120 to 160 revolutions per minute, shafts driving 
woodworking machinery from about 200 to 260 revolutions per 
minute, while in cotton mills, the practice is to make the shaft 
diameter smaller and to run at a higher speed. Line shafts 
should generally not be less than li inches in diameter. 

14. Distance Between Bearings.—The distance 
between bearings should not be great enough to permit a 
deflection of more than tot inch per foot of length. Hence, 
when the shaft is heavily loaded with pulleys, the bearings 
must be closer than when it carries only a few pulleys. Pul¬ 
leys that give out a large amount of power should be placed 
as near to hangers as possible. 
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In Table I are given the maximum distances between the 
bearings of different sizes of continuous shafts used for the 
transmission of power. 

TAJSDB I 

MAXIMUM DISTANCE BETWEEN BEABINGS OF 
CONTIJSUOUS SHAFTS 


Diameter 
of Shaft 

Distance Between 
Bearings 

Feet 

Diameter 
of Shaft 

Distance Between 
Bearings 

Feet 

Inches 

Wrought- 
Iron Shaft 

Steel 

Shaft 

Inches 

Wrought- 
Iron Shaft 

Steel 

Shaft 

2 

II 

II.5 

6 

19 

20 

3 

13 

13-75 

7 

21 

22.25 

4 

15 

15.75 

8 

23 

24 

5 

17 

18.25 

9 

25 

26 


SHAFTS SUBJECTED TO BENDING 

15. The axles of large waterwheels, gear-wheels, etc. 
are loaded transversely and are not generally subjected to 
torsional stresses. They may therefore be treated as beams 
transversely loaded, and the bending stresses in the same 
may be ascertained analytically or by a combination of 
analytical and graphical methods. 

When calculating bending moments for shafts and axles, 
it is customary to consider the center of the bearing as the 
center of moments, on the supposition that the fit between 
the journal and its bearings is of such nature as not to 
restrain a possible deflection of the journal. The strength 
of the shaft may therefore be calculated as if the shaft 
simply rested on two supports at the centers of the bearings. 
While this is not entirely correct, the supposition is on the 
safe side. In cases where the shaft supports a pulley, gear, 
etc., the latter being driven tight on the shaft, it is assumed 
that the bending stresses do not go much beyond the edge 
of the hub. To allow for a sufficient margin of safety in 
this case, it is also supposed that the center of the bending 
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moment is located at the center of the hub, though some 
designers prefer to locate it nearer the end of the hub. 


16. Axles Supporting One I^oad.—The methods used 
in finding the reactions and bending moments for axles 
supporting one load are best shown by an example. 


Exa-MPLb: —An axle 12 feet long between centers of bearings carries 
a wheel weighing 9 tons. The wheel is 4 feet from one end of the 
shaft and the length of its hub is 12 inches. The axle is of wrought 
iron Required, the dimensions. 


Note —Two solutions of this problem will be eriven, the first wholly analytical 
and the second partly firaphlcal and partly analytical. 

Solution 1 —Let Fig. 4 (a) represent, temporarily, the axle In 
question, P being the load of 9 tons at the distance indicated from 
either bearing, and Rx and R% the reactions. To find the value of 
ShQ reactions, proceed as follows: 

Take, for instance, the center of the nght-hand bearing as the 
center of moments and find the reaction at the center of the other 
bearing Then, 

P X X and i?. = = 6,000 lb. 

J?, = /> - JP. = 18,000‘- 6,000 = 12,000 lb. 

The resisting moment of a beam is .5*4 and since the safe stress 
remains constant for the same beam, the resisting moment is propor¬ 
tional to For a beam of circular section, 

/ _ 

c ~ d 32 
2 


Hence, since ^ is a constant quantity, the resisting moment at 

any section of a circular shaft is proportional to the cube of the diam¬ 
eter at that section. Conversely, the diameter of the shaft at any 
section must be proportional to the cube root of the resisting moment 
at that section, and to have the shaft of equal strength throughout, 
the diameter at each section should be proportional to the cube root 
of the bendmg 7noment at that section. 

In finding the diameter dx, the bending moment is taken at the 
point and is ^ = 6,000 X 96. For ascertaining the diameter at 
this point, use formula I, Art. 4, 

^ = = w 

from which 2 X ./Pt c 


I L T 375—14 
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Assuming a safe fiber stress S* = 8,500, 

A 

The shaft should be enlarged at this place to allow a keyway to be 
cut without weakening the shaft. According to the formula given m 
Machine Design, Part 2, the depth of the sunk key is = l-J- m. 
The depth of the keyway is, therefore, f in , and the diameter of 
the enlarged portion should be at least 8^ + 1-J- = lOf in 

The lengths and diameters of the journals may now be calculated. 
For the journal nearest the load, from the formula given in Machine 
Design, Part 3, 

Assuming that / = 700, 

1,000 


1.6 / 

\l >/8,60C 


For the other journal, 


600 X700 
12,000 
700 X 3 


= 8f m., nearly 


= 5} in,, nearly 


d' = 15 j-~ I 

\ \ V8,60( 

= 3| in. 


000 ■ 

_= 2f in. 

,600 X 700 


= 


6,000 

700 X2f 

d^, = flf' -f 2where <? = + i = .3626, or f, in , nearly. Hence, 

= 2f + = 3-J- in Likewise, d^, = d-\-2 (-j;V + i) = 

To draw the taper outline of the axle, lay off half the diameter di 
on each side of the horizontal center line of the enlarged portion n, 
and on either side of the vertical center line draw vertical lines at the 
distances indicated, assuming that the total width of this part is 12 in. 
Then construct the journals with their shoulders, and connect each 
shoulder with the adjacent diameter di. Finally, lay off diameter d, 
and draw the enlarged portion n All comers should be filleted. 

Solution 2 —The graphical part of this solution is shown mainly 
in Fig 4 (6), and partly in Fig 4 (a). To ascertain graphically the 
values of the bending moments, proceed as follows. 

Produce downwards the line that indicates the position of and 
to any convenient scale mark off from e to f, the value of P in pounds. 
Choose a pole O and connect it with points e and / Extend line Oe 
until it intersects at j the perpendicular representing the position of 
load P. From j draw a line parallel with O f, intersecting line at p. 
Connect p and e, and from O draw a line parallel with p e, intersect¬ 
ing ef Sit g The lines fg and ge will then represent the values of 
Pt and^ffi, respectively, read to the scale at which ^ = Pwsls laid off- 
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The next step is to ascertain the bending moment at the enlarged 
portion ft, as in the preceding solution On perpendiculars dropped 
from any point on the axle across the polygon the lengths of the 
intercepted portions will be proportional to the bending moments at 
these points The line t k, for instance, is proportional to the bending 
moment at the point u To ascertain the value in inch-pounds that 
this line represents select an intercept whose value can easily be 
determined For instance, the intercept h j represents the bending 
moment Rx c = 6,000 X 96 = 676,000 in -lb. If the length of hj is 
found to be 3.2 in., then each inch of any intercept represents 
676,000 — 3.2 = 180,000 in -lb. It should be observed that the larger 
the scale to which this polygon is drawn, the more accurate will be 
the readings of the intercepts. 

Assuming that the strengthening action of the wheel hub may be 
ignored, the center of the moment is taken at q instead of at points 
nearer the ends of part n, which would give intercepts b m and t k. 
The bending moment at q being 676,000 in -lb,, the diameter required 
may be found from formula 1, Art. 4. Thus, 

M = = 676,000 


Hence, 


dx 



10 2 X 676.Q0Q 
8,600 


= 8 84, or 8j, in , nearly 


The remainder of the solution is wholly analytical and is identical 
with the corresponding part of the first solution. The dimensions d 
and having been determined by formulas based on a unit bearing 
pressure^ of 700 lb., it may be well to check these values by calcula¬ 
ting the diameters required to sustain the bending moments at a and a'. 
This may be done by measuring the intercepts at s and j', but as they 
are very small in the diagram, it may be more accurate to calculate 
the bending moments by formula 1, Art. 4, from which 

10 2 X X 2 ijQ 2 X 12,000 X 2 6626 
5. \ 8,500 

= 3 329, orS-S-t, in., nearly 
Using the same formula, 

II 

X Xg ^ ./1Q2 X 6,000 X 1.8126 
5* V "■ 8,500 

= 2 364, or 2ff, in , nearly 

As both of these values are smaller than those found by the other 
formula, the axle is sufidciently strong at these points to resist the 
bending moments. The axle may or may not be tapered as shown m 
Fig. 4; if it is not tapered, its diameter must be calculated from the 
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maximum bending moment {Jij in this case) A straight shaft is 
easier to construct, but the end journals, of course, must be larger, and 
there is considerable loss by friction on that account. 


17. Axles Supporting More Tlian One Xtoad.—The 
dimensions of axles supporting more than one load may be 
found graphically by the method used in Art. 16. To assist 
in applying the principles, however, the following example 
is given: 


Example —^An axle 10 feet long between centers of beanngs carries 
two wheels, each supporting a load of 6 tons. The distances of these 
loads from the ends of the axle are indicated m Fig 6 The axle is 
made of steel and is not subjected to torsion. Find its dimensions. 


Solution, —Draw a line xy representing the axis of the axle and 
lay off on it, to scale, its length and the places where the loads Px 
and are applied; also the lengths of the enlarged parts m and n and 
the locations and directions of the reactions Rx and R^. On the 
line -/?ai produced, and to any convenient scale, mark off from a to b 
the value m pounds of P^^ and from b to c that of Px» Select a pole 
and connect it with points and c Produce a 0 until it intersects 
the produced perpendicular P^ at then, from this point draw a line 
parallel to Ob^ Intersecting the produced perpendicular Px at q. Par¬ 
allel to O draw a line from q until it intersects Rx at t. A line from t 
to a completes the polygon, and a line from O parallel to ta^ inter¬ 
secting ac 2 X dt divides the latter line into the parts cd and da, 
thus indicating the values of the reactions and R^, By reading to 
the same scale as the loads Px and Pa, it is found that the values of 
.^1 and are 9,000 lb and 11,000 lb., respectively 

Having found the reactions, ascertain the values of the intercepts in 
the moment diagram apqt by finding, for instance, the value of the 
intercept qr, which represents the moment X 3 ft = 9,000 1b. 
X 36 in. = 324,000 in.-lb. The value of the unit length of the inter¬ 
cepts in inch-pounds may now be found, as explained in Art. 16. 

Disregarding the supporting action of the wheel hub at m, the diam¬ 
eter of this part is calculated from the bending moment at e. Assu¬ 
ming‘a safe fiber stress = 9,000 lb and using formula 1, Ait. 4, 


dx 



10 %M 

S, 


a/io 2 X 324,000 
\ 9,000 


7 161, or in., nearly 


The depth of the sunk key is -J- rf, = l-J- in , nearly The depth of 
the keyway is therefore f in , and the diameter da = 7^ + Ij 
= 8-j^, or 8J-, m , nearly 

Proceeding to the part n, it is found that the intercept p s eX the 
point / is smaller than the intercept ij at^ The latter should there¬ 
fore be used as a basis for calculating the diameter at this place. 
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Measuring the intercept ij to the same scale as gr, it is found to repre¬ 
sent a bending moment M = 270,000 in.-lb. From formula 1, Art. 4, 




\r0 2M ./lO 2 X 270,000 i 

= ^ Q nm — = 6 74, or 6t, in , nearly 


5 . 


9,000 


The increase in diameter required for the key is i da = Ig in , 
making = 6^ + li = 7| m., at least. The length and diameter of 
each journal is found again according to formulas given m Art 16. 
Assuming that p = 700, 


da 


= 1 6 



^5 I 11. 000_ 

■ \ V9,000 X 700 


3.14, or Si^g-jln , nearly 


and the length is 

“ pda 700 X 3A 


4 93, or 6, m.,nearly 


The height of the shoulder at this journal is 

^ ^ + i = .444, or in., nearly 

Hence, de = 3i% + 1 = 4-5%- in. Proceeding in the same manner, 
it is found that_ 

dj = 1 5. I , -= 2.84, or2-|, in , nearly 

\ V9,OOOX 700 ® ^ 

The height of the shoulder at this end is 
2 ^ 

tf = -jI + B = 412, orT^, in., nearly 
The diameter rf, is then 21- -f i- = 8-f in., and the length is 


/ =-^ = 


9,000 


4 47, or 4^, in., nearly 


'pdr 700 X 21- 
The axle is drawn in the same manner as described in Art 16* 


SHAFTS SUBJECTED TO TORSION AND BENDING 

18. Equivalent Twisting Moment. —When a shaft is 
subjected to combined bending and twisting moments, the two 
moments may, by means of a formula derived from higher 
mathematics, be combined in such a manner as to give an 
increased beading moment, which in its effect is equivalent 
to the combined effects of the two separate moments; this is 
termed the equivalent bending moment. Or, another 
formula may be used in which the two moments are so com¬ 
bined as to give an increased twisting moment, equal in its 
effect to the two separate moments; this is called the 
equivalent twisting moment. The latter method is the 
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more general and is the one mentioned in Strength of 
Materials^ Part 2. 

Let M = bending moment for any section; 

T = twisting moment for the same section; 

Zi = equivalent twisting moment. 

Then, = M+ + Z* 


19. Grapliical Determination of the Equivalent 
Twisting Moment. — It is evident that the quantity 
+ 7^ found in .the formula of Art. 18 may represent 


the length of the hypot¬ 
enuse in a right triangle 
with sides M and Z. 
Using this length as a 
basis, the whole value 
of the formula can easily 
be found graphically in 
the following manner: 

Lay off the values of 
the moments Z and M 



PiQ 6 


in inch-pounds, as sides ad and dc in the right triangle adc. 
Fig. 6, which may be drawn to any convenient scale. The 
hypotenuse ac will represent the value + 7^, read to 
the same scale as the separate moments represented by the 
sides ad and dc. Produce the side ac, and, in the manner 
indicated, lay off a length cd equal to dc. The line ad will 
then be equal to A/Af* + Z”, and will thus represent the 
total value of Zi in inch-pounds. 


6 



Fig 7 


Examplb 1.—A shaft is subjected to a bending moment of 2,300 
inch-pounds and a twisting moment of 1,300 inch-pounds Find the 
equivalent twisting moment. 
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Solution. —Lay oS ad and 6c. Pig. 7, at right angles to each other 
and to any scale, representing 1,300 and 2,300 in -lb , respectively. 
Draw ac and produce it until cd equal to be, Tx is then equal to 
2,642 + 2,300 = 4,942 in.-lb. Ans. 


Noth —It is not absolutely necessary to extend tbe line ac, as the sum of the 
values represented by the lines be and ac can be found by ordinary addition. 

Example 2.—Calculate the diameter of a steel crank-shaft for an 
engine from the following data. The length of stroke is 10 feet, the 
maximum tangential force acting on the crank-pin is 26 tons; and the 
shaft is 10 feet long between centers of beanngs, and carries midway 
between beanngs a flywheel weighing 66 tons. Assume the safe 
shearing stress to be 9,000 pounds = 4^ tons. 

Solution —The twisting moment T = maximum tangential force 
X length of crank = 25 T X 6 ft. = 126 ft -T. = 1,600 in.-T. The 
bending moment is 

i />/ = ^ = 137 6 ft -T. = 1,660 in.-T. 

The value of 7i may be determined graphically in the manner 
Indicated m Fig. 8, but care should be taken to read off the value 
of Tx in tnch-tonSy as this term is used to express the other 

moments Thus, the value 
of Tx IS found to be 3,880 
m -T. The bending moment 
has therefore the same effect 
as if the tangential force 
at the crank were increased to 



3,880 


64 7 T. 


6X 12 

If Tx is to be found by calculation, then from the formula of Art. 18, 
r, = T’ 

= 1,660 + A/r;^0* + 1,600‘ = 8,880 m.-T. 

Now, using formula S, Art. 4, 

d = = 1 72-^^^ = 16f in., nearly. Ans. 


Note —In the foresfoins: solution It will be noticed that the units selected are Inches 
and tons Generally, when the bendmff and twisting: moments are largre, it is more 
convenient to use tons than pounds Care must be taken, however, to make the 
units consistent, for example, it would be wrong: to take the moments in tnch-ions, 
and the safe stress in pounds. 

Example 3 —A wrought-iron shaft transmits 160 horsepower at 
126 revolutions per minute, and at the same time is subjected to a 
bending moment of 60,000 inch-pounds. Calculate the diameter of 
the shaft. 

Solution.— From the formula of Art 4, PR = 63,026 ^ the 
twisting moment T = 63,026 X ifg- - 75,630 in.-lb. M being 60,000 
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in -lb , 7"j IS found graphically in the manner described, its value 
being 166,540 m.-lb Using formula 3, Art. 4, viz., d = 
and making = 6,800, 

flT = 1 = 4f| in., nearly. Ans. 


20. Equivalent Torsional Moment of a Hollow 
Shaft. —The methods described in Arts. 18 and 19 for 
finding the equivalent torsional moment for solid shafts 
apply also to hollow shafts; but, after the moment 71 has 
been determined, the diameters of the shaft must of course 
be found by means of formula 2, Art. 7, 


Example. —A hollow steel shaft transmitting 200 horsepower at 
120 revolutions per minute is subjected to a bending stress of 
60,000 inch-pounds. Calculate the outside and inside diameters di 

and respectively, when the ratio ^ = n = 5. 

Uj 


Solution. —The twisting moment T is found from the formula of 
Art. 4. Thus, 


PR = 63,025 ^ 


63,026 


^ 120 


106,042 in.-lb. 


To find the equivalent twisting moment Tl by calculation, use the 


formula of Art. 18, from which Tj. = MT* = 50,000 
-r VoOjOOO* -h 106,042® = 166,336 m.-lb Inserting thisvalue in formula2, 
Art. 7, 


= 1 . 72 ^ 


PR 


= 1.72 


J 166,336 
\9,000 (1 - .6*) 


4.646, 


, (1 - n-) 

or 4-J"i-, in , nearly 

The inside diameter da is n X di = .5 X 4.646 = 2.323, or 2-^, in., 
nearly, Ans. 


SHAFT COUPIilNGB 

21. Couplings are used to connect the ends of shafts, 
and are of three kinds: (1) Pas^, or permanent^ couplings; 
(2) loose coitplhigSy or clutches, by means of which shafts may 
be connected or disconnected at pleasure; and (3) friction 
clutches, which are loose couplings that hold by friction. 
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PERMANENT COUPLINGS 

22. Sleeve, or Muff, Couplings. —The sleeve, or muff, 
coupling, as shown in Fig. 9, consists of a cast-iron cylinder 
fitting over the ends of the shafts. The two ends are pre¬ 
vented from moving relatively to each other by a sunk key, 
the keyway being cut half into the box and half into the 
shaft ends. Quite commonly, the ends of the shafts are 



Fiq 9 


enlarged so as to allow the key way to be cut without weaken¬ 
ing the shafts. 

The key may be proportioned by the formulas already 
given in Machine Design, Part 2. For the other dimensions 
take 

/ = 2'2 d 2 in. 

/ = .4 + .5 in. 

Example. —Find the dimensions of a muff coupling for a shaft 
2^ inches m diameter. 


Solution. —For 
Design, Part 2. 


the key, apply the formula given In Machine 


b = \d = \y, 2^ — \ in 
i = id=ix2i^^ in 


yAns. 


For the muff, use the foregoing formula. 

l = 2id+ 2 = 2ix2i+ 2 = 8}in.l 
+ 5 = 4 X2i + = m. 


23. Clamp Couplings. —A clamp coupling is shown 
in Fig. 10. The faces for the joint are first planed off, the 
holes are drilled, and then the two halves are bolted together 
with pieces of paper between them, after which the coupling 
is bored out to the exact size of the shaft. The pieces of 
paper on being removed leave a slight space between the 
halves, and the coupling when bolted to the shaft grips 



I ■ til I 


t: 




The following are the proportions used in practice: 
d = diameter of shaft; 

D = diameter of coupling = 2^d + ^ in,; 

I = length of coupling = 4 

The diameter of the bolts may be s' inch for shafts under 
2^ inches in diameter; f inch for 2ir-inch shafts, and i inch for 
larger shafts. For shafts up to 3 inches in diameter, use 
four bolts; for larger shafts use six bolts. 

24. Flange Couplings. —A flange coupling is shown 
in Fig. 11. Cast-iron flanges are keyed to the ends of tho 


usi 

'he 

igei 
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Sometimes, the ends of the shafts are enlarged to allow for 
the keyway. To prevent the possibility of the shafts 
getting out of line, one flange may be made with a projec¬ 
tion that fits into a recess in the other, as shown. 

The following proportions may be used for the form of 
flange coupling shown in Fig. 11: 
d = diameter of shaft; 

D = lf^/+lin.; 

Dx == diameter of bolt circle = 22-^^+ 2 in.; 

/ = I'i 'd X in.; 


n = number of bolts = 3 + 


2 ^ 


d 

dx = diameter of bolts = —h i" in.; 

n 

— diameter of coupling = lADx\ 
b = ^ + I in.; 

^ = 2b- 
t =■ \ d. 

As most designers prefer an even number of bolts, select 
for n the nearest even number. 

The key may be proportioned by the formulas already given 
for keys. The dimensions for I and as found by the 
preceding formulas, should not be used for shafts exceeding 
4 inches in diameter. For larger shafts, the dimensions given 
in Table II may be used. 


TABLE II 


DIMENSIONS OP COUPLINGS FOR SHAFTS OVER 
POUR INCHES IN DIAMETER 


Diameter 
of Shaft 
Inches 

1 

Inches 

A 

Inches 

Diameter 
of Shaft 
Inches 

1 

Inches 

4"^ 

6i 

14 ^ 

7 

10 

5 

7i 

i6i 

8 

II 

si 

8 

lyi 

9 

12 

6 

8i 

20 

10 

13 


9i 

21 




Inches 


22 

24 

26 

28 



MACHINE DESIGN, PART 4 


25 


26. Th.e Sellers Cone Coupling, —The Sellers cone 
coupling, which is shown in Fig:. 12, consists of an outer 
box, or muff, that is cylindrical externally, but has the 
form of a double truncated cone on the inside. Within the 
muff are placed two slotted sleeves, which are turned on the 
outside to fit the muff and are also bored out to fit the shaft. 
These sleeves are pulled together by three bolts, and as the 
former are drawn farther into the muff, they grip it and 
the shaft firmly. 

The bolt holes pass through both the sleeves and the muff, 
and are square in cross-section. The friction between the 

u- i -H 



Pio 12 


sleeves and the shaft is generally sufficient to prevent slip¬ 
ping, but to be on the safe side, the sleeves are usually keyed 
to the shaft. The key should have no taper, and should fit 
at the sides only; its proportions may be obtained by formu¬ 
las given in Machine Design^ Part 2. The other proportions 
may be taken as follows: 

d — diameter of shaft; = 

l=4d\ e=lid; 

D=3d; h = id. 

The conical sleeves may be tapered 4 inches per foot of 
length. In putting up lines of shafting, the couplings, if 
possible, should be placed near bearings. 
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LOOSE COUPLINGS 

36. Claw Couplings.—Claw couplings are used when 
the shafts are to be alternately connected and disconnected. 
For large slow-moving shafts, the claw coupling shown in 




PlO IS 


Pig. 13 may be used. This coupling somewhat resembles 
the flange coupling shown in Fig. 11, except that the flanges, 
instead of being bolted together, are provided with a set of 
lugs c that interlock. One flange is permanently fastened to 




the shaft by a sunk key tw, 
while the other is fastened 
to its shaft by a feather 
key w, and may be moved 
back and forth, thus throw¬ 
ing the coupling, or clutch, 
in or out of gear. The 
movement of the clutch is 


effected by a forked lever 
fitting into the recess h. 


The lugs, or claws, may be given the form shown in 


Fig. 14, in which case the couplings are more easily put in 
gear, but will drive in only one direction. 
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Cast-iron claw couplings may have the following pro¬ 
portions: 

d = diameter of shaft; e = i d\ 
a ^\\d\ h = ^d; 

c — \d\ i z= I d. 


FRICTION CLUTCHES 

27. Function of .tlie Friction Clutcli. —When it is 
desired to connect two machine parts—one revolving and the 
other stationary—without injurious shock to the machinery, 
the motion must be imparted gradually to the driven part. 
This gradual starting, however, is impossible without some 
relative motion between the two parts during the starting 
period. In a friction clutch, this relative motion can readily 
be provided, because motion is transmitted from one part to 
the other solely by means of the friction of the contact sur¬ 
faces. A gradual increase of this friction is followed by a 
reduction of the relative motion until both parts revolve at 
the same speed. 

In order to produce relative motion between two bodies in 
contact, a certain force P is necessary to overcome the fric¬ 
tion F between the rubbing surfaces. The amount of this 
force P depends on the nature of the contact surfaces and on 
the pressure N" normal to them. The ratio between the fric¬ 
tional force F and the normal N, termed the coeihcieiit oi 
{riciion^ is generally designated by /; hence, 

It is also known-that if e is the angle of friction, then 
/ = tsLne = ^ (2) 

28. For contact between metals, and between metals and 
wood, / varies between .1 and .5. For cast iron on cast iron 
it varies from .1 to .15. 

From formula 1, Art. 27, F = f N. As / is always less 
than 1, it follows that F must always be smaller than 
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For instance, for cast iron on cast iron, F = fN = .1//. If 
the pressure N is 100 pounds, then the resistance F will be 
.1 X 100 = 10 pounds. 

When frictional forces are used to transmit large powers, 
it is evident that the normal pressure N must be very large. 
As it is undesirable to produce this directly, a friction clutch 
must be so designed that only a relatively small pressure will 
be required to bring the clutch into action so as to produce 
the necessary friction. This may be attained by different 
means, one of which is to make the rubbing surfaces parts 
of cones, depending on their wedge action to produce the 

pressure required. 


A 29. Cone Friction 

/ \ Clutcli. — Fig. 16 {a) illus- 

/ \ trates diagrammatically 

/ \n the two cones of a cone 

/ ^ friction clutcli, a being 

»/ ^ A the external and d the 

2 internal one. The two 

/ \ cones are assumed to be 

\ \ held in contact by means 

* 'JS ^ ^ of the axial force Fat and 

(a) its components exert 

It 

Pig. 16 i ^ 

pressures normal to the 
contact surfaces of the cones. The angle m indicates 
the inclination of the cone surface toward its axis, and the 
angle n is the complement of this angle. A uniform pres¬ 
sure is supposed to be acting normally over the whole cir¬ 
cular surface of each cone, but, to facilitate the explanation 
of its action, this'pressure is shown concentrated at the two 
points and located diametrically opposite each other, 

p 

each component being equal to 


The magnitude and direction of these components may be 
found by constructing a triangle as shown in Fig. 15 (^), in 
which the side cd, drawn to any suitable scale, represents 
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the direction and value of the force By drawing the 
lines ce and de qX angles n to cd and letting them intersect 

p 

at f, the directions and values of the two forces — are found. 

2 

p 

When a perpendicular is drawn from e to cd, then di = —, 

li 

P P 

and -^ = sin m . Hence, Pa = sin m Pn, and 

A 


Pn = 


smm 


( 1 ) 


When the cone a revolves, the friction produced at the 
contact surfaces of cones a and b acts as a tangential force Pt, 
not shown in the illustration, which tends to rotate the 

p 

cone b. One-half of this force, that is, is supposed to be 

concentrated at each of the two points and Inserting 
the letters Pt and Pn forand N, respectively, in formula 1, 

Art. 27, then / = and 

P, = fPn (2) 

The twisting moment T tending to turn the cone b is 

p 

R X 2 -^ = Ail in which R = distance of points or from 

2i 

the axis of the cone b. From formula 2 the tangential force 


Pi = iPn, and from formula 1, = 


sin m 


Hence, 




sm m 


and 


T=RPi^ 


£PaR 


(3) 


sin m 

If in place of the moment T it is desired to express the 
action of the clutch in horsepower, then from the formula 

PR = 63,025 

N 

7 , iPaR 63,026/? 


or, 




sin m 
fPaRN 
68,025 sin m 


(4) 


I L T 375—15 
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Let A = frictional area of a cone or cylinder, in square 
inches; 

ps = safe pressure per square inch between the surfaces; 
w = width of conical or cylindrical surface; 

R = radius of a cylindrical surface, and average 
radius of a conical surface. 


Then, 

As ^ Rwy 


A = 


w = 


A 

A 

2nR 


( 6 ) 


( 6 ) 


An average value for A is 60 pounds per square inch. 
Referring to Fig. 16, the average diameter of the conical 



Fig 16 

part may be from four to eight times the shaft diameter, 
according to the amount of power to be transmitted. The 
angle m of the cone may be from 4° to 10°. The other pro¬ 
portions are as follows: 

d = diameter of shaft, 
a = 2d\ = id] 

^ = 4 to 8 h = id] 
c ^ 2id] s = -Ad] 

t = lid; ^ = id. 
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30. The following- example will illustrate the application 
of the formulas for the cone friction clutch. . 

Example. —Ascertain the width of the cone surfaces in a cast-iron 
friction clutch intended to transmit 20 horsepower at 200 revolutions 
per minute, when the mean radius of the cone surface is 6 inches and 
the pressure per square inch of same is not to exceed 65 pounds. 


Solution —Substituting Ft for P in the formula PF = 63,025^^ 

TT on 

Pt = 63,025^ = 63,025 X ^ = 1,260 lb., nearly 


As both cones are made of cast iron, the value of / may be taken 
as 16. According to the laws of friction, if the angle m is made 
equal to or a little greater than the friction angle e for cast iron, 
the two friction surfaces will separate voluntarily when released. 
As tan = / = .16, ^ = 8 6°, nearly. Transposing formula Art 29, 
and solving for then, 


Pt 1.260 
/ ” .16 


8,400 lb. 


In case f should occasionally assume a greater value than .16, it is 
well to increase the angle m to prevent the cones from sticking together 
when released. Let the value 7n be increased to 11°, corresponding to 
a value f = .194 Then, the axial pressure Pa necessary to produce 
the pressure Pn is found from formula 1, Art 29, from which 
Pa — Pn sin m — 8,400 X .191 = 1,604 lb., nearly 
From formula 6, Art. 29, 

. 8,400 , 

A — = 163 sq. in , nearly 

From formula 6, Art. 29, 

= 2 X 3?416 X 6 


31. Cylinder Friction Clutcli. —When the rubbing 
surfaces o£ a clutch are cylindrical, formulas 2, 5, and 6, 
Art. 29, may be applied, but not formulas 3 and 4. 
Eliminating the value sin m, the ratio of Pa to Pn will 
depend on the mechanism employed for transforming the 


axial force Pa 


into the radial forces 

2 


An example of a cylinder friction clutcli is shown in 
Fig. 17. The shaft n carries a flange, or cylinder, A, and 
the shaft m has keyed to it a ring B. The ring is split and 
fits inside the flange, or cylinder, the split ends being 
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connected by a screw having a right- and a left-hand thread. 
The screw is turned by the lever C, which is connected by a 
link D to the sleeve E. When the sleeve is pushed toward 
the clutch, the rotation of the screw throws the ends F, F of 
the ring B apart and thereby causes the ring B to grip the 



flange A tightly. A clutch of this form is easy to operate 
and produces no end thrust on the shaft. 

Views showing details ot the ends of the ring B^ Fig. 17, 
are given in Fig. 18, {a) being an elevation and {b) a section 
taken on the line xx. To facilitate the insertion of the 



PiQ 18 


screw shown in Fig. 17, it is necessary to make the nuts a,, a, 
separate from the ring F. The nuts are dovetailed into 
recesses m the ring, as indicated After the nuts have been 
screwed into position on the screw, they are inserted in the 
recesses and held there by the screws c, c. 
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Another form of clutch differs from the preceding in 
having the friction band B on the outside of the flange. The 
principal proportions of these clutches are about the same as 
those given for Fig. 16. 

32. Disk Fi-lctlon Clatclies.—In order to secure the 
required frictional surface when conditions limit the diameter 
of the clutch, it is necessary to extend the dimensions of the 
clutch lengthwise and to have the friction surfaces at right 
angles to the shaft. An example of this class is the disk 
friction coupling. 

The construction of this clutch when used for coupling a 
spur gear to a shaft is shown in Fig. 19. The spur gear gy 



Fig 19 


which is provided with a hub g^^ revolves loosely on the 
shaft a, and on hub^i are feathers hx and that engage with 
wrought-iron rings 3, b. The coupling box / is connected to 
the shaft by means of feathers which permit the box to 
be moved lengthwise. The box is provided with six longi¬ 
tudinal ribs d, d that engage with grooves in the wooden 
rings and consequently these rings will revolve with the 
box and the shaft, while the gear^ and the rings by b remain 
stationary. By means of a forked lever resting in the 
groove k, the box may be forced to the left, bringing all the 
rings in contact and compelling the rings b and the gear ^ to 
revolve with the shaft. 

Let R = mean radius of the rubbing surfaces; 
n = number of pairs of rubbing surfaces. 
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prongs of which fit into the groove cut in the sliding part 
of the clutch. The lever is usually operated by hand, though 
for large clutches the end of the lever may be moved by a 
screw and hand wheel. The ordinary design of the forked 
end of the lever is shown in Fig. 20, To increase the wear¬ 
ing surface, however, a strap as shown in Fig. 21 may be 
used. The strap completely fills the groove, and is often 
made of brass. The dimensions h and s are the width and the 
depth of the groove, respectively, which are to be determined 
by the rules already given for the proportions of the clutch. 

The proportions for the clutch lever are: 

d = diameter of shaft; s = 

h = \d\ m = \ d\ 

k \d\ n = id, 

I = -^^d] 

BPRING8 

GENERAL FUNCTION OF SPRINGS 

34, Most machine parts are constructed so as to show 
a minimum amount of deflection, but some are designed to 
give a maximum amount of deflection for a given stress. 
Such parts are termed springs, and their function is either 
that of providing a yielding connection between two other 
machine parts, or of providing means for graduating the 
pressure or pull on a certain machine part in accordance with 
a certain fixed value. An example of the first kind are the 
springs under a railroad car, while the springs in safety 
valves, governors, etc. are examples of the second kind. 

Springs are divided into three general classes: elliptical^ 
helical, and spiral. 


ELLIPTICAL SPRINGS 

35. Plate, or Cantilever, Spring. —The plate spring, 
whether supported at one end or at the center, is considered 
as a cantilever, and the formulas for such springs are based 
on the formulas for cantilevers. In the case of a plate 
spring supported at th^ center, one-half of the load is 
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supposed to be carried at each end of the spring; each half 
of the spring is thus treated as a cantilever supportin g one- 
half the load. 

It was shown in Strength of Materials, Part 2, that the 
bending moment of a beam 


M= sf 

c 


( 1 ) 


if 5* = safe working stress, in pounds per square inch; 

/ = moment of inertia of its cross-section; 
c = distance of outer fiber from neutral axis, in inches* 
It was also shown that the deflection of a beam 
Wl^ 


s = 


El 


( 2 ) 


when a = 2 l constant depending on the mode of loading; 

W = concentrated load, in pounds; 
d = depth of beam, in inches; 

/ = length of beam, in inches; 

E = coefficient of elasticity — Et = Ec. 

For a rectangular cross-section / = ^ and ^ By 

inserting these values in formula 1, 

^ 2S.bd^ ^ S,bd^ 

12 d 6 

For a cantilever with a concentrated load at one end, 

M = Wl; hence, JVl = , and 

6 

( 3 ) 

If the same values of / and c are inserted in formula 2, 
it becomes 


or, 


J i 


12JVP 

Ebd' 


iWl 

£dd’ 


36. yarlatlons of Deflectton.—If the dimensions of a 
spring intended to support a given load Wave calculated by 
means of formula 3, Art. 35, it may be found on applying 
formula 4, Art. 35, for the purpose of ascertaining the 
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. deflection s resulting: from the load IV, that this deflection 
is either too large or too small. As a guide in making the 
necessary changes in the dimensions of the spring, so as to 
produce the required deflection, it should be noted that if 
the length / is changed, it is obvious from formulas 3 and 4, 
Art. 35, that for a given increase in length I the gain in 
deflection is much 
greater than the loss 
in strength. A de¬ 
crease in the width b 
for the purpose of 
increasing the deflec¬ 
tion is followed by a 
corresponding loss in 
strength. Increasing 
the depth d will 
decrease the deflec¬ 
tion, and increase the 
strength of the 
spring, though not in 
the same ratio. 


37* Design of 
Elliptical Springs. 

The dimensions of a 
spring need not be 
uniform throughout 
its length; it may 
vary in thickness or 
in width. If the rate of increase in width is directly propor¬ 
tional to the bending moment, then the stress kS* will be 
uniform from end to end. Such a spring is shown in 
Fig 22 (a), which is a plan view of a flat spring^ that is 
supported along the middle line /i/, and consists of two 
triangular cantilevers joined end to end. For the purpose 
of economizing space, it is preferable to subdivide the 
spring into narrow strips, or leaves, as shown by the dotted 
lines, and to lay these leaves on top of one another 
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In Fig. 22 {d)y the central strip c is on top, and below it 
are the narrower strips etc., which are placed side 

by side and supposedly united along the center line a b. 

Fig. 22 (^r) shows a side view of the spring built up from the 
strips, which are held together by the strap s and form what 
is termed a larmnated spring. In practice, the separate leaves 
are given a curved form before being inserted in the strap, 
and the spring then assumes the form shown in Fig. 22 {d). 
In this form, it is called a semielliptic spriiigy and if two such 
springs are joined back to back, it is a full-elliptic spring. The 
distance a is called the set, or arch, of the spring. In 
general, the upper leaf, whether single or double, is left wUh 
square ends, while the others have their ends rounded off. 

The deflection calculated for the undivided spring By 
Fig. 22(a), will not correspond to the actual deflection of 
the laminated spring, Fig. 22 (d). In the latter form, the 
friction between adjoining plates prevents the deflection from 
reaching its full value when the spring is straightening out 
under an increasing load. When the load is decreasing, the 
friction will also prevent the spring from returning to the 
position it should occupy in accordance with the load, and 
will therefore show a deflection that is too large. 

The following formulas for elliptical springs, deduced by 
Reuleaux, have, in general, given satisfactory results: 

Let i = deflection at end of spring, in inches; 

JV = load at one end of spring, in pounds; 

B = modulus of elasticity for bending = Bt = Be] 

I = one-half length of spring, in inches, when loaded; 
b = width of plates, in inches; 
i = thickness of one plate, in inches; 

71 = number of plates in spring; 

►Su = safe maximum fiber stress in plate. 

Then, W= (i) 

6 I 


nd . = 6 Wl' ( 2 ) 

Enbt' 

The latter formula gives correct values for j if the plates 


gradually decrease in length, as shown in Fig. 22 (c); but 
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frequently, as shown in Figf. 22 {d), an extra plate of the 
same length as plate c is added. In such cases, the factor 6 
of formula 2 is reduced to 5.6 and 


6.5 wr 
Enbf 


(3) 


In general, for steel, is taken as 80,000 pounds and 
as 30,000,000 pounds, in which case formulas 1 and 2 
assume the forms 


W = 


13,333 nb 
I 


(4) 


and 


wr 

6 , 000,000 72 ^/* 


(5) 


Example —An elliptical spring, similar to Pig 22 (d ), consists of 
6 plates 3 inches wide and inch thick. The two upper plates are 
of equal length The length of the spnng is 40 inches and it supports 
a load of 1,200 pounds Find the deflection and the safe load. 


Solution —From formula 5, 

, ^_ 600 X 20“ _ 

6,000,000 X 6 X 3 X 375“ ” ^ 

From formula 4, 

13,333 X 6 X 3 X 376“ , i: r 

= 2 q ” 1,406 lb for each end of spnng Ans, 


HELICAL. SPRINGS 

38. Springs of Round Wire.—A helical spring 
consists of a wire or rod wound into helical coils, as shown 



Fig 23 Fig. 24 


in Fig. 23, in which A is the coiled wire, fg' its center line, 
and p the pitch, or amount of advance for each turn. The 
coils may touch one another, or there may be a space between 
the successive turns, as shown. 
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In Fig. 24, abc represents part of one coil. If a load P 
is acting at the point a and the cross-sectional area at c is 
considered with reference to this load, the wire is subjected 


U J) 

to a twisting action, the twisting moment Zbeing——, nearly. 


It is evident that the action of this twisting moment is not 
limited to the point r, but is also transmitted along the wire, 
and the effect is the same as if the coil were a straight 
wire or shaft subjected to simple torsion. 

An end view of a spring supposed to be uncoiled into a 
straight piece of wire is shown at Fig. 25. The wire is 

provided with a pulley B 



having a diameter/? equal to 
that of the coil in Fig, 24. 
The action of the load 
Fig. 25, will therefore have 
the same effect on the wire as 
the loadPy Fig. 24, considered 
with reference to the point c 
of the wire. If a load P sus¬ 
pended from the pulley B 
turns the latter so that the 
point moves into the posi¬ 
tion aay then a point on the 
wire, while moving into the 
position will move through an angle e. The angular 
deflection of the wire is therefore <?°. If j is the length cf 
path through which point has moved, then 
sittD = e° : 360° 
and ^ ( 1 ) 

In Art. 4, it was shown that the twisting moment 


7 ’ = ^!/ ( 2 ) 

c 

when Ss = safe fiber stress for shear; 

J = polar moment of inertia; 
d = diameter of shaft; 

c = distance from outer fiber to neutral axis. 
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For a circular section, J — and c = ^. Inserting these 

UA A 


values in formula 2, 


T = 


S„nd‘ 

16 


If P is the safe load in pounds, the safe twisting moment 
.PD _ S,nd\ 

2 “ 16 ’ ^ ’ 

p _ 2S,7rd' _ S’.flT* 

16 D -'2.662? 

or, i°=.3927!^ (3) 


39. It has been shown in Art. 6 that the angular deflec¬ 
tion of a shaft 

‘ - a” 

If n is the number of coils in the spring, then the length 
of the uncoiled spring is / = mzD^ nearly. This value is 
near enough for most practical purposes. 

Note —If the correct length is required, the pitch of the coils 
should be considered, as indicated by py Fig. 23. In this case 
I = n<p^ + 

Inserting the value / = in formula 1, 

684 Tnn D 

Substituting for e the value given in formula 1, Art. 38, 
P D 

and for T the value 

360 ^ ^ bUPD^Ttn 
n D %Esd*‘ 

and 

The total twist .y of the wire as represented by the length 
of the curved path traced by the point < 2 , on the pulley 
Fig. 25, will show itself as an axial motion in the coiled 
spring. This is because each coil is subjected to a twisting 
action in a direction nearly at right angles to the axis of the 
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wire. Therefore, the sum of all the resulting* twisting 
motions will also be in a direction at right angles to all the 
coils; that is, in the direction of the axis of the spring. 
The direction of this motion for a spring in tension is 
shown by the arrow Fig, 23. 

Distinction should be made between the value of P in 
formula 2 of this article and the value of P in formula 3, 
Art. 38. In the latter formula, P represents the safe load 
that the spring may support; in the former, P is the load for 
which the deflection is to be ascertained. The value used 
for P in formula 2 must never be greater than the safe load 
P found by formula 3, Art. 38. 

The factor n is not contained in formula 3, Art. 38; con¬ 
sequently, the number of coils n may be varied to give a 
desired deflection without affecting P. 


40. Compression of Springes. —The formulas given in 
Arts. 38 and 39 apply also to helical springs subjected to 
compression, since, from Fig. 25, it is immaterial whether 
the rod u is twisted to the left or to the right. However, the 
following difference between springs under tension and those 
under compression should be noted. In a spring under ten¬ 
sion, the coils may be in contact while the spring is in its 
initial position; in a spring under compression, the pitch of 
the coils, while the spring is in its initial position, must be 
such that sufficient space is left for the coils to approach the 
required distance; that is, the pitch /, Fig. 23, must be larger 

than —. 
n 


Example 1 —K helical spring made of -J-inch round steel has a 
diameter ^ of 3 inches {a) Calculate the load P that it will carry 
safely if .Sa = 60,000 pounds {b) Calculate the extension, if the spring 
has 16 coils and supports a load P of 700 pounds. 


Solution.—( a) Substituting these values in formula 3, Art 38, 

„ .3927 X 60,000 X 6“ ^ 

P — g — = 982 lb Ans. 

(^) Use formula 2, Art 39. Thus, Es — 12,000,000, then 
^ _ 8 X 700 X 3» X 16 „ ^ ^ 

12,000,000 X.6* = 3 024, or 3, in, nearly. Ans. 
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Example 2. —helical spnng is to be made of -j^-inch round steel 
wire and must show an extension of 5 inches for a load of 600 pounds. 
Find the diameter of the coils and the required number. 


Solution —^Applying formula 2, Art 39, and solving for the 
product 

sE,d* 6 X 12.000,000 X 4375" 

^ = “8^ “ 8 X 500 = 

Hence, n = Inserting a tentative value of = 3, 


n 


560 

27 


= 20 coils, nearly. 


Ans. 


It is necessary to ascertain whether this value of D will give the 
spring sufficient strength to support a load of 600 lb By formula 8, 
Ajt. 38, 

p ^ 3927 X 60.000 X .4376" ^ 

3 

showing that the spring is of ample strength. 


41- Working Stress.—Since, owing to its elasticity, a 
spring is not subjected to sudden shocks, as would be the 
case with a rigid body under similar conditions, a greater 
safe working stress may be used. Hence, it is customary to 
take the value of as one-half the ultimate shearing strength 
of the material. In preceding examples, the value of for 
tempered cast steel has been taken as 60,000 pounds. This 
value is sufficiently safe for conditions in which the spring 
is required to act only intermittently, as when used in a safety 
valve or an engine governor, but if the spiing is to be in 
constant action, a lower value of should be used. 


42. Table of Strength, and Deflection.—In order 
that the calculations of the strength and deflection of helical 
springs may be simplified. Table III, computed by J. Beg- 
trup is here inserted. This table is based on the formulas 
for round steel wire, the derivations of which were given in 
Arts. 38 and 39. The symbols used in the table differ in 
some respects from those employed in the preceding for¬ 
mulas, as will be seen from the list that follows. It should 
be particularly noted that vS, represents the deflection of one 
coi] at a load of 100 pounds Thus, in the table, 
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Di = outside diameter of coil; 
d = diameter of steel wire or rod; 

Sx = deflection of one coil at a load of 100 pounds; 

P = safe load in pounds; also the load by which a 
specified deflection is to be effected; 

5 = fiber stress in pounds per square inch = 60,000; 

= modulus of torsional elasticity. 

Comparing the values of and with those of D and s 
used previously, it is seen that 

Dx = D 4 “ d^ 


also that the total deflection s for a given load is 

nSxP 


and 


s — 


n — 


100 

1005 

SxP 


(1) 

( 2 ) 


Table III may also be used in calculations for helical 
springs made of sgiiare steel. For square steel, the values 
given in the table for P must be multiplied by 1.2, and the 
values for 5, by .69. Three values of are given for each 
separate value of d corresponding to the following values 
of Es\ 


Es = 10,000,000 

E, = 12,000,000 

E, = 14,000,000 


43. Application of Table III.— The use of Table III 
may be illustrated by the following examples: 

Examplb 1. —What is the safe load for a spring made of |-mch 
round steel, if the outside diameter Dx is 3 inches? 


Solution.— Descend along the first column of Table III until the 
value = f in is found. In the second column, an adjacent letter A 
IS found. Proceed to the right along the line headed by until the 
value 3 in. is found, and below this, in the line P, is the number 2,422, 
which IS the safe load for the spring. 

If this spring is to show a deflection of 2 in for a load of 2,000 lb., 
ascertain the number of coils required, taking the average value for 
Es as 12,000,000 Below 2,422 in the table are three other numbers 
headed by the letter Ji, the second of these is Si = .0058, which corre¬ 
sponds to Es = 12,000,000. Applying formula 2, Art. 42, 

100 X 2 

" “ .0068 X 2,000 “ 
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Example 2 —A spring having an outside diameter of 4 inches is 
made of 10 coils of ^-inch round steel. Will an extension of 4 inches 
strain the spring? 


Solution —From Table III, the greatest permissible load P is 
841 lb. If Es = 12,000,000, then Sj. = .0457. Inserting these and the 
other known data m formula 1, Art 42, 




10 X .0467 X 841 ^ . 

lob- 


As the spring is extended 4 in , it is supporting an excessive load 
and will therefore be strained. Ans. 


Example 3 —Find the safe load for a spring made of -J-inch square 
steel and having an outside diameter of 3 inches 

Solution —From the table, P = 1,178 lb. for round steel, but, as 
stated in Art. 42, for square steel, this value should be multiplied 
by 1 2; hence, 

P = 1,178 X 1 2 = 1,414 lb. Ans 


Example 4 —Find the deflection of the spring m the last example 
at a load^jf 1,000 pounds, if it has 16 coils. 


Solution. —For square steel, = 69 j,, when the latter value of Sz 
is that found in Table III for round steel. Applying formula 1, 
Art 42, 

_ 16 X 69 X 0167 X 1,000 
^ ■ 100 


= 1 48 in. Ans. 


SPIRAL SPRINGS 

44, A spiral spring consists of coils wound spirally on 
one another in a plane at right angles to the axis of the 
spring, as shown in Fig. 26. Springs 
of this class are properly termed flat 
spiral sp7nngs to distinguish them from 
conical spiral springs^ in which the coils 
advance longitudinally as Well as 
radially. A railroad buffer spring is 
an example of the latter class. 

45. Flat Spiral Springs-—In 
a flat spiral spring, the bending moment is equal to 

M = lVr = (1) 

c 
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in which W = load, in pounds; 

r = lever arm of load, in inches, considering 
center of spring as one end of arm 
(see Fig. 27); 

5* = safe outer fiber stress, in pounds per square 
inch; 

d = thickness of bar, in inches; 
b = width of bar, in inches. 

L ^ 

For a bar or wire of rectangular cross-section, 1 = ■— and 


j 

c = Inserting these values in formula 1, 

A 

Wr^ 



sa ^ S.dd^ 

c 6 


and 

^ _ S^^_d^ (2) 

6r 

The parts of the 
spring that are fastened 
to the shaft, or that are 
wound around it so as 
to be in contact with it, 
will be unable to bend 
and are therefore inac¬ 
tive. In Figs. 27 and 28, 
the active part of the 
spring is supposed to begin at point /, and the length of the 
spring or the number of active coils are to be counted from 
this point. 

Let I = developed length, in inches, of all the active 
coils; 

s = distance, in inches, moved through by the point < 2 ,, 
the point!at which the load JV is applied 
(Fig. 27); 

Ee ^ Ec = modulus of elasticity = 30,000,000 for steel; 
e = angular deflection in degrees of point 
Then, the following formulas may be evolved: 

(3) 

£,dd‘ 
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and the angular deflection 

67.3 j 


e = 


(4) 


In explanation of Fig. 27, it should be noted that when 
considering the deflection of the spring z*, reference is had to 
the relative motion between the ends of the spring. In this 
instance, one end is attached to the stationary stud and the 
other end to the shaft u, which may be turned by the force W 
acting on the lever arm r == ca^. The point <3, is supposed 
to move into the position a,, while the force W acts at right 
angles to the lever arm 
cui = The linear 

deflection ^ is equal to 
the length of the 
arc fla, while the 
angular deflection <? 
corresponds to the 
angle a^caa. 

46. The length / in 
formula 3, Art. 45, is 
found by means of the 
following formula: 
d, + da 
2 


I = Trn 
in which 


(1) 



Fio. 28 


= diameter of outside coil (Fig. 27), in inches; 
== diameter of inside coil, in inches; 
n = number of active coils. 

In Fig. 27, for instance, there are four active coils. 

If the value of i in formula 1 is inserted in formula 3, 
Art. 45, then 

18.86 
Etbd^ 


s = 


(^1 + da) 


( 2 ) 


Example.—A pulley a 18 inches in diameter revolves loosely on the 
stud c, Fig 28, and supports at intervals a load of 400 pounds by means 
of the strap b The rotation of the pulley is opposed by a spiral 
spring t made of a steel band 3 inches wide and f inch thick. One 
end of the spring is attached to the stud g on the pulley, and the other 
end to the stud c. If the diameters of the outer and inner coils of the 
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Spring are 16 and 4 inches, respectively, and there are 10 active coils, 
what will be the linear and angular motion of a point on the pulley rim 
when the load is acting? 


Solution. —It is first necessary to ascertain whether the spring 
will safely support the load of 400 lb. From formula 2, Art. 45, 

JV ^ -. The diameter of the pulley is 2r = 18 m., hence, 

6r r' -r 

r == 9 in. Inserting this value of r in the formula and using a value 

for S 4 . of 60,000, 

60,000 X 8 X .376* ^ 

6X9 

The spring therefore has sufficient strength to support the load of 
400 lb. 


From formula 2 of this article, 

_ 18 86 X 400 X 9* X 10 
“ ~ 30,000,000 X 3 X .376“ ^ 
From formula 4, Art. 45, 

67.3 X 26 7 
^ ” 9 


(16 + 4) 


26.7 in. Ans. 


163.6°. Ans. 
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DESIGN OF FLEXIBLE GEARING 

BELT GEARING . 

STRESSES IN BEliTS 

!• Belt Materials.—The material mostly used for belts 
is leather tanned from ox hides. The leather is about iV inch 
thick, and is obtained in strips up to 5 feet in length. 
Belts are made of any required length by joining these strips 
together. Single belts are made of one thickness of leather; 
double belts of two thicknesses of leather. 

Cotton may be used for belts that are exposed to dampness. 
Cotton belts can be made very wide, and without the many 
joints necessary in leather belts. The required thickness is 
obtained by sewing together from four to ten plies of cotton 
duck. Cotton belting is cheaper and stronger than leather 
belting, but probably less durable.' 

Rubber belts are made by cementing together plies of 
cotton duck with india rubber. Rubber belts are more 
adhesive than leather belts, and hence have greater driving 
capacity. Rubber belts are considered to be the best to use 
in damp locations. 

2. Belt Friction.—In Fig. 1, the pulleys a and b are con 
nected by a belt cd subjected to an initial tension Tl, which 
produces a pressure normal to the contact surfaces at the 
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arcs of contact of the belt and pulleys. If sl is the driving 
pulley revolving in the direction of the arrow, and the lower 
end of the belt is fastened to the stationary pulley it is 
evident that as soon as a begins to revolve a change takes 
place in the tensions of the parts c and d of the belt. The 
tension in c will increase and that in d decrease in a corre¬ 
sponding degree, until, finally, the belt will slip on the pulley a. 
If the normal pressure exerted by the belt against the face 
of the pulley a is and the force tending 
to pull the belt along the pulley face is P, 
then, to cause a slippage of the belt, the 
value of P must be increased until P — {P^^ 
m which / is the coefficient of friction. 

Designating the tensions in the parts c 
and d by Zl and Z„ respectively, it is 
evident that at any moment the pull P 
must be equal to Zi — Ti, or 
T.-T. = P ( 1 ) 

At any time, the sum of the tensions Tx 
and Za is equal to 2 Z^, or Z, -h Z* = 2 Z^, 
and 

= t; (2) 

It is evident from formula 1, that for a 
given value of Z* the pull P will increase 
when Zx is increased. From formula 2, 
it is also seen that an increase of Zi may 
be secured by an increase of Z. This 
would seem to indicate an advantage in 
increasing the initial tension Z to a maxi¬ 
mum in order to obtain the maximum pull of the belt. How¬ 
ever, several factors limit this increase in tension. A belt run 
under too high tension will deteriorate very quickly and will 
cause undue wear on the shaft bearings. The proper methods 
by which to increase the driving power of a belt are to 
increase the contact area of the belt, or to increase the 
coefficient of friction / between belt and pulley by applying 
one of the preparations made for this purpose. 
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3. In Fig. 2, the pulley a is driving the pulley b. On 
the shaft of the latter is also a pulley c, from which a 
weight W is suspended. If Pn is the belt pressure normal 
to the surface of the pulley 3, and P the frictional force 
developed at the contact surface of the belt, then the driving 
moment of pulley h Py^r, and the resisting moment of 
pulley c is WX As P = 7\ — 

Pr = Wr, = (71 - T,)r 

4, Effect of Centrifugal Tension. 

The pressure between a belt and a pulley 
is not the same at high and at low speeds. 

As each particle of the belt moves in the 
curved path around the pulley, centrifugal 
force tends to move it away from the 
pulley. The result is that the surface ^ 
pressure of the belt is decreased and that 
the belt tension is increased. Up to a belt 
speed of 2,000 feet per minute, this centrif¬ 
ugal force may be left out of consideration, 
but beyond this speed its effects increase 
very rapidly. These effects are further 
increased by the stiffness of the belt, which 
resists the bending action constantly taking 
place as the belt makes contact with or 
leaves the pulley. It follows, therefore, 
that formula 2, Art. 2, according to which 
the sum of Zi and is equal to 2 Z, does 
not always hold true. 

6. Belt Calculations.—To determine 
the cross-sectional area of a belt required to transmit a given 
horsepower, it is necessary to ascertain the maximum ten¬ 
sion Tx to which the driving side of the belt is exposed. 
Formula 1, Art. 2, does not give this value, but simply the 
difference between Zi and Z,. The value of Zi is generally 
ascertained by the following formula, the derivation of which 
must be omitted, as it involves the use of higher mathe¬ 
matics. 
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log ^ = 2.729/(1 -2) » (1) 

In this formula, / is the coefficient of friction between 
leather and the material of the pulley, and n the fractional part 
of the circumference of the pulley embraced by the belt. If 

the angle subtended by the arc of contact is then n = 

360 

Let w = weight of belt per cubic inch; 

V = velocity of belt, in feet per minute; 
t = working tension of the belt, in pounds per square 
inch; 

^ = a factor depending on the centrifugal force of 
the belt. 

Then, from mechanics, it can be shown that 

w'lr 


2 = 


( 2 ) 


9,660/ 

For values of V below 2,000, the factor 1 — a* may bo 
omitted from formula 1, when it becomes 


log — = 2.729/« (3) 

■4 8 

Formula 1, Art. 2, used in combination with formulas 1 
or 3, Art. 6, will give the value of 7",. The tensile stress 
is resisted by the working strength of the belt, which is 
area Xt ^ bxhxt; that is, 

T.^bhi ( 4 ) 

in which b = width of belt, in inches; 

h = thickness of belt, in inches. 

When the thickness of the belt is given or assumed, then 

" - f; 


6. General Kemarks on Belting.—The coefficient of 
friction/for leather belts on cast-iron pulleys varies between 
.2 and .5, a safe average value being .3. 

The working tension i depends on the strength of the 
joints in the belt. In general, t has the following limiting 
values in pounds per square inch of area of cross-section: 
For metal joints, 260; for laced joints, 300; and for cemented 
joints, 400. 
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The average weight of good leather per cubic inch is 
w = 035 pound. 

The ultimate tensile strength of leather varies trom 3,000 
to 6,000 pounds per square inch, but the average working 
strength for a belt is about 300 pounds per square inch. 

The speed of a belt V is preferably taken at from 4,600 to 
6,000 feet per minute. There is less stress on a belt and 
bearings when a belt is running at a high speed and under 
low tension. 

Table I gives the values of as found by means of for¬ 
mula 2, Art. 6, for various belt speeds, w being taken as 
.035 and t as 300. 

TABIiB I 

VALUES or THE FACTOR Z FOR TARIOTJS SPEEDS 

V 2,000 2,500 3,000 3,500 4,000 4 , 500 ! 5,000 5,500 6,000 6,500 7,000 7,500 
z 048 075 .109 148 193 245 | .302 .365 434 SIO .592 .679 

In general, the thickness of belts varies between ift- and 
A- inch for single belts, and between A and -^g- inch for 
double belts. 


7. The following examples illustrate the application of 
the preceding formulas to belt speeds below and above 
2,000 feet per minute: 


Example 1.—A single belt, 22 inch thick, connects two pulleys, each 
24 inches in diameter, making 300 revolutions per minute The arc of 
contact IS 180°, and the working tension is to be 300 pounds per square 
inch. If the belt is to transmit 30 horsepower, what should be its 
width? 

Solution —From the formula PR = 63,026 given in Strength 
of Materials y 

r* ^ 63,025 X 30 , 

P = 63,026 - 5 -^ = ^ onn = B2& lb , nearly 


r* ^ 63,025 X 30 , 

P = 63,026 ^ = ^ 2 ^ 3 ^ = 626 lb , nearly 

From formula 1, Art 2, Tx— — 626 

If the belt speed is greater than 2,000 ft per min , formula 1, Art. 6 , 
is used to ascertain the values of Tx and Ta\ if less than 2,000 ft , for¬ 
mula 3, Art 5, IS used The belt speed is 

2 7: RJV 2 X 3.1416 X 12 X 300 - 

= ^2 = ^2 = l, 8 n 6 ft. per min. 


= 1,886 ft. per min. 


y 
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Hence, using a value for / = 3, and applying formula 8 , Art 6 , 
log p = 2 729 X .3 X = .40936 

T ^ T 

and = 2.667 lb., nearly, from which ^ 

1 % Z 00 / 

However, — — 625; 

hence, 71 - 5 ^ = 626, 


and 


2.667 


From formula 6 , Art. 6 , 
860 

^ “ .22 X 800 


13 in., nearly. Ans. 


Example 2 .—K pulley 24 inches in diameter transmits 60 horsepower 
when making 660 revolutions per minute The belt has an arc of con¬ 
tact of 160° and is f inch thick. Assuming that f is equal to .3, the 
weight per cubic inch of belt is 035 pound, and the working tension i 
is 300 pounds, what is the required width of the belt? 

ZT 

Solution. —From the formula PJR — 63,026 
P = 63,026 ^ = 63,026 X 

From formula 1, Art. 2, Zi — T'a = 469. 

By formula, 




2tzPN 2 X 3.1416 X 12 X 660 


= 3,619 ft., nearly 


12 12 
Hence, the values of Zi and are found by formula 1, Art. 6 . 
The value of z is ascertained from Table I, or from formula 2, Art. 6 ; 
thus, 

036 X 3,6W __ 

9,660 X 300 “ ^ ° 

Applying formula 1, Art. 6 , 

log ^ = 2.729 X .3 X (1 - .149) X 

= 2.729 X .3 X .8606 X = .8094 


and 


5 - 2 04. 


IL 

2 04’ 


As 71 — T", = 469 and T, = ^4^, 71 — = 469; therefore. 


_ 469 X 2 04 n„- 

71 = j ^ = 920 Ib., nearly 

Prom formula 5, Art. 6 , 

920 

* “ .376 X 300 “ ® 
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PULLEYS 

8. Stresses In Pulley Rims. —In a revolving: pulley 
there is a centrifug:al force acting: on each minute part of the 
pulley rim, tending: to force it outwards in n radial direction. 
The action on the rim as a whole is as if it were part of a 
cylindrical shell subjected to an internal pressure. This 
pressure tending to stretch the rim is resisted by the tensile 
resistance of the rim. The pulley arms are also subjected to 
centrifugal forces, but the radial stress produced in each is 
smaller, because the parts 
Fig. 3, near the rim revolving 
at maximum velocity are, 
relatively, small in mass and 
therefore exert but little 
radial pull. Tensile stresses 
will consequently arise at the 
places a, which stresses will 
be further increased by the 
initial stresses existing in the 
arms, as a result of their con¬ 
traction in cooling after being 
cast. 

As the parts a of the nm are restrained from responding 
to the centrifugal force, and the parts b are free to do so, 
the rim will have a tendency to assume-the form shown 
by the dotted lines. The parts aba are under stresses 
similar to those of a beam uniformly loaded and fastened 
at both ends. 

9. Additional stresses are introduced when the pulley is 

driven by a belt as shown m Fig. 4. In this case, the rim is 
pulled in the direction of the arrow and tends to bend the 
arms into the positions indicated by the dotted lines. The 
arms in bending affect the adjoining parts of the rim, the 
tendency being to break the latter into separate segments at 
the points b. The positions that these segments would seek 
to occupy are indicated by the dotted lines As the rim 
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resists any separation at the points 3, bending stresses are 
produced at the points b, and d. 

Other stresses, such as the compressive stresses, are pro¬ 
duced by the belt tension, but for practical designing it is 
sufficient to consider the predominating stresses and to allow 

for the others by giving an 
extra margin of safety. The 
stresses generally con¬ 
sidered are those resulting 
from the action of the 
centrifugal force on the rim 
and the bending forces on 
the arms. 

10. Safe Speeds.— 
Considering the action of the 
centrifugal force, it is desir¬ 
able to ascertain that velocity 
of the rim which will be 
within safe limits. This 
velocity may be calculated 
by a formula from higher mathematics, the results found 
being given in Table 11, m which 

V = velocity of rim, in feet per minute; 

V = velocity of rim, in feet per second; 

Sc = tensile stress per square inch of cross-sectional area 
of nm, due to centrifugal force. 

TABI.E II 

TENSILE STRESS PRODUCED BY CENTRIFUGAL FORCE 



V . 

4,200 

4,8oo 

5,400 

6,000 

9,000 

V . 

70 

8 o 

90 

100 

150 

Sc for cast iron . - 

“475 

620 

78 s 

969 

2,170 

Sc for wrought iron 

5II 

1 

668 

84 s 

1,044 

2,348 


If the ultimate strength of cast iron is taken as 20,000 
pounds, it may be shown that a speed v of 446 feet per sec¬ 
ond will cause fracture. In view of the uncertain qualities 
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of cast iron and the unknown stresses existing in cast-iron 
pulleys, it is not considered safe to make Sc larger than 1,000 
pounds, which corresponds to a velocity of about 100 feet 
per second. Generally, however, in practice, a rim velocity 
of 1 mile s» minute, or 88 feet per second, is regarded as 
a safer limit. It can be i 


shown that for a pulley of 
cast iron Sc = .09717 v*. 
For convenience in making 
calculations, this expres¬ 
sion may be shortened to 

Sc = .1 V*, 

11 • Stresses In a Pul¬ 
ley Web. —A pulley with a 
continuous web is shown in 
Fig. 5, (a) being a trans¬ 
verse section and (d) an 
elevation. A pulley of this 
form is supposed to be 
subjected simply to shear¬ 
ing stresses in the web. 
The resisting area is 



annular and may be sup¬ 


PlG 6 


posed to be located along the dotted circle as the cross¬ 


sectional area represented by the circle c is so much in 


excess that it need not be considered. 


Let P = pull at circumference of pulley; 

P = radius of same; 

= radius of hub; 

Pi == pull at the hub. 

Then, PP = P^Pi 

and ^ 

If i is the thickness of web at the hub, the cylindrical area 
of shear is 2nRxt, If 5* is the safe shearing stress, then 
the resistance to shear of the section is 27:t Equating 
the value of the shearing force Px and the shearing resistance, 


1 L T 375—17 



10 


MACHINE DESIGN, PART 5 




2 7uR,*S, 

5*1 may be taken as 1,600 pounds. 

12, Stresses in Pulley Arms.—A pulley with arms, 
_ as shown in Figf. 6, may be con¬ 
sidered as one with the web partly 
removed. Designating the cross- 
sectional area of each arm by A 
and their number by the total 
shearing area is n X A, provided 
all the arms take equal shares of 
the turning force exerted by the 
belt. But, as the rim is very thin, 
it is probable that some arms work 
under greater stress than others. 
If the angle of belt contact is 180°, 

Pig. 6 it is Safe to suppose that only ^ 

A 



arms transmit the turning moment to the hub 
acting at the outer end of each arm is then 
P 


The arms are usually of elliptical section, 
as shown in Fig. 7 (a) and (3). It is 
customary to make the thickness one-half 
the width. The sectional area of each arm 
is approximately equal to t: times the product 
of the half diameters, or 

^X-X-=— 


The force 




To ascertain the shearing resistance of one arm at a section 
near the hub, as at Fig. 8, it is necessary to determine the 
turning moment at this point. 

Let Ri — distance of section from hub center; 

Pi = turning force on one arm at this point. 
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Then, 

and 


n 

P _ 

" nR, 


Equating this force and the shearing resistance of the 
section, 


and 


nR, “ 8 • 



PR 
n Ri Sn 


13, The shearing 
resistance of the arms is 
of less importance than the 
bending moment at e, 
Fig- 8. A pulley arm may 
be considered as fixed at 
the hub and free at the 
end, at which point it is 
supposed to support a load 

o p 

of To be on the safe 
n 

side, the length of each 
arm may be considered as 
being equal to the radius R 
of the pulley. The bend- 

mg moment is then-. 

n 

The moment of resistance 



is -5* = 5* = ,049 aJ" S’*. Pio 8 

c 64 

Equating the values of the bending and resisting moments, 


= .049 5. 
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5*4, which is the safe unit stress in flexure, may here be 
taken as 2,500 pounds per square inch for cast iron. 

By comparing the formulas for the dimension a in Arts. 
12 and 13, it will be seen that the value of a required to 
resist bending is the larger. Hence, if the arms are made 
large enough to sustain the bending stresses, the shearing 

stresses may be neg¬ 
lected. 

14, Stre sses In 
the Huh.—Fig. 9 
shows a diagrammatic 
view of a pulley hub 
(supposed to be trans¬ 
parent) with part of 
one arm, the other 
parts being broken 
away. It is assumed 
that the pulley rim has 
a radius R and that the 
force P is acting at the 
rim in the direction 
indicated. As the shaft 
and hub react against 
the turning force it 
is necessary to find the 
magnitude of the 
reactions in various 
parts of the hub in 
order to insure against 
failure of the latter. 
The key K transmits the turning force of the pulley to the 
shaft. If P^ indicates the reaction at the surface of th.^ shaft 
and is the radius of the latter, then PR = P^R^ and 



The reaction of the key is exerted against the shaded 
surface cdef in the hub, subjecting it to a crushing 
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stress. Formulas for finding the dimensions of a key 
large enough to prevent crushing are given in Machine 
Design^ Part 2. 

When the pulley arm is moving in the direction indicated, 
the key A" tends to restrain the part of the hub located to the 
right of the shaded rectangle abed from revolving with the 
part located to the left of this rectangle. Tensile stresses will 
therefore arise at this place, and if it is assumed that -Pi rep¬ 
resents the location of the resultant of these stresses and Rx 
its distance from the center of the shaft, then Px Rx repre¬ 
sents its moment. Equating the turning moment with the 


latter moment, then PR = PxRx and P, = -. 

Rx 

The force Px is equivalent to the tensile resistance ofiEered 
by the hub at abcd\ the area involved being ab'K be. If .Si 
is the safe fiber stress in tension, and ab = lx and be = txy 
then Pi = /i X X Sx> Equating the two values of Pi, 


PP 

Pi 


= lx tx Sx 


and 


lx tx 


PR 


R.Sx 


15, The tensile stresses that the area abed^ Fig. 9, is 
supposed to withstand in this case are excessive, and would 
correspond to a case in which a lever keyed to a shaft trans¬ 
mits a given load to the latter. In the present instance, the 
conditions are more favorable, because the total load is 
divided among several arms. Likewise, consideration should 
be given to the connections between the arms and the rim, 
since they act as braces and materially diminish the tensile 
stresses in the hub. A material increase of the area A A will 
be obtained by locating the key under one of the arms, as in 
the present case, instead of between two arms. By locating 
the key under one arm, the lower part of the arm itself would 
constitute part of the area abed. 


16. Stresses In Split Pulleys.—The stresses in the 
rim of Si split pulley, shown in Fig. 10, may be con¬ 
sidered in the same manner as was done with the pulley 
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liaving: a solid rim; that is, by leaving the arms out of 
consideration and assuming that the centrifugal force acts 
directly on the two rim halves, tending to separate them at 
the joints. Considered in this manner, the whole centrifugal 

pull exerted by the rim is taken 
up by the bolts at the joints, sub¬ 
jecting them to tensile stresses. 

The centrifugal force acting on 
other parts of the pulley, as the 
arms and the hub, may be con¬ 
sidered as finally acting on the 
bolts in the hub joint, which joint 
must also resist the radial pres¬ 
sure of the key or the setscrews, 
if any are used. 

According to the formula of 
Art. 10, Sc — .1 If A is 
the cross-sectional area of the rim in square inches, the 
tensile strength of the rim is Asc = AAv* At the rim 
joint, this stress must be resisted by the bolts. If n is the 
number of bolts, and d the diameter of a bolt at the root of 

the thread, the combined area of the bolts is - -, and their 

4 

safe tensile strength is In this formula, 5", is the 

safe tensile stress. Equating the centrifugal tension and 
the resistance of the bolts, and neglecting the moment of 
the lugs, 

.\Av^ = 

and d = .357 v 




17. By reason of the position of the flange bolts relative 
to the rim, the flanges tend to tip around the point c. 
Pig. 11 (a), when the rim is subjected to centrifugal force. 
Considering each flange as a beam supported at its inner 
end c, and lifted in a tangential direction at its outer end e. 
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the pull of the bolts, situated at a distance ^ from either end 

would constitute the resisting load P, The bolts are located 

at the distance ^ from the end of the flange, as this is the 
A 


most unfavorable position in regard to the bending moment. 
At A and are two reactions, each equal to Asc, and the 
load P is equal to the tensile strength of the rim area, or 

nnd as already explained. 


It is required to ascertain the dimensions of a flange that 
will support this load. Fig. 11 {b) shows a sectional eleva¬ 
tion of a flange taken through the center of the bolt holes dx. 
Let Wx be the width, the thickness, and b the length of the 



PiQ. U 


flange. According to Strength oiMaterials^ Part 2, the resist¬ 
ing moment of this rectangular section is S* — = S 4 . ^ ■ 

c 6 

In this instance, the area under maximum bending stress is 
not equal to the full width of the flange, it being reduced by 
the bolt holes. The actual width is therefore a/, — ndt. 

The resisting moment is then 5. ndC)tx ^ j£ 

b 

safe stress of the flange material in flexure. 
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According to Strength of Materials^ Part 2, the maximum 
bending moment in a beam loaded in this manner is 

4 


The load W in this case is identical with the load P sup¬ 
ported by the bolts, and the combined sectional area of the 

bolts is —-—, according to the formula of Art. 16. Evi- 
4 

dently, the area intended to resist the bending moment must 
be equal in strength to that of the bolts resisting tension. 

Hence, if the force resisting P is W ^ nnd Si 

4 


then, 


Wl ^ mrd^Sib 
4 4X4 


Equating the values of the two moments, 
nizd^Sib^ (win di) ti* St 

4X4 ““ 6 


and 


ii = imd. 


r I nSib 

> *5*4 (wi — n di) 


It is evident that the tensile stresses produced in the bolts 
will be less if the bolts are nearer the rim. 

The dimensions found for the rim flanges and the bolts 
are on the safe side, because the supporting action of the 
arms and hub has been left out of consideration. 

The stresses in the hub bolts are not so easy to determine, 
but, relatively, they are of less importance, because the 
greater stress comes on the rim bolts. After suitable dimen¬ 
sions are found for the hub, the hub bolts are so proportioned 
that they will appear in harmony with the hub. 


18. Approximate Formulas for Pulleys.—For ordi¬ 
nary cases, the dimensions of a pulley may be found by 
empirical formulas that do not give consideration to the 
stresses involved. In some cases, these formulas give an 
excess of material; in others, the resulting pulley shows a 
deficiency in strength at important points. 

In the rules and formulas for dimensions of pulleys, the 
following symbols will be used to represent the various 
dimensions; 
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d = width of belt running on pulley; 

B = width of pulley rim; 

d = diameter of shaft on which pulley is keyed; 
t = thickness of pulley rim at edge; 
a = width of arm at center of pulley; 
w = thickness of hub of pulley; 

I — length of hub of pulley; 
n = number of arms; 

D = diameter of pulley; 

R = radius of pulley; 
s = swell at center of pulley rim. 

All dimensions to be in inches. 

Note —To obtain a, the arms are supposed to extend through the 
hub to the center of the pulley. (See Fig. 17.) 

19. The general form of the pulleys shown in Figs. 6 
and 10 corresponds very closely to the best modern American 
practice. The split pulley has the advantage of being more 
easily put on the shaft, especially when the shaft is in posi¬ 
tion or has other pulleys already on it. 

When the amount of power to be transmitted by a pulley 
is small, it may be fastened to the shaft by setscrews. Split 
pulleys are also made so that the bolts through the hub will 
serve as a clamp to draw the hub tight enough on the shaft 
to prevent slipping with small loads. When the amount of 
power to be transmitted is considerable, pulleys should be 
fastened with keys, and in some cases both keys and set¬ 
screws are provided. 


20. Rim of Pulley. —The rim of a pulley is usually of 
the form shown in Fig. 12. If the rim is crowned, the curve 
may be drawn with a radius of from 3.5 to 6^5, in which 
B B 

case s is about — to —. The width B is made from ib 
to 

For the thickness /, the following formula gives results 
that agree well with the practice of good shops; 


i 


200 


+ -iV inch 
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For double belts, i inch may be added to the thickness 
obtained by the formula just given. 

There should be a taper on the inside of the rim amount¬ 
ing to about i inch per foot, as indicated by Fig. 12. 
This is to facilitate the removal of the pulley from the mold. 

21, Flange Pulleys.—When there is a liability of the 
belt frequently slipping, caused by fluctuations in the power 
transmitted, the pulley rim may be cast with flanges, as 
shown in Fig. 13. 

22, Arms of Pulleys.—Pulley arms are generally 
straight, as in Figs. 6 and 10, though curved arms are 
occasionally used. 

The number of arms to be used is largely a matter of 




Fig 13 


judgment, but in practice, for all sizes of pulleys under 10 
in diameter, by far the greater number is made with 
six arms. Eight or ten arms are sometimes used for pulleys 
above 6 feet in diameter, and for very small sizes, four arms 
are sufficient. 

According to the formula of Art. 13, the width of the 
pulley arm at the center of the pulley is « = 3 
Inserting a value for 5* = 2,600, 



P = T^— 7!,, the difference of the belt tension, is usually 
not known exactly. Its maximum value, however, can 
easily be found, as follows: 
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For single belts inch thick, an average tension of 320 
pounds per square inch of section may be allowed. Then, 
7 ; = X 320 = 70 pounds per square inch of width of belt. 

Usually, P is not more than one-half of and its maxi¬ 
mum value may be taken at say 50 pounds per inch of width. 
For double belts, take P = 100 pounds per inch of width. 
Then, P — B for single belts, and P = 100^ for double 
belts. 

Substituting these values of P in formula 1, 


a = .92^ 

a = 1 . 16 ^ 


, for single belts 


for double belts 


( 2 ) 


The section of the arms was shown in Fig. 7. The taper 
in the width and thickness of the arms toward the rim may 
be made -J- inch per foot. 

For very wide pulleys it 
is sometimes desirable to 
use two sets of arms, 
as shown in Fig. 14. To 
calculate the size of the 
arms in this case, the pulley 
may be considered as being 
made of two pulleys each 
having a width of i B. 

Then, find the dimensions 
of the arms, as before, and 
multiply these dimensions 
by = . 8 , nearly. fio 14 



Example —Calculate the size of the arms of a six-arm pulley having 
a diameter of 30 inches and a 0-mch face. 


Solution —For a single belt the width at the center of pulley is 
found by applying formula 2. Thus, 

a = 92-^—^ = 2.27 = 2i m , nearly. Ans. 

The taper of the arms being ^ m. per foot, it follows that at the 
rim the width is 

2,2.5 - (^ X li) = 2.26 - I = If in. Ans. 
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The thickness of the arms at the center is 2.26 X ^ = 1-J- in. Ans. 
The thickness at the rim is l|- X -J- = -il- in. Ans 


23, Hub of Pulley.— The thickness of the hub may be 
obtained from the following formula: 

w = ^ + i inch 

The length of the hub may he I — i B to B. 

The hub should taper toward each end at the rate of about 
i inch per foot. 

The keyway may be calculated by the rules given id 
Machine Design^ Part 2. 




. » _.. 



3 





i 





24. lioose Pulleys.—Pulleys that run loose on a shaft 
should have longer hubs than those fastenea with keys. 

The hubs may also be 
lined with brass bushings 
if desired. 

Where a fast and a loose 
pulley are placed together 
on a shaft, as shown m 
Fig. 15, the length I of the 
hub of the loose pulley 
may be / = 1.2 and that 
of the fixed pulley V 
= .8 B. The thickness of 
the hub of the loose pulley may be less than that of the fast 
pulley on account of its increased length. 

Some arrangement must be provided for oiling the loose 
pulley; generally, the hub has one or two oil holes drilled 
through it. 



Fio 15 


26. Spilt Pulleys.—For split pulleys the size of the 
bolts at rim and hub may be determined in the following 
manner: 

Let = area of cross-section of rim; 

= area of cross-section of hub along the line of 
division, 

= section at root of thread of bolt or bolts at rim; 
fl* •= section at root of thread of bolt or bolts at hub. 
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Then, ^ + i square inch 

4 

at = ~ square inch 
4 

Example: —The hub of a split pulley is 4 inches long and inches 
thick. If the hub is held by four bolts, what should be the diameter 
of the bolts? 

Solution.— At = 4 X l-J- = 6 sq. in. By the formula, 

<^9 = -^ = f sq. m = net section of four bolts 

4 = sq in = net section of one bolt 
Hence, the diameter of bolt is -f in. Ans. 



Fig. 16 


26. steel and Wrought-Iron Pulleys. —Pulleys made 
of wrouglit iron are coming mto extensive use, and they 
possess important advantages over those made of cast iron. 
They are lighter and stronger, and are free from the initial 
stresses to which cast-iron pulleys are liable. Owing to the 
stresses due to centrifugal force, cast-iron pulleys cannot be 
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safely run at very high speeds; wrought-iron pulleys, how¬ 
ever, may be used at almost any reasonable speed, because 
of the greater tenacity of the material of which they are 
made. These pulleys are usually split. 

A further advance along these lines is the combination of 
steel and cast iron, the latter metal being used for the hub 
and the arms, and steel for the rim. Pulleys are also now 
made entirely of steel stampings, an example of which is 
shown in Fig. 16. 

27m Counterbalance.—Pulleys that run at high speeds 
must be carefully balanced; that is, the center of gravity of the 



pulley must correspond with the center of the shaft, otherwise 
there will be a heavy stress on the shaft and bearings. Since 
it is seldom possible to make the pulley exactly symmetrical, 
the difference in weight of the heavy side is compensated for 
by riveting weights to the inside of the rim on the light side. 
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28. Examples of Belt Pulleys.—Table III gives the 
dimensions of a set of cast-iron belt pulleys ranging from 6 
to 72 inches in diameter, as made by a well-known manufac¬ 
turing company. These pulleys are so designed that the 
number of patterns may be kept within reasonable limits, 
and at the same time have the dimensions correspond as 
nearly as possible with well-established rules. 

The letters over the columns of dimensions given in the 
table correspond to the letters in Fig. 17. 

In all cases the number of arms is six, and the arms increase 
in size toward the hub with a taper of 2 inch per foot. All 
dimensions in the table are in inches. 


29. Application of Formulas for Pulleys. —The fol¬ 
lowing examples will show how the formulas referring 
to pulleys are used and also how some of the required 
dimensions may be ascertained from Table III. 


Example 1 —belt 13 inches wide exerts a pull of 860 pounds on a 
24-inch pulley The pulley has six arms and revolves at a speed of 
300 revolutions per minute If the pulley is made of cost iron and the 
safe fiber stress is taken at 2,600 pounds, find dimensions of the pulley. 


Solution —The rim speed in this instance is 1,886 ft. per min., 
which, according to Table II, is a safe value 

According to the formula of Art. 20, the width of the rim is B 
= |- to f Selecting the fraction then 

^ X 13 = 14.76 in , nearly 

A pulley rim cannot ordinarily be cast so thin that there is any dan¬ 
ger of its breaking, except under the tension due to centrifugal force. 
The rim is therefore generally made as thin as it can be cast success¬ 
fully. As a guide, Table III may be consulted, here, for a nm 24 in. in 
diameter and 16 in wide, the dimensions at the center and edge of nm 
are | and i in., respectively. 

The important dimension to consider is the width of the arms at 
the hub. This is found by the formula of Art. 13, in which 


3.44 


S. - “s/i 


860 X 12 


= 3in., nearly 


^6 X 2,500 

The total taper of the arm being | in. per ft., as stated m Art 22, 
the width of the arm near the nm is 3 — ^ = 2^ in It is understood 
that the corners at both hub and nm are to be well filleted. 

The arms are supposed to be elliptical in section, as shown in 
JP'ig 7 (A), and also to taper m thickness at the rate of ^ in. per ft. 
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TABLE m 

DIMENSIONS OF PUDDETS 
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TABLE III — (Coniintied) 



IL T J/5—W 
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TABLE XOr—^Continued) 
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The length of the hub may be made according to the formula 
/ = ■§■ to -5, as stated in Art. 23. Selecting the ratio of J 
/ = 1 X 14f = 11 in., nearly 

The thickness of the hub may be made according to the 
formula of Art. 23; thus, 

^ ~ “32-1- i 111- = - 32 + 8 in = 96, or 1, in , nearly 

The dimensions of the key, if one is used, are found from the for¬ 
mulas given in Machine Design^ Part 2 In important or doubtful cases, 
It may be advisable to ascertain whether the area abed. Fig. 9, is 
sufficiently large, this is determined by means of the formula of 
P R 

Art. 14, that is, h h = - 5 ^. 


Example: 2.—A split cast-iron pulley 24 inches in diameter and 
9 inches wide revolves at a circumferential speed of 3,617 feet per 
minute. The sectional area of the rim is 2 5 square inches. Assuming 
that there are two wrought-iron bolts in each rim joint and two bolts 
on each side of the hub, find their diameters Also find the thickness 
of the rim- 3 oint flange 

3 61V 

Solution. —The velocity of the rim m ft. per sec. is z; = - 


= 58 6 ft. Assuming the bolts to have a safe tensile stress 5'i = 4,000 lb., 
and inserting these values in the formula of Art. 16, that is, 

d = .367 v\ then, the diameter of the rim bolts at the root of 

the thread is 

rf= = 

Consulting the table of bolt dimensions, the nearest outside bolt 
diameter is-J- in. 

Assume that the flange width Wi, Fig. 11, is equal to that of the 
rim, or 9 in , that A is 3 in., and that the hole diameters aTj = aT + T^ in. 


= Am 


I ^ A 

. From the formula of Art. 17, = 1.09 d\ ^ 

\S^\w^ndi) 

Selecting a value for S 4 , = 2,600, then 

A = 1 09 X •6V2,6OTr9 -Tx^-6626) = 

The diameter of the hub bolts may be found from the formula of 

Art 26, that is, ~ sq. in. In order to find the value it is 

necessary to find the thickness of the hub w from the formula of 
Art. 23; thus, 

W = + k in. = in. 


32 
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If the length of the hub is made ^ B = -J-xOss 7 in., nearly, then A a 

7 V ^ 

= 7 X 'll- and a, = —^— = 1 37 sq. in for four bolts, and 1.37 4 

= .34 sq. in. for one bolt. Therefore, the diameter of the bolts is 
^ in., nearly. Ans. 


BAND BRAKE 

30. A strap, or band, brake may be considered as a 
variation of the belt-and-pulley combination in which the 
friction between the belt and the pulley may be great enough 
to prevent rotation. 

The coefficient of friction / between wood and cast iron, 
which are the materials mostly used, may vary, being / = .1 

when the surfaces are 
oiled, from .16 to .2 
for basswood when 
dry, and greater when 
oak is used. Bass¬ 
wood is generally 
preferred, because it 
will stand hard ser¬ 
vice better than most 
other woods. This 
wood is mounted 
with the grain in the 
direction in which the 
pulley revolves. 

Fig. 18 shows a 
general arrangement 
of a band brake. A 
pulley, or drum, a 
revolves in the direction indicated by the arrow. Encircling 
the drum is a metal band b lined with wooden blocks c» 
The end d of the band is held stationary by means of the 
bolt A, while the end e is attached to the pin g on the 
lever /, which is pivoted at z; by means of this lever 
the band may be tightened. The bracket k is fastened 
to the cross-beam /. It should be noted that the pulley 




MACHINE DESIGN. PART 5 


29 


revolves toward the loose end of the band, thus aiding in 
tightening the band. 

Considering the relative motion of the band and pulley, 
the end d may be assumed to be the pulling end with a ten¬ 
sion Zl, as indicated, and the end e as the loose end with the 
tension Z,. 

Formula 1, Art. 2, — ^ Z, also applies here; like- 

z 

wise formula 3, Art. 6, that is, log = 2.729 in. In 

regard to pulley calculations, the formula, as given for 
belt pulleys, will apply. 

Examfls .—K pulley 26 inches in diameter is subjected to a tan¬ 
gential pull of 6,600 pounds. Keyed to the pulley shaft is a brake 
drum 30 inches in diameter and 6 inches wide. A wrought-iron strap 
6 inches wide and lined with basswood blocks is to serve as a brake; 
it has an angle of contact of 270°. Ascertain the tensions at both ends 
of the band and determine its thickness. 

Solution —The turning moments of the pulley and brake must be 
equal. Hence, if Z is the pull of the brake band, Z X 30 =» 6,600 X 25, 

and P = ^ = 6.417 lb. Hence, r. - r, = /» - 6,417 lb. If 

270° 

/■ = .2 and n = ^^ 7^5 = *76, then, applying formula 3, Art. 6, 
ooU 

log ^ = 2.729 /» = 2.729 X .2 X .76 = .4094, and ^ = 2.667, from 
i % ■‘a 

T 

which, Zt = 2 " 5 ^* IJiserting this value in the formula Zi — Z, 

= 6,417, r. - ^ = 6,417. Hence, = 8,8741b., 

and r, = 8,874 - 6,417 = 3,467 lb. 

The strap, therefore, has to sustain a maximum stress of 8,874 lb. 
The width w of the strap being 6 in., it is required to find the thick¬ 
ness of the strap. Let the safe fiber stress be taken as 10,000 lb. 
The product of the sectional area and Si must equal Ti Therefore, 
wXiXSi = 8,874 

^ ^ 8,874 8,874 « . , 

= 6 X 10,000 = 

The end e sustaining the tension Ta could be reduced in area, but 
this would be impractical and the strap is therefore made the same 
size throughout. 

This thickness would be suflBcient if the strap throughout its length 
retained its full sectional area, but if the ends are overlapped and 
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riveted, as indicated m Fig. 18, a certain amount of area is lost, and 
the thickness must be increased and one or more trial calculations 
made to ascertain whether the increase is sufficient Let the thickness 
be increased to -J- in. Assuming that there are six rivets at each end 
arranged m two longitudinal rows, there will then be two nvets in 
each transverse row. Each of the six rivets will sustain a load of 
8,874 — 6 = 1,480 lb , nearly. Taking a safe fiber stress against a 
shear of 7,000 lb , the area of one rivet is 1,480 -r 7,000 = 21 sq. m , 
which corresponds to a diameter of about f in With two |-m. rivets, 
the width of the strap would be reduced to 6 — ]-{■ = in , and the 
area is now 3f X i = ■H' sq. in. The original area was X 5 
— 'fs’ sq in , a :J-in strap will therefore be sufficient. 

It may also be well to ascertain the crushing strength of the 
nvets. With a |-in rivet in a :J-m. strap, the crushing area is f X i 
= .166 sq in As each nvet sustains a load of 1,480 lb , its fiber stress 
Is 1,480 166 = 9,487 lb per sq. in. A safe crushing stress would 

be 10,000 lb., hence, the diameter of the nvets is sufficiently large. 

Knowing the tension 7*, at e, the proportions of the lever for a 
moderate pull at the handle may be calculated by means of the for¬ 
mula for beams. Formulas for the distances between the rivets m a 
row and between a rivet and the adjoining edge of the strap have 
already been given m Machi^ie Design, Part 2. 


ROPE BELTING 


MULTIPLE AND CONTINUOUS SYSTEMS 

31. Advantages of Rope Transmission.—In large 
factories and shops, there is a growing tendency toward the 
substitution of hemp and cotton ropes for belting and line 
shafting as a means of transmitting power. The advantages 
claimed for the rope-driving system are: 

1 . Economy; for a rope system is cheaper to install than 
either leather belting or shafting. 

2. In the rope system, there is less loss of power by 
slipping. 

3 Flexibility; that is, the ease with which the power is 
transmitted to any distance, and in any direction. 

32. The English System.—There are two systems of 
rope transmission in common use. In the first, known as the 
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multiple, or English., system, the transmission is effected 
by several parallel independent ropes, which pass around the 
flywheel of the engine and the pulley or pulleys to be driven. 
Each rope is made quite taut at first, but stretches until it 
slips, after which it is respliced. 

A good example of a rope transmission of this character 
is shown in outline in Fig. 19. The flywheel d carries thirty- 
five parallel ropes, which distribute power to the pulleys 
a, b, d, <?, and / located on the five floors of the mill. The 
ropes are distributed as follows: four ropes; h and five 



Pig. 19 


ropes each; <?, and /, seven ropes each. A secondary sys¬ 
tem of ropes drives the pulleys^, Zt, and /. 

33, The American System.— In the second system of 
rope transmission, known as the continuous, or American, 
system, a single rope is cariied around the pulley as many 
times as is necessary to produce the required power, and the 
necessary tension is obtained by passing a loop of the rope 
around a weighted pulley. 

An example of the American system is shown in Fig 20. 
The rope is wrapped continuously around the flywheel d and 
the driven pulley e. From the last groove of e the rope is 
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led over idlers / and which are set at such an angfle as to 
lead it back to the first groove in d. The weight w is attached 
to the pulley /, which is movable along the rod h. The move¬ 
ment of the pulley / therefore takes up the stretch of the 
rope and keeps it always at the same tension. Rope pulleys 
may be attached to the shaft of the pulley and the power 
received by e may thus be transmitted to any desired points. 



The first of the systems of transmission just described is 
used chiefly in Europe; the second, in the United States. 

34# Bopes.—The ropes used in rope transmission are 
either of hemp, manila, or cotton. Manila ropes are mostly 
used in the United States. They consist of three strands, 
and may be from i inch to 2 inches in diameter. 

The weight of ordinary manila or cotton rope is about 
pounds per foot of length, where D represents the 
diameter of the rope in inches. Letting equal the weight 
per foot of length, 

The breaking strength of the rope varies from 7,000 to 
12,000 pounds per square inch of cross-section. The average 
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value may be taken as 7,000 when D is the diameter of 
rope in inches. 

For a continuous transmission, it has been determined by 
experiment that the best results are obtained when the tension 
in the driving side of the rope is about -bV the breaking 
strength; that is, 

= tension in tight side = 7,000 Z? _ 200 ZP* 

36 

36. Friction of tbe Pulley Groove. —Ropes running 
on groove pulleys have an advantage over belts in regard 
to the pressure required between rope and pulley to produce 
a given pull. A belt is pressed against the flat surface of a 
pulley solely by the radial force resulting from the tension 
in the belt. With a rope supported by the walls of a groove, 
as in rope pulleys, the wedging action of the rope comes into 
play, greatly increasing the pressure between the rope and 
the pulley. This will be more fully explained in Fig. 21 (a), 



which represents a rope resting in a groove. If the pressure 
by which the rope is pulled downwards is Wy and the result¬ 
ing pressure acting normally against each side of the groove 



then the magnitude of these forces may be determined 


by the force diagram, Fig. 21 (^). In both illustrations, the 
angle o is that between the walls of the groove. Dividing 
the triangle, Fig. 21 (^), by the dotted line normal to W 
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P 2 

gives two triangles, in each of which --. The fric- 

2 . o 

sin- 

p 

tion of the rope is produced by both forces hence, 


Pn = 


W 

. o 
sin - 
2 


If / is the coefficient of friction, and P the frictional pull 
made possible by the pressure Pn^ then, at the moment when 
slipping begins, 

iW 


P^ iPn = 


0 

sin - 
2 


/ . 


If the value-is designated by A, then, 

sin I 

P= f,W 

Table IV gives various values of / with the corresponding 
values of /, for the angles indicated. 

TABIjE IV 

COEFFICIENT OF FRICTION fi FOR ROPE PULLEYS 



Angle of Groove Degrees = 

0 

Values of f 


— 




30 ° 

35° 

40 ° 

45° 

.12 

.46 

.40 

• 35 

.31 

.IS 

.58 

.50 

.44 

.39 

.20 

.77 

.66 

.58 

.52 

.25 

.97 

.83 

.73 

.65 

.30 

1.16 

1.00 

.88 

.78 

.35 

1 . 3 s 

1.16 

1.02 

.91 


Table IV is used in the following manner: Suppose that 
the value of / for the materials of the rope and pulley is .2, 
and that it is desired to find the corresponding value of /, for 
a rope running in a groove of 40°. Descend along the first 
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column of the table until the value .20 is found; then proceed 
to the right of this value to the column headed 40°, where 
the number ,68 is found. This is the value required. 

36. Power Transmitted by Ropes.—The method used 
for calculating the power transmitted by ropes is identically 
the same as that for belts. As the centrifugal force here 
also affects the tension in the rope, formula 1, Art. 6, that 

is, log ~ 2.729/(1 — z) is used by inserting the value 4 

-* a 

in place of /, or 

log^ = 2.729 4(1-(1) 

J- a 

The value of z is found by formula 2, Art. 5, or 

9,660 1 

The value of w is about .0268 pounds per linear inch. 
In determining the value n in formula 1, the angle of con¬ 
tact of the rope with the smaller pulley should be chosen in 
case the pulleys are of different diameters. 

The safer fiber stress / of the rope is found by means of 
the formula of Art. 34, or = 200 D*. Inserting the 

values of w and ^ = 7i in the formula z = , 

9,660 i 

.0268 

9,660 X 200D' 

or z = .0000000139 F* (2) 

TABLE V 

VALUES OF THE FACTOR 1 -Z FOR ROPES UNDER A 
FIBER STRESS OF 200 X>» FOUNDS 


V ... 

1,000 

1,500 

2,000 

2,500 

3,000 

3.500 

1 —2. . . 

•99 

•97 

.94 

•91 

•87 

.83 

V ... . 

4,500 

5,000 

S.Soo 

6,000 

6,500 

7,000 

1 — 2. . . 

.72 

•65 

.58 

•SO 

.41 

.32 


4,000 

.78 

7,500 

.22 


The values of z for various velocities were calculated from 
formula 2, and the values of 1 — 2 ' were then determined. 
The values oi 1 ~ z are given in Table V. 
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Example.—A series of manila ropes inches m diameter trans¬ 
mits 260 horsepower between two pulleys. The angle o of the grooves 
is 46°, and f = 12. If the velocity of the rope is 4,600 feet per minute 
and the angle of contact is 166°, find the number of ropes required. 


Solution.—F rom the formula H = 


PV 

33,000* 


_ 33,00033,000 X 260 . .. 

F = 4,600 =l.»33 1b. 


Therefore, Tx-- T^ — 1,833 

Prom Table IV it is found that for values / = .12 and o = 46°, the 
value 4 is .31; from Table V, 1 — ar = .72. Prom formula 1, 


log = 2.729 X 31 X .72 X = .2792 
J- % 

Hence, ^ = 1.902 

J- 9 

As r. = and r, - r. = 1,833, T, - = 1,883, and T, 


- 3,866 lb. r. = r, - 1,833 = 2,032 lb. 

Prom Art. 34, the allowable tension 7\ in each rope is 200 Z?“ 
s= 200 X (1^)*. Hence, the number of ropes required is 
3,863 

200 X (li) = 


= 12.37, or 13. Ans 


The horsepower that each rope transmits is found by dividing the 
total horsepower by the number of ropes. Thus, 260 — 13 = 10 23, 
or 19J, horsepower, nearly. The horsepower that each rope could 
actually transmit is 260 — 12.37 = 20.2. 


37. Horsepower Dlagrram.—The horsepower trans¬ 
mitted by ropes of different diameters running at different 
velocities may be calculated in the manner shown by the 
preceding example and plotted on cross-section paper. The 
accompanying diagram, Fig. 22, shows the horsepower trans¬ 
mitted at various velocities by I-, 1-, li-, li-, If-, and 2-inch 
ropes running in grooves of 45° with an angle of contact 
equal to 166°. The vertical distances represent the horse¬ 
power transmitted by a single rope, and the horizontal 
distances the velocities in feet per minute. 

The diagram shows that the maximum power is obtained 
at a speed of about 5,500 feet per minute. For higher 
velocities, the centrifugal force becomes so great that the 
power is decreased. When the speed reaches about 8,500 
feet per minute, the centrifugal force just balances the 
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tension, so that no frictional contact can he established 
and therefore no power transmitted. 

In practice, the velocity is generally from 3,000 to 5,000 
feet per minute. Some investigators claim that, if first cost 
and relative wear are taken into consideration, the most 
economical speed is about 4,500 feet per minute. 

Practically the same result as that found by calculation in 
the preceding example may be obtained directly from the 
diagram. To ascertain how many li-inch ropes are required 
to transmit 250 horsepower, follow the curve representing 



Velocity in Feet per Minute 
Pig 22 

the li-mch rope until it intersects the line representing 
4,500 feet velocity. At this point, the curve indicates a value 
of about 20.2 horsepower The number of ropes required is 
250 - 7 - 20.2 = 12.37 or 13 nearlv as before. 

38. Deflection of the Hope. —Occasionally, it is desired 
to ascertain the deflection of a hemp rope. In such cases, 
the following formula may be used, provided both pulleys 
are on the same level: 
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in which h — deflection, or sag, in feet at the lowest point 
of rope; 

a = one-half the distance, in feet, between points 
of support; 

= weight of rope per foot of length; 

7i = tension in driving part of rope; 

T', = tension in driven part of rope. 


Example. —^Using the same dimensions given m the example of 
Art 36, determine the sag m the driving and dnven parts of the rope 
when the distance between the points of support is 60 feet. 


Solution. —The tension in one rope is 

tot al tension _ 3,865 _ 
number of ropes 13 ” 

From Art 34, Wx = .3 = .3 X 1.25® = 47. Inserting these values 

in the formula just given, 

, 297 / 297® 25® ^ . 

^ = 2>07 “ Vi X 47* “ T “ 


For ascertaining the deflection in the dnven part of the rope, the 
same formula is used, except that the value of is used in place 
of Tx. The value of T, is 2,032 -r 13 = 156 lb. Hence, 


156 r 166® 25® 

2 X .47 \4 X .47® 2 


.94 ft. 


11 in., nearly 


39. Pulleys for Rope Gearing:.— A section of what 


-6 

d -^ 



Fio 23 

is known as the English form of grooved rim is shown in 
Fig. 23, The grooves are made circular at the bottom, and 
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are polished or smoothed to increase the adhesion, and to 
decrease the wear of the rope. The angle between the sides 
is generally made 46°. The following proportions, in which 
D is the diameter of the rope, in inches, may be used; 
a — \ D\ e — \ D\ 

b 

c = i D; ^ = / + i in. 

40. An objection to the groove shown in Fig. 23 is that 
when the ropes are worn down to a smaller diameter they 
are subjected to a greater stress than those possessing the 



full diameter. The reason for this is that a rope of decreased 
diameter will occupy a lower position in the groove and thus 
virtually run on a pulley of a smaller diameter. The rope 
will then tend to drive the pulley at a greater speed than 
that produced by the ropes of thicker diameter. The thicker 
ropes will resist this increase in speed, and the old ropes are 
therefore subjected to an extra stress, which they are less 
able to bear Provision must therefore be made to relieve 
the smaller ropes. This is accomplished hy giving the 
groove a form that will facilitate the sliding of a rope of 
reduced diameter when the stress is increased beyond the 
normal. 
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Fig. 24 shows the section of a rim constructed with this 
aim in view. The sides are formed by circular arcs so 
located as to increase the angle of the groove near the bot¬ 
tom. For this reason, a rope that is decreasing in diameter 
will gradually fall into positions where the coefficient of fric¬ 
tion is decreasing and where, therefore, a sliding of the rope 
is more and more facilitated. 

The proportions for this rim are as follows, using the 
diameter D of the rope as a unit: 

a ^ i D\ in.; 

^ i Z? + iV in.; / = i ZP + A in.; 

c ^ D\ g = \ D\ 

d = 1.6 D\ ^ i + iV in. 

The radii and r, are found by trial; they should be of 
such lengths as to make the curves drawn by them tangent 
to the required lines. 

The long radius R is determined by drawing a line through 
the center of the rope at an angle of 22^° with the horizontal, 
and producing this line until it intersects a line drawn through 
the tops of the dividing ribs; then, with this point of inter¬ 
section as a center, the curve forming the side of the groove 
tangent to the circumference of the rope may be drawn. 

Another advantage claimed for this groove is that the rope 
will turn more freely in it, thus presenting new sets of fibers 
to the sides of the groove, which will increase the life of 
the rope. In the continuous system, the rope will turn as a 
result of the pulley arrangement. 

The pitch diameter of the pulley is taken at the point 
of tangency between the rope and the groove, as shown 
in Fig. 24. 

41. Another method of adjusting the difference between 
the stresses in the ropes is to make the groove angle on the 
larger pulley smaller; for instance, 30° instead of 45°. This 
method is also advocated for the continuous system where a 
difference in tension exists in the different turns of the rope, 
and where more equality of tension may be established by 
this means. 



MACHINE DESIGN, PART S 


41 


42. Guide Pulleys, Idlers, and Tension Pulleys. —In 
general, guide pulleys, idlers, and tension pulleys do not 
have V grooves, but the rope rests on the bottom of a 
circular groove. Fig. 25 shows an idle pulley as used for the 
continuous and multiple systems. The grooves for pulleys 
in the multiple system are made somewhat deeper, as a single 
rope may have more sag than a single turn in the continuous 
system. The groove for a tension pulley is made still deeper. 
When the rope is outside and exposed to the wind, a deep, 





Pig 26 

circular groove should be used for the guide pulleys and 
idlers. 


43. Diameters of Pulleys.—The diameter of a rope 
pulley should be at least thirty times the diameter of the rope. 
Good results are obtained when the diameters of pulleys and 
idlers on the driving side are forty times and those on the 
driven side thirty times the rope diameter. Idlers used 
simply to support a long span may have diameters as small 
as eighteen rope diameters, without injuring the rope. 

When possible, the lower side of the rope should be the 
driving side, for in that case the rope embraces a greater 
portion of the circumference of the pulley and increases the 
arc of contact. 

When the continuous system of rope transmission is used, 
the tension pulley should not act on too large an amount of 
rope. The total length of the rope should not exceed 
3,000 feet. If the power to be transmitted requires an increase 
in the number of turns of the rope, and, consequently, in the 
rope length, then it is advisable to use two or more separate 


j. 1-1 j/o—ly 
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rope drivel, each of which may operate side by side on the 
same pulleys, but having independent tension carriages. It 
is good practice to use a tension pulley and carriage for every 
1,200 feet of rope. The advantages derived are a more equal¬ 
ized tension, a longer life of the rope, and more independence 
in case one of the rope drives fails. 

Aside from the grooved rim, rope pulleys are constructed 
the same as other pulleys. They may be cast solid, in 
halves, or in sections. The pulley grooves must be turned 
to exactly the same diameter; otherwise, the rope will be 

severely strained. 

CHAIN GEARING 

CHAIN8 

44. Chains may be used 
as simple fastenings or as 
belts for transmitting power. 
The ordinary, or open-link, 
and the stud-link round iron 
chains are shown in Fig. 26. 
The links are made from round 
iron bars cut off at the proper 
length and then bent and welded. The links should be made 
as small as possible, on account of both strength and flexi¬ 
bility, Ordinary chain proportions are as follows, the 
dimensions referring to Fig. 26: 

d = diameter of iron; 

... [a = 4id to 5 d: 

For open hnt(j 

a = 5 d to 6 d; 

T? * j 1 * 1 ^ = Sg to 31^; 

For stud link^ _ , ' 

c = .b d\ 

e = nd. 

Link chains used merely to support loads, as in suspension 
bridges, etc., have links from 3 to 9 feet or more in length. 
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As such chains do not belong properly to the subject of 
machine design, they will not be considered here. 

45. Strength, and Weight of Chains. —The strength 
of a chain is less than that of the iron composing it, on 
account of the weld and also because of the presence of 
bending action. 

Formulas given in Strength of Materials^ Part 2, may be 
used to find the safe load in ordinary cases. For crane 



chains, which require a large factor of safety, Towne gives 
the following as the safe load: 

P — 3,3 ct^ tons = 6,600 ^ pounds 
The weight of chains (open and stud link) may vary 
from dd* to 9id^ pounds per foot. 

46. Chain Drums. —When a chain must be coiled, as 
in the case of cranes and derricks, a grooved drum may be 
used. The groove passes spirally around the drum and is 
just wide enough to receive the edge of a link of the chain. 
The drum may have a diameter of from 24 d to 30 d or more; 
the length should be such that the total amount of chain may 
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be coiled on in one layer; because, if one layer is wound 
over another, the chain is injured. 

Instead of a drum, a wheel or sheave having pockets for 
leceiving the alternate links of the chain may be used. 
By means of a suitable guide, the chain is held against the 
shear? for one-half or three-quarters of the circumference. 
Such a wneel requires less space than the drum, and injures 
the chain less. A form of chain wheel largely used for 
transmitting power, especially on cranes, chain blocks, etc., 
is shown in Fig. 27. The rim of the wheel is grooved for 
the links, and pockets, into which the links that lie parallel 
with the axis of the wheel rest, are provided. The pitch of the 
pockets must, of course, be the same as the pitch of the links. 

47. Flat-ljink Glialns.—For driving machinery where 
very heavy resistances are to be overcome, as, for example. 






Fig 28 



in wire-drawing: machines, cranes, and dredging: machines, 
flat-link chains are used. 

When the chain merely supports a load, it may have the 
form shown in Fig. 28. This chain consists of flat plates 
connected by pins. The pins are evidently m shear, and the 
plates are in direct tension. Since each of the two parallel 
plates carries one-half the load, it should have one-half the 
thickness of the single plate to which it is pinned. 

The links may be of any length desired, but the shortest 
convenient length is about I = Zd. The cross-section is a3 




MACHINE DESIGN, PART 5 


45 


p 

— —, where P is the load and the safe stress in tension. 

Taking both P and in. tons, and assuming 5*1 = 5 tons, 
then, ab = .2 P 

The shearing section of a pin is 2 X = ind. There¬ 
fore, when is the safe shearing stress, 

^ 

Assuming that ►S'* = 4 tons. 



The following proportions may be used in ordinary cases: 
b = zd\ c — \d\ ^ = ^ = ^ 

When the links are short, the width b may be the same 



Fig 29 


throughout. The pin connecting the plates may be riveted 
over or secured by a washer and a split pin, 

A flat-link chain may be used for transmitting power 
somewhat after the fashion of a belt. The chain passes 
over wheels provided with teeth, which engage with the 
links of the chain. Such a wheel is known as a sprocket 
wheel. Examples of chains used in this way are met with in 
agricultural machinery, bicycles, automobiles, coal-mining 
machinery, dredges, etc. 

The flat-link gearing chain, Fig. 29, consists of two series 
of flat links, which are kept some distance apart by the pins 
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that connect them. These pins engage with the teeth of 
the sprocket wheel; they are enlarged between the series of 
plates, so as to form a shoulder to prevent the plates from 
slipping, and also to give a greater wearing surface. 

Let n = number of plates on one side of chain; 
a and b = thickness and breadth of plates, respectively; 
d = diameter of ends of pin; 
d^ = diameter of center of pin; 
h = length of enlarged part of pin; 

I = length of link between centers of pins; 

P = total load on chain in pounds. 

All dimensions are taken in inches. 

Then, the following formulas and proportions are gener¬ 
ally used: 


n = .13 

h = 1.7d + 

l~P 

1 = 2.3 d\ 


„ - 

Cl f 

i = 2.5 d; 

n 1 

dx = 1.2 d-. 

e = .76 (f. 


Example. —Calculate the dimensions of a flat-link gearing chain 
for a working load of 8,000 pounds. 

Solution. —^Applying the formulas just given, 

n = .13^8,000 = 2 6, say 3, plates, 

d = = .78, say f, in.; 

di = 12xi - 9, say If, in.; 

^ = 25x1 = 11 in; 

A = 17x| + .6 = 1.776 in.; 

/ = 2.9x1 = 2 176 in.; 

85 X ■f' 

“ = 3 + 2.176= 
tf = 75 X I = * in. 


A defect in the chain shown in Fig 29 is the limited bearing sur¬ 
face of the pm, which results in rapid wear In the forms shown in 
Figs. 30 and 31 this defect has been overcome by extending the rubbing 
surface of the pm nearly the whole width of the chain 

48. Roller and Block Chains. —Other chains are the 
roller chain and the block chain, both are extensively used on 
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automobiles. There are some variations in the details of 
each type, but these variations have little effect on the main 
features. One form of roller cbain is shown in Fig’. 30, in 
which a is the main pin connecting the outer side plates b. 
The pin has two shoulders, 
as indicated, against which 
the side plates are riveted by 
means of the pin ends. The 
tubular pin / serves as a rivet 
for the inner side plates c, c; 
shoulders on this pin also hold 
these plates a given distance 
apart. On the pin/, the rollers 
may revolve. The length / is 
termed the pitch of the chain. 

A block chain is shown 
in Fig. 31. The side links c are riveted together by means 
of the pins a, a, which also pass through the blocks e. 

The side plates in a chain should be designed so as not 
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to be subjected to bending, but to tension only. When the 
plates or links are curved at the top and bottom, as in Fig. 30, 
the width w should be considered as the width of the link. 
If i is the thickness of the link, its area is tw. 


48 


MACHINE DESIGN, PART 5 


If P is the total load on the chain, in pounds, and Sy the 
safe tensile stress per square inch, then 



When d is the diameter of the end of the pin, its area 

is ~—. With a load and a shearing stress per square 
4 

inch of S., 5^ = and 
4 St 

In designing machinery requiring the use of chains, it is 
customary to use some standard size made by a company 
engaged in manufacturing chains. 

SPROCKET WHEELS 

49. Function of Sprocket Wheels.—The purpose o! 
sprocket wheels is to transmit power by means of link 
chains. The sprocket wheel in Fig. 32 has teeth a, similar 

to those on a spur gear, but 
they serve only to prevent 
irregular motion between the 
wheel and the chain. The 
wheel would still transmit 
motion if the extensions a 
were omitted and the teeth 
shortened as at d; but as the 
pitch of a chain will increase 
by use and as the chain is liable 
to sway sidewise, while in 
motion, the rollers would 
often miss the recesses in¬ 
tended for them, and mount, 
or ride, the arcs d. This 
would increase the virtual pitch diameter and cause the 
chain to break. The extensions a are therefore added to 
guide the rollers into position- 
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60. Relative Motion Between Clialn and Sprocket 
Wheel.—The motion of the pin center in a chain relative to 
the sprocket wheel is shown in Fig. 33. If the pitch of the 
chain were infinitely small, that is, if the chain were perfectly 
elastic, the pm centers would describe involutes. However, 
as the chain is made up of links that swing around pins as 
fulcrums, the relative motion of pin and wheel will be 
represented by a series of circular arcs. In Fig. SB, ea dcd 
represents a roller chain resting on a sprocket wheel A, the 
centers of the pins being indicated by the letters a, b, c, d. 
It will be assumed that the wheel is stationary and that the 
chain is unwound. In raising the end e of the chain, the 
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lattfer will swing around the pin b until the point a has 
reached the position where it is in line with the points b, c. 
Then c will be the fulcrum until the points and b occupy 
the positions and b,, respectively. The next center will 
be d, around which the chain will swing into the position 
r, d. If the other end d is swung outwards and the chain 
is unwound in the opposite direction, then the point b will 
describe a similar curve 

It is evident that if the rollers were only points, the out¬ 
line of the tooth would have to conform to the curves b, 4, k, 
and k, Uxy a. With rollers of the radii indicated, the largest 


so 
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tooth will be one in which the various curve radii are dimin¬ 
ished by a length equal to the radius of the roller. The 
outline of the largest tooth will therefore be that of the 
curves h and h^g^. 


51. Pitch..—The polygon formed by the center lines of 
the links ab, be, cd, etc., Fig. 33, is termed the pitch poly¬ 
gon, and the circle shown in dotted lines circumscribing the 
polygon is generally called the pitch circle. The distance 
between similarly located points on adjacent teeth, such as 
is termed the pitch. 


Let 

R = radius of pitch circle; 


p = pitch; 


n = number of teeth on sprocket. 

Then, 

Single cod = degrees 


n 


and angle w = ^ = — degrees 

2 ?; n 


and 


R oc = 


P 

2 


sm 


180 




2sinl^ 


52. Form of Tooth. —When a tooth is given the form 
shown in Fig. 33, the roller ^ or ^ will make contact with 
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the tooth along the whole length of its side whjle moving 
toward or away from it. In order that this length of contact 
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may be decreased, the tooth curve is generally drawn as 
shown in Fig. 34. Instead of using a radius the tooth 

is outlined by circular arcs with radii r, and having gi 
and^, as centers. The pointy, on roller b will describe an 
arc^i^, having as a center; contact with the tooth will 
therefore begin to take place only at the point This is 
also the case with the roller a, 

53. Stretching of the Chain.—So far, no provision 
has been made for a possible stretching of the chain. With 
a sprocket wheel such as shown in Fig. 33, trouble will arise 
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as soon as the chain pitch is increased. The rollers will no 
longer be able to occupy their true positions, and rubbing 
between the rollers and teeth will ensue while they move 
into or out of contact. To obviate this trouble, the spaces 
between the teeth may be enlarged by an amount s, as indi¬ 
cated in Fig. 36. By means of this clearance 5, it is possible 
to let the chain reach a certain maximum elongation before it 
is unfit for seivice. This result is obtained by letting a new 
chain have a smaller pitch than that of the wheel, and continu¬ 
ing Its use until this pitch is larger by a similar amount. 
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If the total number of teeth on the wheel is n, then the 
number of teeth in action as a rule, is, ? + !• By distributing 
the clearance s equally over this number, it is possible to 


decrease the chain pitch by an amount equal to 



diagram of a chain with this decreased pitch is shown in 
Fig. 36, the wheel being a driver revolving in the direction of 
the arrow. The length p is the pitch of the wheel, and px that 
of the chain; therefore. 



In the illustration, roller a has left the pitch line of the 
wheel, and, while rolling along tooth is gradually letting 
roller b make contact with tooth n. It will be noticed that, 
by reason of the difference in pitch, roller c and each of the 
succeeding rollers are unable to make contact with the teeth, 
and that the tangential pull of the wheel is transmitted to the 
chain by one tooth only, except for a relatively short period. 


64* After the chain has been running for some time, its 
pitch has increased until px = p, when contact is established 

with all of the teeth included in the number ~ + 1. As the 


Stretching of the chain continues, the relative position of 
chain and wheel will eventually be that shown in Fig. 36. 
Here, the chain pitch has increased from px to/a, a pitch that 


is greater than p by the amount 


Hence, 


1 + ^ 

At present, roller/is the only one in contact with the wheel, 
that is, at tooth n. Tooth m is moving toward roller^ when 
it makes contact with roller g, roller / will be released. It 
will be noticed that the clearances on the driven sides of the 
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rollers are gradually increasing from tooth n toward tooth d. 
A further elongation of the chain will result in roller^ making 
contact with m above the pitch circle. When the pitch is 
increased to this extent, the rollers will tend to mount the 
teeth. 

If conditions are reversed and the wheel is driven by the 
chain, the relative position of chain and wheel may be ascer¬ 
tained by simply reversing the arrows in Figs. 35 and 36. 



Fig 80 

55. Construction of Sprocket Wheels for Roller 
Chains.—Assume that a roller chain of a certain type and 
pitch is given, and that its actual pitch is to be ascertained. 
In order that this may be determined with great accuracy, it 
is best to suspend the chain, or otherwise stretch it so as to 
take up all looseness, and then measure the distance between 
the first and the last roller center. Let this distance be Z. 

and the number of links w, then the pitch , The 

n 

radius R of the pitch circle may be found by the formula of 

Art, 51, that is, R ^ ^ . 

■ 2 sin 

n 
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W'ith ^7 as a center and i? as a radius, draw the pitch circle, 
part of which is shown at xxx^ Fig. 37. On this circle lay 
off the lengths ab^bc^ etc , each equal to the pitch p. Then, 
with points a, b^c^ etc., as centers, and with a radius r equal 
to that of the chain rollers, draw the circles shown in full 
lines, indicating the positions of the rollers. With a radius 



PiO. 87 


Rx ^ R + Tt draw the addendum circle m and with a 
radius R^ = R -- r, the root circle v w. The amount of 
clearance s between the rollers and the teeth, given in 
Table VI, is now laid off on the pitch circle to the right of 
the roll centers a, etc., thus determining the positions of 
the centers «i, Cx^ etc., of the rollers when occupying the 
extreme right-hand positions. Draw the outlines of the 
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rollers in these positions in dotted lines, and then draw 
the supplementary pitch polygon by connecting the points 
and bxy by and fi, etc. with dotted lines. 

The profiles of the teeth may now be constructed in the 
following manner: Draw the arc with a radius ri, the 
maximum length of which is /» — r; it may be made as short 
or shorter than / — 2 r. In the present instance, the arc 
is somewhat larger, in order to make the drawing clearer. 
The position of the center g is found by cutting off toward 
the left, from point on the chord a a length equal to 
The arc on the other side of the tooth is drawn in a 
similar manner, but here its center is found by laying off the 
radius from the point toward by on the chord by. It is 
preferable to make the radius of the fillets about two-thirds 
the roller radius r. The roller will then touch the tooth at 
only two points and will find its true position more readily 
if foreign materials are present between the tooth and the 
roller. The outlines of the teeth are completed by drawing 
the arcs dx and 4 /. in full lines. 


Pitch p 
Inches 

1 

li 


TABLE VI 

VALUES OF CLEARANCE 5 


Clearance s 

Pitch p 

Inches 

Inches 

A 


A 

li 

A 

2 

i 



Clearance 5 
Inches 

■Sps- 

A 

A 


56. Clearance. —The amount of clearance 5 varies with 
the pitch. Some roller chains have a shorter space between 
the rollers than others, resulting in a narrower sprocket tooth. 
Such teeth will not allow much reduction of the thickness 
ot the tooth on the pitch line, hut standard American and 
English sprockets may be given the amount of clearance 
indicated in Table VI. 
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An average number of teeth for a sprocket wheel is thirty- 
six. This number may be increased to fifty or decreased to 
fourteen, but it is not wise to go below this number. In 
transmitting a given power, the aim should be to have the 
chain speed high and the pull low. The speed is often as 
high as 2,000 feet per minute, but a speed of 1,000 to 1,200 
is safer. 

For sprocket wheels with more than seventeen teeth, the 
outside radius is generally equal to the pitch radius R + r. 
If the number of teeth is less than seventeen, the radius Ri 
should be somewhat reduced so as to allow the teeth to clear 
the rollers at high speed. The maximum reduction is about 
i inch for a sprocket wheel with from 8 to 12 teeth and a 
pitch of from 1 to 2 inches. 

67. Construction of Sprocket Wheels for Block 
Chains. —The method pursued in constructing sprocket 
wheels for block chains is similar to that used for a roller 
chain. The difference between the two methods is due to 
the fact that the distance between the pin centers in one 
block is not equal to that between adjoining pins in two 
adjoining blocks. The pitch polygon will therefore be one 
in which the sides are alternately short and long. 

The total number of sides in the pitch polygon is 2nt 
when n is the number of teeth in the wheel. The centers of 
the curved ends of the blocks are indicated in Fig. 38 by the 
letters a, b, c, d, e, etc. If ^ ^ indicates the distance between 
the centers of the pins in one block and he the distance 
between the centers of adjacent pins in the blocks ab 

and cd^ then, in general, the ratio = f. As the points 

be 

a, b^ c, d^ e, w, and n are on the pitch circle, it can be proven by 
geometry that if two sides, such as and mn^ are produced 
until they intersect at u, the angles uem and ume are equal. 

The angle72 is degrees, and the angles uem and ume 
n 

qcn 1QQ 

are each equal to ^ = -degrees. Asen = the radius 

2n n 


1 L T 375—20 
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of the pitch circle may be readily found by the formula 

^ 


2 sin 


180’ 


and from the principles of trigonometry, 

p =^mn +em +2emXmncos 


Hence, R = 


4 


mn +em +2e?nX^ncos 
2 sin 180 


180 

n 

180 

n 


The clearance s is laid off to the right of the points a, b, c, rf, 
etc., giving the points etc. Lines b^Cx, etc. are 

sides in the supplementary pitch polygon, indicating the posi¬ 
tions of the blocks in their extreme right-hand positions. 

The radii chosen for the faces of the teeth may now be 
laid off on their respective polygons in the following manner: 
To draw the arc lay off the radius rx on the side be 
from the point toward b, thereby determining the center g-. 
The arc b^b^ is drawn with a radius r, = rx, laid off from 
the point b, toward Cx on the side bxCx. Both arcs should be 
continued below their corresponding pitch lines, so as to 
connect with the fillets 4 4 tangent to the root circle. The 
radius r. has here been made Ir. The addendum circle is 
drawn with a radius Rx R and the root circle with a 
radius R^ R — r. 


Example.—I n a block chain, the distance ewy Fig 88, is 63 inch, 
and tftfi IS .78 inch The chain is to be used on a sprocket wheel 
having 30 teeth, find its radius. 


Solution ^As — — 6 and n = 30, from the formula of this article, 


^ ^ V 78* -I- .63“ + 2 X .63 :^78 X cos 6° 
2 X sin 6° 


6 20 in. Ans. 


58. Sprocket-Teetli Profiles_Several end views of 

sprocket teetk are shown in Fig. 39. Practice differs as to 
the amount of curvature given to the sides of the tooth; in 
some cases the sides are parallel, the top being semicircular, 
as in (a), or flat with rounded comers, as in (d). The form 
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shown in (c) is preferable, because more allowance is made 
for the possible swaying of the chain, the tooth being so 
made as to guide the links safely on to the tooth and pre¬ 
vent their mounting the top. The upper half of the tooth is 
outlined by curves of radius r, the centers of the curves being 
located on the pitch line. The length of the radius should 
be such as to make the fiat top surface equal to one-half the 
total width w of the tooth. 

Some sprockets have flanges at the sides, as indicated by 
dotted lines in Fig. 39 (^r). In this case, the position of the 
flange must be such as not to come in contact with the 



(a) (h> (o) 
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chain links and thereby prevent the rollers from seating 
properly. 

In most sprocket wheels, the rim is connected to the 
hub by means of a web provided with variously shaped 
openings, so as to make it lighter. In some cases, the 
sprocket wheel consists of nothing but the rim, which is 
fastened to some revolving part of the mechanism. 

59, Speed Katio of Sprocket Wheels. —The speed 
ratio of two sprocket wheels in gear is not constant. Fig. 40 
shows a roller chain ad in such a position as to be tangen¬ 
tial to a circle with a radius r, inscribed in the pitch polygon. 
When the roller a moves into the position a,, the chain is 
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tangential to a pitch 
circle with a radius 
The virtual pitch radius 
of the sprocket wheel 
will therefore change 
twice during an angular 

motion of — degree^ 
n 

In a block chain, the 
pitch radius will change 
four times during a 

motion of degrees. 
n 

In Fig. 40, A is the 
driver and B the driven 
wheel. If the number 
of teeth on the latter is 
considerably greater 
® than that oiA^ and the 
I distance between centers 
is relatively great, then 
the virtual pitch radius 
of B remains nearly 
constant. 

In the special case 
where the wheels A and 
B are of equal diameter 
and the distance between 
wheel centers is an exact 
multiple m of the chain 
pitch, then the periodical 
changes in the virtual 
pitch diameters will 
occur simultaneously 
and the speed ratio will 
remain constant. On 
the other hand, if the 
distance between 
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centers is .increased or decreased by a lengfth equal to 


t 

2 * 


the total distance being (w + \)p^ then cbe speed variation 
will attain its maximum- 

The variation in speed ratio for various sizes of sprockets 
has been calculated and inserted in Table VIL The ratio V. 
is foi a driven sprocket wheel having a relatively large 
number of teeth and located at a considerable distance from 
the driver. The ratio F, refers to a driven sprocket wheel 
having a number of teeth equal to that of the driver, and 
where the distance between wheel centers is Km + 


TABLE Til 

RATIO OF MAXIMUM TO MINIMUM SPEED OF A DRIVEN 
SPROCKET WHEEL 


No. of Teeth 
on Driver 


K 

No of Teeth 
on Dnver 


6 

1 .155 

1.333 

10 

1.051 

7 

1.1 10 

1.231 

11 

1.042 

8 

1.082 

1.172 

12 

1.035 

9 

1.064 

1.133 




The speed variations with a block chain are smaller. 
For instance, for a driver with twelve teeth, Fi = 1.012 and 
F. = 1.026. 
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FRICTION AND TOOTH GEARING 


FBICTION GEARING 

!• Cylindrical Friction Gearst—In friction gearin^^ 
the smooth faces of a pair of wheels are pressed togetherp 
and one drives the other by means of the friction between 
the surfaces in contact. Friction gearing may be considered 
as the connecting link between belt driving and toothed 
gears. As with belt and pulleys, in friction gears there is a 
metal surface in contact with one of fibrous material, and 
a tangential force is transmitted from the driving to the 
driven gear, depending on the normal pressure at the place 
of contact and on the coefficient of friction between the sur¬ 
faces. In common with toothed gears, the velocity ratio of 
friction gears is determined by the diameters of the pitch 
surfaces; also, theoretically, there is only line contact between 
these surfaces. Actually, this line is broadened out to a 
rectangular surface by reason of the flexibility of the material 
in the driver and of the relatively high pressure exerted. 

Friction gearing should not be used for heavy work, but 
may be used for the transmission of small powers, where 
machines are frequently started and stopped, and where the 
speed of the gears is so high that ordinary gears would be 
too noisy. If the resistance to turning offered by the driven 
wheel is less than the frictional resistance between the 
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surfaces of the two wheels, motion will be transmitted; 
otherwise, the surfaces will slide over each other, and the 
gearing will not work. 

The usual practice is to face the rim of one of the wheels 
with leather, wood, or paper. Fig. 1 shows a friction wheel a 

thus faced with wood driving a 
cast-iron wheel b. The driving 
wheel should be made of the 
fibrous material, so as to prevent 
flat places from forming in case 
of slippage; the driven pulley is 
usually made of cast iron. As 
shown, the grain of the wood lies 


Pig. 1 Fig 2 

along the working surface. When leather or paper is used, 
the edges of the layers are used as the driving surface. 

Let P = driving force at circumference of friction wheels, 
Fig. 2; 

Q = force actmg on the bearings to press the wheels 
together; 

/ = coefficient of friction between surfaces. 

Then, P^fQ (1) 

or. e = y (2) 

If the horsepower of a gear is to be calculated by means 
of the force P, the radius R of the wheel, and the number of 
revolutions per minute N, then the formula from Machim 
Design, Part 2, is applied; namely, 

^ PEN 
63,025 




(3) 
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The coefficient of friction / has about the following* values: 

Metal on metal./ = .16 to .26 

Wood on metal./ = .25 to .4 

Paper on metal./ = .2 

Leather on metal ./ = ,26 to .3 

Experiments by Goss show that the value of / for a paper 
wheel running on a metal wheel is not constant, but varies 
when there is a certain amount of slip between the two 


wheels. 

At a Lper-cent. slip./ = .14 

At a li-per-cent. slip./ = .18 

At a 2-per-cent, slip./ = .2 


The latter is the maximum value of /. If the slip is 
increased beyond 3 per cent., motion of the driven wheel 
ceases. The value of / was found to be constant at pres¬ 
sures up to 200 pounds per inch of width of the face of the 
wheels and for velocities of the contact surfaces varying 
from 400 to 2,800 feet per minute. 

The power transmitted by a pair of cylindrical friction 
gears can be easily calculated. The following example 
shows the method: 


Example —Suppose that a friction wheel faced with leather drives 
another wheel 2 ^ feet m diameter at 300 revolutions per minute. The 
force pressing the wheels together is 460 pounds. Assuming f = . 3 , 
calculate the horsepower transmitted. 


Solution — By formula 1 , 

= .3 X 450 


136 lb. 


2 "^ X 12 

the radius of wheel in inches, is equal to ^ =16 in. 

From formula 3 , 




136 X 16 X 300 


63,026 


- = 9 64 H. P. Ans. 


2. Width of Face. —Sometimes, it is desirable to ascer¬ 
tain the width of the face of a friction wheel required to 
transmit a given horsepower. In general, it is assumed that 
a friction wheel may transmit the same power as a single belt 
when both are of the same width. In this case, the maximum 
value of P is taken at about 60 pounds per inch of width. 










66 


MACHINE DESIGN, PART 6 


For a paper pulley running with a metal wheel, / is about .2. 
If P is to be 50 pounds, then from formula 2, Art. 1, 

Q =: ^ = 260 pounds 

m A 

Let q = pressure per inch of width of wheel; 
w = width of wheel, in inches. 

p 

Then, Q — Q = ^ 

and P ^ wfq (1) 

Inserting this value of P in formula 3, Art. 1, 

H wfq RN 
^ 63,026 ’ 

p , . , 63,025 /Q\ 

from which w — ^ 

fqRN 

Example —paper pulley is to transmit 12 horsepower to a 24-inch 
cast-iron pulley making 620 revolutions per minute Find the width of 
face of the wheels if the pressure is to be 260 pounds per inch of width. 
Solution. —Substituting the given values in formula 2, 


63,026 X 12_ 

.2 X 260 X 12 X 520 


= 2 42, say 2^, m Ans. 


3. Bevel Friction Gears.—In bevel friction gear¬ 
ing, the pressure necessary to bring the friction surfaces in 
contact acts in a direction parallel to the axis of each gear, 
instead of normal to the axis, as in cylindrical gears. In 
Fig. 3 (< 2 ), the heavy lines ab and be represent the mean 
diameters of the two bevel gears shown by dotted lines. 
The angle between the face oi ab and its axis is m. This 
angle is equal to that between the normal force Q and the 
diameter ab. If is the driving gear, it is necessary to 
push the shaft A in the direction of the arrow Lx in order to 
produce a pressure Q sufficient to obtain a tangential driving 
force P, To ascertain the relation between the forces Q 
and Zt, the force Q may be resolved into the two components 
Lx and iV,, as shown in Fig. 3 (^), in which diagram Nx 
represents a force acting in a direction normal to the gear be 
and, hence, parallel to the shaft B, Nx will therefore pro¬ 
duce the reaction L^, Then, 

N = Lx = Q sin m (1) 
and Nx = L,= Q cos m (2) 
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The force N^ acts along the shaft producing an end 
thrust that is counteracted by the reaction Z,. of its bearings. 
The force acts as a side thrust on the shaft B, resulting 
in the reaction of its bearings. 


4. To transmit a given tangential force P at the line of con¬ 
tact at b from the driving gear be to the gear a by there is a cer¬ 
tain minimum value that must equal or exceed if slippage is 
to be prevented. 

According to for¬ 
mula 2, Art. 1, Q 

p 

= y. Inserting this 

value of Q in for¬ 
mula 1, Art. 3, Lx 
= Qsinm; then, the 
minimum value of Lx 
is 

p 

Lx = y sin w (1) 

Similarly, from for¬ 
mula 2, Art. 3, 

p 

= yCOS?« (2) 

Example —The 
driver of a pair of bevel 
friction gears has a mean 
diameter of 12 inches and is provided with a wooden nm. The driven 
gear is of cast iron and has a mean diameter of 10 inches. Assuming 
that the tangential force P is to be 40 pounds and that the coefidcient 
of friction / is 3, find the amount of end thrust necessary to prevent 
the driven gear from sliding, also, the end thrust and side thrust 
existing in the driving shaft If the pressure per inch of width of 
face IS 200 pounds, find width of face required. 

Solution —Referring to Fig 3 {a), m which n and represent 
the mean radii of the two gears, = 6 m. and r, = 6 in. Then, 



Pig. 8 


tan w = — = I, corresponding to an angle m = 39° 48', and sin nt 

^ a 

= 6401. From formula 1, 

^ X 6401 = 86 36 lb. Ans. 
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The side thrust on the shaft is 

^ = iV. = Zx =* 86 36 lb Ans. 

The end thrust on the shaft B — From formula 2, 

Z,, = ^ cos 39° 48' = ^ X .7683 = 102 4 lb Ans 

The required width of face zt/may be found from formula 1, Art. 2. 
Solving for Wy 

B 40 2 11 • A 

“' = yv= .3 X 200 = 


SPUR GEARS 

Notb —Before reading this section on spur gears, the section on 
should be carefully reviewed. 

5. Materials of Gearing. —Gearing is ordinarily made 
of cast iron. If great strength is required, steel may be 
used. Gears that are called on to resist shocks may be made 
of gun metal or phosphor-bronze. Fast-running gears are 
sometimes made with woodeyi cogSy or the gears are made of 
rawhidey or fibery instead of metal. 

Gear-wheels are either cast with teeth all complete or with 
a blank rim in which the tooth spaces are afterwards cut 
with a milling cutter. Gears with cast teeth are less expen¬ 
sive; those with cut teeth are more accurate. Gear-cutting 
machines that can easily cut teeth on both spur and bevel gears 
are now made; hence, cut gears are quite generally used, except 
on rough work. 


STRENGTH OF GEAR-TEETH 

6. Application of tlie Xioad. — In considering the 
strength, of gear-teeth., it is customary to assume that 
the load is applied at the end of the tooth, and that it is 
evenly distributed along the whole width of the face. Objec¬ 
tion has been made to this assumption on the ground that 
the teeth may possibly make contact at one corner only, by 
reason of irregularities in the teeth or from bending of the 
shaft, and that, therefore, the whole load should be consid¬ 
ered as being applied at one comer only. However, consider¬ 
ing the present facilities for making gears and presuming 
that reasonable care has been taken in designing the shafts, 
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the yielding of the latter should not be so great as to 
decrease the amount of contact to any serious extent, 
especially when it is considered that the width of a tooth is 
rarely more than two or three times the pitch. 

The load transmitted from one gear to another is carried 
by the teeth while passing through the arc of action. The 
most severe stress on a tooth during this period of contact 
is while the contact is made near its point. It is supposed 
that even then one 
tooth does not carry 
the load alone, but 
is assisted by at least 
one more tooth. 

While this is true, 
theoretically, it can¬ 
not be depended on 
in practice. It is 
therefore safe to 
assume that the load 
is supported by one 
tooth only, and that 
the point of contact 
is near its end. 

Formulas developed 
by Wilfred Lewis, 
based on these assumptions, have been extensively used in 
practice and have given good results. 

7, The Lewis Formula,—The principle on which the 
Lewis formulas are based is explained by means of Fig. 4, 
which represents an involute rack tooth. The load L acts 
in the direction of the arrow, normal to the face of the tooth, 
at the point a. If this force is resolved into two components, 
one acting in the direction of motion, indicated by the arrow Wy 
and the other along the center line ^ ^ of the tooth, then the 
effect of the latter will be to put the tooth under compressive 
stress. Neglecting this force as being of minor importance, 
there remains the force W acting at the point b\ this is the 
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point of intersection of the force A produced, and the center 
line of the tooth. 

One of the features of a cantilever of parabolic outline is 
that it is of uniform strength throughout its length. Such a 
cantilever may be constructed with one end at tangent 
to W and with its sides tangent to the sides of the tooth. The 
parabola, shown by dotted lines, is in this instance tangent to 
the tooth profile at the points c and d. The line cd therefore 
indicates the place where the tooth has its minimum strength. 
It is evident that these points of tangency will vary in posi¬ 
tion with the different tooth forms and that they may serve 
as a means for indicating their relative strengths. In order 
that this ratio may be indicated graphically, draw the line bc^ 
and at right angles to this line the line c e, intersecting the 
center line at <?. By reason of the similarity of the tri¬ 
angles b eg and ege, ge\cg = cg\ bg, or ge = Desig- 
nating the thickness of the tooth, 2 eg by /, the length bg 

by I and ge by x, then the formula ge = will assume 

hg 

the following form: 


and = (1) 

It can be shown that the length x is proportional to the 
strength of the tooth and that it will vary with the curvature 
of the tooth. 

From Strength of Materials^ Part 2, the bending moment M 
of a cantilever loaded at the free end is Wl, and the moment 

of resistance is 5*^. For a rectangular section, / = ‘hbd^ 
and c ^ \d\ hence, the moment of resistance is 5* 

6 

Equating the bending and resisting moments, 

Wl = s,~ 

6 



w = 



and 
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In this case, the width of the tooth is / = 3, and the thick¬ 
ness of the tooth is / = rf; hence. 

But, from formula 1, = A.lx\ therefore, 

sJ-^ = 

and by multiplying both numerator and denominator by the 
circular pitch j>„ 

W= Sjp.^ 

6 pi 

2 X 

Designating: the value by 
opx 

W=SjPiy ( 2 ) 

Table I gives the various values that y may assume, 
depending on the number of teeth in the gear and whether 
they are involute with an angle of obliquity of 15° or 20°, 
cycloidal, or rack teeth. Definite data as to safe fiber stress 
at different speeds are not at hand, but the values given in 
Table II have been used for a number of years with good 
results, and if they err, it is on the side of safety. 

Noth —Tables I and II differ somewhat from the original tables of 
Mr Lewis. On representing the latter tables, graphically, by means of 
curves, certain irregularities were found and smoothed out. These 
corrected values are given in the two tables 

In the first column of Table III are given common values 
of the diametral pitch, and in the second column, the corre¬ 
sponding values of the circular pitch. In the third column, 
common values of the circular pitch are given, and in the 
fourth column, the corresponding values of the diametral 
pitch. 

To make the calculations of tooth proportions less diffi¬ 
cult, Table II has been worked out in the form of a diagram, 
Fig. 6, in which are given the values of the working stresses 
for cast iron and steel at various velocities. These values 
apply to gears of accurate workmanship running without 
severe shocks. For gears of less accurate workmanship or 
subjected to shocks, the values given in the diagram should 
be multiplied by i. 
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VALUES 


Number of 
Teeth n 


12 

13 

14 

15 

16 

17 

18 

19 

20 
21 
23 
25 

27 

30 

32 

35 

40 

42 

45 

50 

55 

6o 

75 

100 

150 

300 

Rack 


TABLE I 

OF THE FACTOR y FOR DIFFERENT 
TOOTH FORMS 


Involute 
20° Obliquity 


.077 

.084 

.088 

.092 

.094 

.096 

.098 

.100 

.102 

.104 

.106 

.109 

.III 

.114 

.116 

.119 

.124 

.126 

.127 

.130 

•132 

•134 

.138 

.142 

.146 

.ISO 

.154 


Involute 
15° Obliquity 
and 

Cycloidal 

.065 

.069 

.072 

.076 

.079 

.082 

.084 

.087 

.089 

,091 

.095 

.098 

.100 

.103 

.104 

.106 

.108 

.109 

.III 

.112 

.113 

.114 

.116 

.118 

.120 

.122 

.124 


Teeth With 
Radial Flanks 


.0520 

.0533 

.0545 

.0555 

.0565 

• 057 s 

•0585 

.0593 

.0600 

.0603 

.0620 

.0633 

.0640 

.0650 

•06s s 

.0665 

•067s 

.0680 

.0685 

.0690 

.069s 

.0700 

.0710 

.0720 

.0730 

.0740 

.0750 
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TABLE II 

SAFE WORKING STRESS FOR DIFFERENT SPEEDS 
AND MATERIALS 


Speed of Teeth 
Feet per Minute 
K 

0 

100 

200 

1 

300 

600 

goo 

1,200 

1,800 

a.400 

Cast iron . . 

8,000 

6,900 

6,000 

5.300 

4,000 

3,200 

3,700 

2,000 

1,600 

Steel . . 

20,000 

17,000 

15,000 

13.000 

10,000 

8,000 

P' 

0 

0 

5,000 

4,000 

Bronze . . 

15,000 

QO 

0 

0 

11,300 

9,800 

7.500 

6,000 

15,000 

8 

00 

cn 

3.000 


TABLE III 


CIRCULAR AND DIAMETRAL PITCHES 


Diametral 
Pitch p 

Circular 

Circular 

Pitch p^ 
Inches 

Pitch p^ 
Inches 

I 

3.142 

2 

li 

2.513 


I-a 

2.094 

if 


1.795 

if 

2 

1.571 

19 

2i 

1.396 

I'^B 


I-2S7 

if 

2f 

I.142 

lA 

3 

1.047 

l4 

-i 

3a 

,898 

I "A 

4 

.785 

if 

5 

.628 

lA 

6 

.524 

I 

7 

.449 

If 

8 

.393 

f 

9 

.349 

if 

10 

.314 

4 

11 

.286 


12 

.262 

JL 

8 

14 

.224 

A 

16 

.196 

i 

18 

.175 

A 

20 

.157 

f 


1 L T 375—21 


Diametral 
Pitch p 

1 .571 

1.676 

1.795 

1.933 

2.094 

2.18s 

2.285 

2.394 

2.513 

2.646 

2.793 

2.957 

3.142 

3.351 

3.590 

3.867 

4.189 

4 - 570 

5.027 

5 - 585 

6.283 

7.181 

8.378 
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The application of Fig. 6 is explained by means of the 
following example: 

Example — (a) It is required to find the safe working stress of a 
cast-iron gear running at a speed of 700 feet per minute, (d) Find 
the working stress if the gear is made of steel. 

Solution.—( a) Find the value 700 at the foot of Fig. 5 and follow 
the vertical line at this point until it intersects the curve At the point 
of intersection, proceed to the left along a horizontal line that may 
intersect at this point; if none intersects, then parallel with the next 
honzontal line. In the present instance, the point of intersection Is 
about equidistant from two horizontal lines Proceeding to the left, 
the working stress is found to be 3,700 lb. Ans. 

[b) To find the working stress for steel, proceed to the right instead 
of to the left, where the value of 5*4 is found to be 9,250 lb. Ans. 

8 . Radius of Fillet.—The values given in Fig. 6 and 
Table II are based on the assumption that the fillets at the 
root of the teeth are made as large as possible and yet clear 
the engaging tooth. For the involute or the cycloidal sys¬ 
tem, in which there is a root clearance of .05 it is safe to 
give the twelve-tooth pinion a fillet with a radius of Ab 
This radius will gradually decrease as the number of teeth 
increases, until, for a twenty-tooth pinion, the radius becomes 
.08 /i, which value remains constant for any number of teeth 
above twenty. For internal gearing, these fillets will have 
to be smaller. 

9, Values of ttie Factor 77 .—When the number of 
teeth « in a gear is unknown, the value of y cannot be found 
from Table I. In such cases, the following three formulas 
replace formula 2, Art. 7. 

For the involute 20° system, 

.164-^) ( 1 ) 

n } 

For the involute 15° and the cycloidal gearing systems, 

.124 - (2) 

n ) 

For teeth with radial flanks, 


W 


= s.pjy 


w= 


( 3 ) 
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10. Horsepower. —The Horsepower that a gear will 
transmit is found by the following formula, in whjch 
V = velocity in feet per minute at the pitch line: 

ill 

33,000 

Then, by inserting the value for W given in formula 2^ 
Art. 7, the horsepower is 

^ _ SJp^yV /2) 

33,000 ^ 

The values for ]V given in formulas 1, 2, and 3, Art. 9, 
may also be used. 

In general, it is less important to know the horsepower of 
the gearing than the working strength. This is particularly 
so when the gearing is part of machines that intermittently 
consume great power, such as punching and shearing 
machines, in which case the maximum, and not the average, 
load should be considered. 


11. Width, of Face.—The width / of the tooth face is 

4 7 

seldom less than 1.5 or The following widths are 

P 

generally used in practice: 

For wheels moving slowly or intermittently, as in hoisting 
apparatus, 

2^1 to 2ipx 
^ to — 

p p ■ 

For more rapidly moving cast gears, for example, trans¬ 
mission gears, 

( 2 s A to 3 A 

L9 to ^ 

\p P . 

For gears moving more rapidly and having cut teeth, 

'3^, to 3iA'l 

/='9:itoll (3) 

\p p J 

For very rapidly moving gears, with small pitch and with 
cut teeth. 
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/ = 


3 ^A to 4 A 


n 

P 



(4) 


12 . Application ol tlie Formulas.—The following 
example will illustrate the use of the Lewis formulas: 


Examplb. —A 16-tooth pinion of l-J-inch circular pitch and S-J-inch 
face drives a 76-tooth wheel at a speed of 200 feet per mmute The 
tooth form is involute of 16° obliquity (a) If both gears are made of 
cast iron, find their working strengths, (d) Find the strength if the 
pinion IS made of steel, (r) Find the horsepower of each combination. 


Solution — (a) From Table I, the value ofy for the pinion is .079, 
and from Table II or Fig. 6, S 4 , = 6,000, hence, from formula 2, 
Art 7, 

W = 6,000 X 3.26 X 1.26 X .079 = 1,926 lb. Ans 

For the wheel, the value of y from Table I is 116; hence, 

W = 6,000 X 3.26 X 1.26 X 116 = 2,828 lb. Ans 

[b) If the pinion is made of steel, then, from Fig. 5, 5!* = 15,000, 
and W = 16,000 X 3 25 X 1 26 X .079 = 4,814 lb, Ans. 

By making the pinion of steel, it is changed from the weaker into 
the stronger one of the pair In any case, the weaker one determines 
the strength of the combination. 

(c) By formula 1, Art. 10, /T = Then, for the cast-iron 


pimon, 




1,926 X 200 


= 11.67 


33,000 

With the steel pinion, the horsepower possible to be transmitted is 
limited by the strength of the wheel; hence, the horsepower is 


„ 2,828 X 200 _ - 

^ 33,000 17.14, or 17, nearly. 


Ans. 


13. It is seen from the preceding example that when the 
gear dimensions are known the application of the formulas 
is simple. If, however, these dimensions are not given, 
and, for instance, only the distance between centers of shafts, 
the velocity ratio, the number of revolutions of one of the 
gears, and the horsepower are known, then the solution 
must be made partly by trial, as will be seen from the fol¬ 
lowing example: 

Example —A pair of 20° involute gears is to transmit 8 horse¬ 
power. The distance between centers is 12 inches and the velocity 
ratio is 3 to 6 If the pinion shaft makes 200 revolutions per minute, 
find the pitch and the number of teeth on the gears 
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Solution. —The velocity ratio being 3 to 6 and the distance between 
centers 12 in., the radii of the pitch circles will be as 6 is to 3 and 
their sum will be 12 m. If :ir is the radius of the pinion, {12 st:): x 
^6:3, and 36 — 3;i7 = 6;ir, hence, x = 4 6 in., and the radius of the 
wheel is 12 — 4.6 = 7 6 in. 

In any combination in which both gears are made of the same 
material, the teeth on the pinion are always the weaker; consequently, 
the calculation for the working strength of the combination may be 
limited to the pinion. The pitch diameter of the pinion is 9 in., and 
therefore its velocity is 


r= 


200X 7rX9 
12 


In formula 1, Art. 10, H = 
/fX 33,000 


= 471 ft. per mm. 
WV 


W = 


33,000 
8 X 33,000 
471 


; hence, 


= 661 lb., nearly 


If the pinion is to be made of cast iron, the value for 5*4, from 
6 , is found to be about 4,600 Making f tentatively equal to 
1.76 in. and using formula 1, Art. 9, then 

W = 661 = 4,600 X X 1 76 ^ 164 - 

. Tzd 3.1410 X 9 28 27 , . 

As ft = = . = ——, then, by inserting this value in 

px px px 

the preceding equation, 

661 = 4,600 X/. X 1 76 (.164 - 

Cleanng of fractions and transposing px, 

4 77^ + 2 208 = 0 

'and px = 2.386 1.866 

If the smaller value is taken, then px = 620 in. 

If it is preferable to use diametral pitch, then, from Table III, the 
nearest equivalent value is 6 

To ascertain whether these values of f and p are suitable, they should 

9 4 11 

be tested by means of formula 3, Art 11; that is, / = — to —. As 

P P 

f = 1.76 and / = 6, = 1 76 X 6 = 10.6. As this value is between 

9.4 and 11, it is satisfactory 

The value n for the pmion is ^ if = 6 X 9 = 64, if is the pitch 
diameter of the gear. For the wheel, «=;>i/=6Xl6 = 90. 

In this example, the approximate diametral pitch is so near the cir¬ 
cular pitch found by calculation that the vanation in the center dis¬ 
tance between gears is negligible In some cases, however, this 
variation may be so great that the values of f and px must be 
readjusted. 


14. The calculation of gear proportions may be greatly 
simplified by means of the diagram shown in Fig. 6, which 



Number cf Te^h 

l& /3 14 JS /6 /P /a SO 2/ 33 as 37 3033 3B 40434SS05S60 7S tOOBaek 

r I I I I I I III I I I I I I j I I I I I I \^soo 


1 i- 


/S f6 17 te /9 30 31 


35 37 303355 4043^505500 ?S /OO/HkM 


Number cf Teeth 


Sa/s Pressure m Pouneis on Sfeef Teeth with //nch C/rcu/ar P/fch ar7r/ / /nch Pace 
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represents the strength of teeth having 1 -inch circular pitch 
and l-inch face, the teeth being parts of gears with teeth 
numbering from 12 to 300, and running at speeds varying 
from 100 to 3,000 feet per minute. 

The diagram is based on the values given in Table I for 
cycloidal or involute teeth with 15° obliquity, while the 
working stresses are based on the values given in Fig. 5. 
For cast-iron teeth, the values at the left side of the diagram 
are used; for steel, those at the right side. 

The diagonals represent the speeds in feet per minute 
marked near their centers. The point of intersection between 
a diagonal and a vertical line, representing a given number 
of teeth, gives what may be termed the unit strength of the 
tooth. The value of this unit strength, in pounds, is indi¬ 
cated by the horizontal line passing through the point of 
intersection. 

For example, to find the unit strength of a tooth in a thirty- 
tooth gear running at 700 feet per minute, follow the 700-foot 
diagonal until it intersects the vertical line marked BO, The 
horizontal line passing through the point of intersection indi¬ 
cates a strength of 380 pounds for cast iron and 960 pounds 
for steel. 

15. In this special case, where = 1 and / = 1, for¬ 
mula 2, Art. 7j W = 5* assumes the form IF = 

This value is given in Fig. 6 , and the special value termed 
unit strength may be designated by Wu\ hence, 



Wu = S,y 

(1) 

and 

W= W.pj 

( 2 ) 

Solving this formula for j^i/. 



11 

(3) 


The application of these formulas may be shown by means 
of the following examples: 

Example 1 —Find the working strength of a steel gear with 60 teeth 
of 3 diametral pitch and 3-inch face running at a speed of 1,600 feet per 
minute. 



MACHINE DESIGN, PART 6 


81 


Solution —From the diagram, Fig 6, the value Wu is about 660 Ih. 
From Table III, the diametral pitch 3 = 1.047 in. circular pitch 
= pi. From formula 2, 

= 660 X 1 047 X 3 = 2,042 lb. Ans 


Example 2 —A cast-iron gear with 20 teeth runs at a speed of 
400 feet per minute. Find the pitch and width of the teeth if the 
load IV IS 1,200 pounds. 


Solution —From Fig. 6 , IVu = 430 lb. From formula 3, 

1,200 


P./ = 


430 


2 79 


Of the factors pi and /, either one may be assumed, in which case 
the other may be found by one of the following equations. 

^ 2.79 . 2.79 

P, = —, or/= -j- 

Or, the ratio of pi to f may be assumed. For instance, if / = 3 pu 
then 2.79 = pif = piX Spi = Spi% pi = = ^4 in., and 

f = .9644 X 3 = 2 89, say 2i, m. Ans. 


PROPORTIONS OF SPUR GEAR-TEETH 

16. The following formulas are commonly used in prac¬ 
tice for the proportions of spur gear-teeth, that are cut with 
a milling cutter. Referring to Fig. 7, let 
a = addendum; 
c = clearance at bot¬ 
tom of tooth; 
r ^ a + c = root; 
e = working depth of 

tooth; / 

a + r == whole depth of L 

tooth; 

t = thickness of tooth 
on pitch line; 

d = diameter of pitch circle; 

D = outside diameter of gear = blank diameter; 
p = diametral pitch; 

= circular pitch; 
n = number of teeth in gear. 
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Then, 




p n 



( 1 ) 

( 2 ) 

( 3 ) 

( 4 ) 


i = ip,= 


1.57 

P 


^ _n _ npx 

~~ P 


( 6 ) 

( 6 ) 


The clearance c varies in practice from .04 to .1 /i, the 
most common practice for cut gearing being from .04 to .05 px. 


If ^: = ,04 pi 

. _ 1 .126 t 

= approximately _ = — = 

( 7 ) 

then 

^ Jr 

r = = .368 

P 

(8) 

and 

1 2.125 ct.^cL j>. 

a + r =-= .676 p 

( 9 ) 


If. = .06A = X = :^; 

( 10 ) 

then 

1.157 QCQ y. . 

r = = .368 

P 

( 11 ) 

and 

1 2 157 f!Q*7 j; 

“1“ ^ =-— .687 Px 

P 

( 12 ) 


In the succeeding pages of this Section a clearance of .05 px 
will be used. 


PROPOKTIONS OP SPUR WHEELS 

17. Rims.—Detailed calculation of the stresses in a gear¬ 
wheel rim are not necessary, as there may be accidental 
sti esses that cannot be estimated. Hence, the rim is made 
amply strong for all possible contingencies. Various shapes 
of rim section are shown in Fig. 8, the part e in (a) and {d) 
being a rib that gives additional strength. It is good practice 
to make the rim thickness k equal to that of the tooth at the 
pitch circle if the circular pitch is greater than li inches. 
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For gears of smaller pitch, the thickness h may be found by 
the following formulas: 

For circular pitch, 

h = Ap^ + i inch (1) 

For diametral pitch, 

A = ^ + i inch (2) 

4 p 

Example —Calculate the thickness of the rim of a gear-wheel 
having a diametral pitch of 4. 

Solution.—B y formula 2, 

h » -i®Q + -J- = in. Ans. 



18. When wooden cogs are mortised into a gear-wheel, 
the rim may have the proportions shown in Fig. 9. Usually 
only one of the wheels in a pair that gear together is 
furnished with wooden teeth, or cogs, in which case the 
wooden cogs may be made times as thick as the iron 


I- 




teeth meshing with them; that is, for the wooden cogs, 
t = for the iron teeth, t = Ap^, or less. 

Fig. 9 shows two common methods of fastening the cogs 
to the rim. The unit of the dimensions is the circular 
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19, Shrouded Gear-Teeth.—The teeth of a gear-wheel 
are said to be shrouded when the rim is made wider than 
the tooth and carried outwards so as to unite the ends of 
the teeth. 

Three methods of shrouding are shown in Fig. 10. In (a), 



(a) (b) (e) 


Pig. 10 

the shrouding is carried on both sides to the end of the tooth. 
In this case it is evident that only one of the pair of wheels 
gearing together can be shrouded. In (i^), the shrouding is 
carried to the pitch line, and, consequently, both wheels ol 
the pair may be shrouded. In {c), the shrouding is carried 
up on one side only. 

Pinions with few teeth are most benefited by shrouding, 
since the teeth in that case are weak at the roots, and also 
because more wear comes on the pinion. 


20. Arms of Wheels.—The form of the cross-section 
of the arms of a gear-wheel depends on the form of rim used. 



Fig 11 


The forms in ordinary use are shown in Fig. 11. The cross¬ 
shaped form in (a) is the one mostly used for spur gears; 
and the section shown in (/^), for bevel gears. The section 
shov^m in {c) is good for heavy gears, while the oval form {d) 
is a neat form for light gears. 
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In all of the forms given, the dimension k lies in the plane 
of the wheel, and the dimension / at right angles to this 
plane, or parallel with the axis of the wheel. 

The stresses in the arms of gears are similar to those in 
pulleys. Therefore, the explanations given on this point in 
Machine Design^ Part 6, will also apply to gears, with this 
exception: In pulleys, the rim is so thin that it cannot 
always be depended on to distribute the driving force equally 



among all the arms. In gears, the rim is too thick to allow 
any difference between the stresses in the arms, and it is 
therefore assumed that each arm of a gear transmits to the 
hub an equal portion of the total load. 

In calculating the strength of the arm, the ribs r, Fig. 11, 
are not taken into account, as they are intended to give the 
arm lateral stiffness and not to add to its strength in the 
direction of rotation. 
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Let z = number of arms in wheel; 

k = width of arm, measured at center of wheel (see 
Fig. 12); 

X = thickness of arm; 

5* = allowable safe bending stress in arm; 

R = pitch radius of wheel, in inches; 

W = pressure between gears at pitch line. 

Each arm may be considered as fixed at the center of the 
wheel and free at the end, which, though not strictly true, is on 
the safe side. Then, the total bending moment is WR inch- 

pounds, and the bending moment on each arm is The 

z 

moment of resistance for a rectangular section is 

^ = i S.k’x 

c 

Hence, 

3 

In some cases, it is preferable to solve this equation for 
the product k"" x, so as to be able to adjust this product 
according to circumstances. Then, 


k X — 

3 O4 

Inserting in this formula the value of Wm formula 2, 

Art. 7, 

_ ^RSJp^y ^ QR/p^y 
3 S 4, 3 

To avoid strains and breakage in casting, all parts of the 
wheel should be of nearly the same thickness. Therefore, 
the thickness of the arm may be made equal to the thickness 
of the tooth or of the rim. 


Itx = then 

2 2 _ z 

Hence, k = 3.5 (2) 


Example:— A 2^-foot gear-wheel with 6 arms has cycloidal teeth 
with a circular pitch of 2 inches, the width of face is 6 inches. Find 
the dimensions of the arms. 
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TT X SO 

Solution. —The pitch being 2 in., there \ 7 ill be —-— = 47 teeth. 

A 

From Table I, this gpves^ a value of 112. By formula 1, 

^.^ = 6X16X6x 2X 112^igg 
o 

If X is made equal to 4r = 1 in., then == /fe® x 1 = = 16.8in., 

A 

and k = -VlB 8 = 4.1, or 4 in., nearly. Ans. 

If this width k does not appear proportionate to the other dimen¬ 
sions of the wheel, it can be changed by modifying the value of in 
the product k*x. 

For instance, if .:ir = 1.25 in., then 

A’x = A’X 1.26 = 16.8 in. and k* = 

t = 3.67, or 8H> i“- Ans. 


21. For arms of elliptical cross-section, the moment of 

Trk^iik) 

tS I 64 

resistance is —which equals . , (see Table of 
c k 

Moments of Inertia, Strength of Materialsy Part 2). 

Hence, if the bending moment is to equal the resisting 

moment, 

WR &iWR 

— - ,andi = 

Inserting the value of W from formula 2, Art. 7, 

_ Q4iR S^pxfy _ ^^Rfpxy 

tts'kS'* ;r.8r 




If the diametral pitch p is to be used in the formula, 

. - (2) 


Example —A gear-wheel 12 inches in diameter has 48 involute 
teeth of 15° obliquity and 4 arms The nm is 2^ inches wide Assu¬ 
ming that the arms are of elliptical cross-section and that the teeth 
have a diametral pitch of 4, find their dimensions, the thickness being 
half the breadth. 
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Solution.— Applying formula 2 and inserting the value of .112 fory, 
as given m Table I, 

, ..i6x2 6X.112 , ,7 , . 

k = 4X4 ” ^ ’ iiearly. Ans. 

^ = PI in., nearly. Ans 

22. Pormula 1, Art. 20, and formula 2, Art. 21, give 
the width of arm measured at the center of the wheel. The 
arm is tapered from center to circumference. For small 
gears the taper may be I inch per foot on each side; for 
larger gears, i inch per foot on each side. The thickness 
remains constant, but in the elliptical form, the arm is tapered 
in both width and thickness, so that the latter is constantly 
equal to half the former. 

The average thickness x' of the stiffening ribs r, Fig. 11, 
may be .4The ribs in Fig. 11 (a) and (^) are tapered 
slightly toward the outside, to allow the pattern to be easily 
drawn from the mold. At the center of the hub, the width 
of the rib may be /, the same as the width of the tooth face. 
The rib is tapered so that the width at the rim is /' = i/to |/. 

The number of arms to be used in a given gear-wheel is 
largely a matter of judgment. Reuleaux gives the following 
formula: 

a* = .65 

In which z = number of arms; 

n = number of teeth; 
pi = circular pitch. 

Example. —How many arms should be given a gear 4 feet in diam¬ 
eter, the diametral pitch being Ip? 

Solution — « = 4 X 12 x = 72 and >, = ^ = -^ = 2.09 in. 

p 1.0 

Hence, from the formula, 

= .66^2* X 2 09 = 6.61 

Therefore, 6 arms should be used. Ans. 

If the formula gives an odd number of arms, the nearest 
even number may be used, if desired. 

23. Hubs, or Naves, of Gear-Wheels. —The thick¬ 
ness of the hub is often made equal to the radius of the shaft 
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on which the wheel is placed. If the shaft is enlarged for 
the wheel seat, the thickness of the hub is made equal to the 
radius of the main portion of the shaft. Then, if d repre¬ 
sents the diameter of the shaft, and the diameter of the 
enlarged portion, the thickness of the hub w is ^ d. 

The foregoing rule is very generally used, and gives good 
proportions when the wheel transmits the full power of the 
shaft. If, however, a gear transmits only a fraction of the 
power of the shaft, the hub thickness may be calculated from 



the following formula, which may also be used for finding 
the thickness of the hub of any gear-wheel; 

O' = 

in which w is the thickness of the hub, and /, and R the 
same as in the previous formulas. 

The length of the hub varies from / to 1.4/. To facilitate 
the molding, the hub should taper from the center of the 
arms toward both ends at the rate of about i inch per foot. 
The hubs of large and heavy wheels may be split as shown 
in Fig. 13. This relieves the hub of the initial stresses due 
to unequal contraction in cooling. 

I L T 375—22 
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Strips of metal a are placed in the slots, and the segments 
are held together by iron or steel bands shrunk on. The 
proportions are: 

— ^w\ h — iw\ b = -h w 

24. Built-Up Wheels. —For convenience in casting, 



LLU 1 [ ^ 


PiQ 14 



and also for convenience in transportation, large, heavy 
wheels are made in sections, which are assembled and bolted 
together. The wheel may be divided in various ways. The 
hub and arms may be cast separately, and the rim in seg¬ 
ments; the hub and arms may be cast together, and the rim 
in segments; or, finally, each division may include a portion 
of the hub, an arm, and a segment of the rim. Fig. 14 



shows one method of bolting the rim, segments, and arm. 
Fig. 15 shows a method in which the rim and hub of the 
gear are parted and held together by bolts. 

25. Application of Formulas.—In order to show 
the application of the preceding formulas, the calculations 
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necessary in designing a spur wheel, Fig. 12, are given in 
the example that follows. 

Example.— Compute the leading dimensions for a cast-iron spur 
wheel with 16° involute teeth The diameter of the wheel is 5 feet 
6 inches at the pitch circle, and its arms have a cross-section as shown 
in Fig 11 (a). The power transmitted is 240 horsepower at a speed of 
46 revolutions per minute. 


Solution —The velocity K of a point in the pitch circle is n Dn 
= 3 1416 X 5 6 X 46 = 778 ft per mm. Hence, from Fig. 5,5* is about 
3,400 lb. per sq. m. for cast iron From formula 1, Art. 10, 
rr 33,000/^ 33,000 X 240 

^ = SOT’ ^ - V - 778 = 

w 

Now, from formula 2, Art. 7, and fpx = —. 

•j* y 

Assuming as a trial value the number of teeth n s 50, then, from 
Table I, y = .112. Hence, 

_ 10,180 _ 

3,400 X. 112 

26 7 

If f is given a value of 3^i, then fpx = ^px = 26 7 and p^ = 

*= 8.9, or 9 in., nearly. = 3. 

, r .-u circumference of wheel 3 1416 X 66 - 

Number of teeth = ^ ^ =s 69.1. 

Taking 69 as the number of teeth, 

j». = 6 ^ 9 ^ - = 3 006 in. 

From formula 3, Art. 11, the breadth of face is practically 
f = 3/x = 3x3 = 9 in. Ans. 

The number of teeth was assumed as 50 while the calculation 
gives 69, which would makey = .116 instead of .112; but as the error 
Is on the safe side, the previous value of y may be retained. 

From the formulas of Art 16, the thickness of tooth is 

o Anx 

/ = -J = “^ 2 — = 1 603 in. Ans. 

^ QR7 tn Aub 


3 1416 X 66 


« 69.1. 


— = 3 006 In. 




1 603 in. Ans. 


Addendum a 


.967 in. Ans. 


Root r = .368^ = 1.106 in. Ans. 

The thickness of rim is found from formula 1, Art. 17; thus, 

^ = .4^1 + -J- in. = 4 X 3 0 + -j- in. = 1 33, or if, in , nearly Ans. 

For the size of the shaft, the following formula from Machtne Design^ 
Part 4, may be applied: 

A».. 
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The bending moment being unknown, it is advisable to use a low 
value for Sa, say 6,000 lb. 

The enlargement for the wheel seat will then have a diameter 
depending on the depth of the key, which is calculated by means of 
the formula m Machine Design ^ Part 2 

Por the thickness of the hub, apply the formula in Art. 23; thus, 
= \ ^fpxR = X 3 X 33 = 3-i- m., nearly. Ans. 

The length of hub may, from Art 23, be 

14/’= 1.4 X 9 = 12 6 = 13 in., nearly Ans. 

For the number of arms, the formula of Art. 22 gives 

z = = .56-?69’ X3 = 6 

Therefore, use 6 arms. Ans 

For the width of arm at the center of the wheel, use formula 3, 
Art. 20, thus, 

K = 3.6 = 3 5-\J^ ^ = 8.24, or 8^, in , nearly. Ans. 

Supposing the arms to taper inch per foot on each side, the width 
of arm at the pitch line is 

8i - (2 X 2f ft. X i) = 6|- in. Ans. 

The thickness of the arm is 

;r = ^^i = ^X3 = 1.6. Ans. 

The thickness of the stiffening nb is 

= .4 = 4 X 3 = 1 2, or 1-J-, in., nearly. Ans. 

The width of the nb at the hub is, from Art. 22, equal to / = 9 in. 
At the rim the width is 

/■*' = f in. Ans. 


BEVEL GEARS 

26, Strengtli of Teeth,—It was shown in Gearing 
that the profiles of the teeth of bevel gears are laid off on 
two cones, sometimes called dac^ cones, the sides of which, at 
the pomt of contact, are normal to the line of contact of the 
two pitch cones. A back cone is shown in Fig. 16, 

the side of which, or the length R, is equal to the radius of 
the pitch circle on which the profiles of the teeth at the 
larger end are laid off. The circle may be termed the fortna'^ 
live pitch circle, and its radius the formative pitch radius. 

The Lewis formulas for spur gears may, in modified form, 
be applied also to bevel gears, if it is assumed that a bevel 
gear is equal to a spur gear with a radius R and a 
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corresponding number of teeth iVl The values y for this 
number of teeth may then be found from Table L Refer¬ 
ring to Fig. 16, let 

D = pitch diameter at large end of bevel gear-tooth; 
d — pitch diameter at small end of bevel gear-tooth; 
px — circular pitch at large diameter D\ 
p = diametral pitch at large diameter D\ 
iV = the formative number of teeth, that is, the number 
of teeth that would be contained in the formative 
pitch circle with radius R\ 



Tlx = actual number of teeth on gear; 
g = angle of edge of bevel gear; 

/ = face of bevel tooth; 

y = factor from Table I, depending on shape of tooth 
and the number N\ 

W — working load on teeth; 

5* = safe working stress for flexure. 

The value W may be found by means of the following 
formula, which is developed from formula 2, Art. 7:* 

W=S,pjy^ ( 1 ) 
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In this formula, d should not be less than If the diam¬ 
eter d is not known, it may be found from the gear drawing. 
The number of teeth on the formative and actual pitch 

circles is proportional to the radii R and respectively; 

hence, N: but, from Fig. 16, R = ———. 

2 2cos^ 

Substituting N for R and for 

A 


= ( 2 ) 

COS^ 


Example —Each of a pair of cast-iron miter gears revolving at 
150 revolutions per minute has 60 teeth with radial flanks and a circu¬ 
lar pitch of 2-J inches at the larger end. If the face is 5 inches wide, 
what is the working strength? 


Solution —The diameter D — 


circumference 


or 


D = "■ XA = 2 26 _ 

^ K 3 1416 • 

From the gear drawing, it is found that with a face of 6 m., 
flf = 35 9 in. From formula 2, 

60 _ , 

= -^ = 86. nearly 


N ^ 


From Table I, y = 071 The velocity is 

rr X ;i>i X 150 60 X 2 25 X 150 _ 

22 “ 12 ~ ~ 1,688 ft per mm. 

The value of 5* for this speed, from Fig 5, is found to be about 
2,100 lb. Inserting these values in formula 1, 

OR Q 

W = 2,100 X 2 25 X 6 X .071 X = 1,404 lb. Ans. 


27. Angles of Bevel Gears.—Before proceeding to the 
construction of bevel gears, it is necessary to consider the 
important angles and their calculations. In Fig. 17 is shown 
a pair of bevel gears, the axes of which are at right angles, 
that is, the angle C = 90°. In this figure, the following sym¬ 
bols are used to represent the various dimensions and angles: 

C = angle between axes of gears; 

Di = pitch diameter of pinion, in inches; 

D, = pitch diameter of gear, in inches; 

B Di = blank diameter of pinion; 

B Dx = blank diameter of gear; 
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number of teeth on pinion; 
number of teeth on gear; 
center angle of pinion; 
center angle of gear; 
face angle of pinion; 
face angle of gear; 





cutting angle of pinion; 
cutting angle of gear; 
angle of bottom; 
angle of top = e; 
angle of edge of pinion 
angle of edge of gear = 
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The angles and are complementary; therefore, if is 
known, = 90° — 

Most of the following formulas are given in Gearing or 
are based on well-known trigonometrical formulas: 


tan a. 

^ ^_“^1 

(1) 

tan a. 

_ ^ Di 

nx Dx 

(2) 

tan 4 = — 

2 . 

sm = — sm ^1 

(3) 

«i 



A = ^ 

and D, = 

(4) 


’ P 

BD^ = 2| 


(6) 

BD, = 2| 

f) 

(6) 

c 

\ = ax — e 

(7) 

i 

r* = a% e 

(8) 

= 90° — {ax -f e) 

(9) 

bt = 90° — («a + e) 

(10) 


When bevel gear-teeth are cut in a planer, the angle 
Fig. 16, is taken to be the cutting angle. However, as most 
teeth are formed by a milling cutter, which cannot adjust 
itself to the varying height and curvature of the bevel gear- 
tooth, it is necessary to let the cutter follow a path that gives 
a close approximation to the true tooth outline. Conse¬ 
quently, the angle r, Fig. 16, is made the cutting angle, and 
this angle will be the one adopted in the succeeding pages 
of this Section. The clearance i is produced by a cut 
parallel with the side of the cutting angle c. 

28. Calculation of Bevel Gears.—In order to show 
the application of the preceding formulas, the calculation 
and layout of a pair of bevel gears will be illustrated by 
means of the following example: 

Example —A pair of cast-iron bevel gears, the aies of which are 
at right angles to each other, are intended to transmit 66 horsepower. 
The ratio of their diameters is as 6 is to 6. The smaller gear, which 
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is the driver, is to revolve 'at 190 revolutions per minute; the width of 
its face is limited to 6^ inches, and its pitch diameter to 30 inches. 
Calculate the pitch and the number of teeth on each gear, if the teeth 
are to be involute with an obliquity of 15°. 


Solution. —If the pitch diameter of the smaller gear is 30 in., then 
that of the larger gear is 30 X f = 36 m. In the drawing, Fig. 17 («), 
the pitch diameters of the smaller and the larger gear are indicated 
by the letters and respectively. 

The velocity Voi the smaller gear is 
TT X 190 


12 


= 1,492 ft. per min. 


As/f = 66 


WV 

33,000' 

IV = 


33,000 X 66 
1,492 


= 1,438 lb. 


The values of ;>i, /, d, and jj/, cannot be inserted in formula 1, Art, 20, 

JV = S^pify before the numberof teeth in the smaller gearis known. 

Selecting a diametral pitch of ^ = 2, then «i = = 30 X 2 = 60. 

The formative number of teeth has now to be found from for- 

mula 2, Art 26, N = -; first finding the value of Zi — from 

formula 1, Art 27, tan = .833. Therefore, ai = 39° 48'. 

Inserting the value of cos 39° 48' in the formula N" = 

^ COSgx* 

fiO 

^ 09, or 78, teeth, nearly 

7000 


From Table I, the value of y for 78 teeth is 116, and from Pig. 6, the 
value of S 4 . for a speed V = 1,492 is about 2,300 lb. 

As the width f of the face is known, it is possible to find the diam¬ 
eter d from the gear drawing, being 23 in., nearly. 

Solving formula 1, Art. 26, for then 

. WD _ 1,438 X30 =,1078 in 

“ 2,300 X 6.5 X 116 X 23 

The number of teeth on the smaller gear corresponding to this px is 
TZ Dx TT 30 
“ 1 278 


= 


73,7 


The ratio of the number of teeth on the smaller gear to those on the 
larger gear being 5 6, the nearest numbers that will fill this requirement 

are 76 and 90. With 75 teeth on the smaller gear, the pitch px = 


« 1 267 in , which corresponds nearly to a diametral pitch p — 2-i- m. 

As the tentative value of the number of teeth is 60, the value of y used 
is larger than required and therefore on the safe side. 
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29. Proportious of Bevel Gears.—The rules and for¬ 
mulas used in designing spur gears are equally applicable to 
bevel gears. In referring to the tooth dimensions, those of 
the formative teeth constructed on the formative pitch circle 
are meant. The letter R in the formulas of Art. 20 is 

replaced by ~ and ^ m the following formulas. As the for- 

mulas refer equally to both the smaller and the larger gear, 
only one set will be given. 

Let h = thickness of rim; 

m = depth of rib, usually taken equal to h\ 
k = width of arm, measured at center of gear; 

X = thickness of arm; 

= thickness of web on arm; 
w = thickness of hub; 

2 = number of arms; 
d/ — diameter of shaft; 

= number of teeth; 
n = number of revolutions; 

H = horsepower. 

Then, 


h ~ Apt i m = ^ + i inch 

4p 

( 1 ) 

*■ f 

(2) 

(3) 

2 = ,55 pt 

(4) 

O' = 

(6) 

d! = 68.45-%/-^ (see Machine Design^ Part 4) 

^ ti 

(6) 

^ = Apt (7) 

30. The application of the preceding formulas may be 
shown by means of the following example: 

Example — Retaining tiie dimensions of the gears in example of 
Art 28, calculate the dimensions referring to the rims, arms, and 
hubs The shafts of the gears are ‘o be made of wrought iron, and 
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the safe shearing stress S, is taken as 5,000 pounds; if of steel, 5* 
should be taken as 7,000 pounds. 


Solution —From the formulas of Art. 29, 

A = 4 X 1 257 + -J- = f in. 

For the gear with n = 190 X^— 168, nearly, n, = 90, and 
z = .65^* X 1.257 = 5.62, say 6 


= 3.6^«X 


X = 


6.6 X .116 
2X6 
1 267 


4 84, or 4|-, in., nearly 
= .628, or I, in., nearly 


36 in. 


w = 'i"?6.5 X 1.267 X -^ = 1.664, or 1-}-^, in., nearly 


O'= 6S 46^jgg ggp = 2.08, or 3 in., nearly 
If provision is to be made for a key, the shafts should be enlarged, 
according to Machine Design^ Part 2, to at least 3 + = 3 -1- -j- = 3'J- in. 

^ = .4 X 1 267 = 503, or m., nearly 
From Art. 23, the length of hub varies from / to 1.4 / Selecting 
the value 1.2, the length is 1.2 X 6 5 = 6 6, or 6|-, in., nearly. 

From formula 6, Art. 27, B = 2 ^ cos . From for¬ 
mula 2, Art. 27, tan fl!, = ^ = H = 1-2 and = 60° 12'. Hence, 

BD, = 2{U>< .64 -1- = 36 612 in. 

For the pinion with «i = 76 and Di = 30 in., using the formulas 

just given, _ 

z = .66‘<75* X 1 267 = 6.04, or 6, in., nearly 


k = = 4.84, or 4j, in., nearly 

X = = .628, orf, in , neariy 

^ 6 X 1 267 X = 1.666, or l-jft-, in., nearly 

d' = 68 46^^go ^5 = 2.8, or 2^, in , nearly 

To provide for a keyway, the diameter should be at least 2t + 

= 2j + ft = 6.36, or 3J, in , nearly 

;tr' = -J- inch 

The length of the hub may be 1 13 X 6 6 = dj- in , nearly. 

From formula 6, Art 27, .5 ZP, = 2 cos ai +■» 90 
- a, = 90 - 60° 12' = 39° 48' Hence, 

BVr ^2 (UX 768 + V^) =- 30.614 in. 
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Prom the formulas of Art. 27, 

tan / = tjV sm 39° 48' = -A- X 64 = .0171, 
corresponding to an angle f = 0°69'. Ajagle e = f, 

= 39° 48' - 0° 69' = 38° 49' 

=* 60° 12' - 0° 69' = 49° 13' 

= 90° - (39° 48' + 0° 69') = 90° - 40° 47' = 49° 13' 

= 90° - (50° 12' -h 0° 69') = 90° - 61° 11' = 38° 49' 

From formula 10, Art. 16, the clearance is 
^ = .06 X 1 267 = .0628 in. 

31. Tlie Gear Drawing.—Having ascertained all the 
necessary data in the example of Art. 30, it is now possible 
to begin with the drawing of the gears. First, draw the cen¬ 
ter lines 0 0 ^ and Fig. 17 (a)t of the shafts at the required 
angle C, in this case 90°, thereby locating the point of inter¬ 
section a. As the velocity ratio is 5:6, it is possible to lay 
oflE the line of tangency haO of the pitch cones. If one of 
the diameters is limited in length by the nearness of some 
part, therefore requiring it to be found tentatively, select any 
two lengths, such as oi and <?/, the ratio of whose lengths is 
as 5 is to 6. Draw ik parallel to and kj parallel to 
0 Oa. The point of intersection k of these lines is a point on 
the line of tangency; therefore, a line drawn from o through 
k will give the direction of the line oka* If, as in this case, 

the pitch diameters are given, the pitch radii ^ and are 

2 2 

used in place of the lengths oi and oj^ respectively. Next, 
draw the other sides oh^ and oka of the two pitch cones. 
Draw short lines perpendicular to and oha through 

the points /i., and K on which to lay off the teeth and 
rims. The foundation of the drawing being laid, the details 
may be filled in in the usual manner, using for this purpose 
the dimensions previously calculated. 

Some variation as to the location of the arms is pos¬ 
sible, as their positions may be either at the center of 
the hub or near one of its ends, as in this example. 
Their position will to some extent influence the position 
of the hub relative to the point o, Fig. 17 (a), which posi¬ 
tion is often previously determined by the position of the 
shaft bearing. 
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It should be noted that bevel gears, unlike spur gears, are 
subjected to a side thrust—hence the importance of a suffi¬ 
ciently long hub and a good fit between hub and shaft. To 
insure true alinement, which is necessary for the correct inter¬ 
meshing of the gears, the connection between the two shaft 
bearings should be rigid and, preferably, close to the hubs. 

The web, indicated by the dimension x, is stiffened by a 
number of ribs r. In large gears, this web is provided with 
holes to reduce its weight, as in the example shown. The 
parts between the holes constitute arms, as shown in 
Fig. 17 (3), which are given the usual taper on each side of 
i inch per foot. Smaller gears have a solid web, while the 




Fio. 18 

smallest are generally made with a thicker web, omitting 
the ribs. All hubs should be tapered according to the rule 
given in Art. 23. 

The radii of the fillets are more or less arbitrary, but the 
ones given in the drawing serve the purpose of a general 
guide. 

32. Bevel Gears With. Axes Not at Bight Angles. 
When the angle C between shafts. Fig. 18 (a), is smaller 
than 90°, formulas 1 and 2, Art. 27, assume a different form. 

In the illustration, tan at = —; ao = -ag ^ rt-^- eg 

ao tan C 

= n + —hence, 
cos C 
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n 4 


ao = 


and 

tan«. = = 

COS C 
tan ax = 


cos C 
tan C 
Tx sin C 

cos C 


(r. + 

\ COS C} 


Tx sin C 
r, cos C + r. 


sin C 


Then, tan ax = - (1) 

~ + cos C 

Tx 

Since the number of teeth in each gear is proportionate to 
the pitch radius or pitch diameter, ^ ^ and any of 

Tx Ux Dx 

these ratios may be used in the formula. 

In the same manner, it may be shown that 

sin C 


tan a, = 


( 2 ) 


—,+ cos C 

When C is greater than 90°, as in Fig. 18 (^), 
sin (180-0 


tan ax = 


and 


tan a. = 


— — cos (180 — O 

Tx 

sin (180 — O 

— — cos (180 — O 

r. 


(3) 

(4) 


WORM-GBARINa 

33. Definitions and Formulas.—In regard to the 
dimensions of the teeth, the formulas given in Art. 16 for 
spur gears apply largely to worm-gears. When the terms 
2 pitchy 3pitchx etc. are used in connection with worm-gearing, 
they do not refer to diametral pitch, but to the number of 
threads per inch of axial length of the worm. For a single- 
threaded worm, these terms will also indicate the number of 
revolutions of the worm necessary to advance the thread 1 inch. 
When used in connection with multiple-threaded worms, it is 
evident, that the terms 2 pitch, 3 pitch, etc. no longer 
indicate the number of revolutions for 1 inch of advance. 











104 


MACHINE DESIGN, PART 6 


Considerable confusion exists in the application of the 
term pitch to worm-gearing;. It has therefore been found 
necessary to use the term lead to indicate the advance of 
any one thread in 1 revolution of the worm. 

The term pitch refers to the distance between corre¬ 
sponding points on adjacent threads^ without reference to 
the number of threads. When measured in a direction 
parallel with the axis of the worm, the pitch of the 
worm-threads is termed axial pitch. If measured in a 
direction at nght angles to the threads, it is called the 


normal pitch. 

The axial pitch of the worm is equal to the circular pitch 
at the worm-wheel. Referring to Figs. 19 and 20, let 
JL — the lead, in inches; 

— number of independent threads on worm; 

N = number of teeth on wheel; 

_ f circular pitch of gear; 

1 axial pitch of worm-thread; 
ptt = normal pitch; 

Tx = radius of the curved base line of a wheel tooth; 

= pitch radius of worm; 

C = distance between centers of worm and wheel; 

D = pitch diameter of worm-wheel; 
d = pitch diameter of worm; 

= length of worm-helix in one turn; 

T = throat diameter of worm-wheel; 

BD = diameter of blank of wheel, to sharp corners; 
g = angle of contact with worm; 
b — pitch circumference of worm; 
u = angle of a wheel tooth with the wheel axis, or hehx 
angle, or angle between the worm-thread and a 
perpendicular to its axis; 
m = number of threads per inch; 
a = addendum; 
r = root; 

t — axial thickness of tooth of worm on pitch line; 

V = width of space at bottom between worm-thread; 
w = width of worm-thread at top; 
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= velocity at pitch circle of worm-wheel, in feet per 
minute; 

= velocity at pitch circle of worm, in feet per minute; 
in = normal thickness of tooth; 

W = pressure between a worm-thread and a wheel tooth. 

Then, A =(1) 

m 

L = N.p. (2) 

For a 6-pitch single-threaded worm, the pitch px^ — 

m 

= i = .2 inch; the lead L = N^px = 1 X .2 = .2 inch. If 
a worm having the same pitch is double-threaded, then 
L = Nxpx == 2 X .2 = .4 inch. 


As previously explained, the diametral pitch p ^ —. Con- 

sequently, if the pitch of the worm is known, the diametral 
pitch of the worm-wheel is / = For instance, if the 

worm-pitch is pi ^ i inch, then / = 2 = Sx* = 16.708. 

Diametral pitch cannot well be applied to worm-gears, since 
the pitch of the wheel is fixed by the pitch Oj. tne worm, 
which, in turn, depends on the number of threads per inch 
that it is possible to cut. 

The following formulas apply to worm-gears: 

“ A^+2 “ N 
^ NPi _N 
n p 


7'= Z? + 2a = ^+2a 
P 

b = Ttd 

. L L 

tanw = — = —- 
b Jra 


(3) 

(4) 
( 6 ) 


tn = ^COSW 

D^d 
2 


C = 


BD = T + 2{r^ — a — r) ^ — cos 


( 6 ) 

(7) 

( 8 ) 
( 9 ) 

( 10 ) 


I LT 375-23 
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When the angle between the sides of the thread is 29^^^ 
which is the angle generally adopted, then 
V = t — 2 r tan 14.5° 


and 

V 

= .31A 

( 11 ) 

Also, 

w 

— t —2a tan 14.5° 

and 

w 

= .335 p\ 

( 12 ) 


Pn 

= cos u 

( 13 ) 


L = - 

Tzd __ b 

( 14 ) 


cosz^ cosz^ 


The ratio of the regular velocity of the worm to that of the 
worm-wheel is 

A^i 

34. Efficiency of Worm-Gearing. —In the design of 
worm-gearing, many failures have been caused by disregard¬ 
ing the effects of the angle u of the helix and the pitch diam¬ 
eter of the worm on the efficiency of the gear. The angle 
has mostly been made too small and the diameter too great. 

Extensive experiments carried on in recent years show 
that a maximum efficiency is obtained when the helix angle is 
46°, but that this efficiency suffers little loss if the angle is 
decreased to 30° or increased to 60°. This rule applies to 
worms that run under heavy pressure and with ordinary 
lubrication; but if the worm runs in an oil bath, the angle 
may be as low as 20°. With light pressures and ordinary 
lubrication, the angle may be decreased to 12°, but it is not 
safe to go below this value. 

Experiments by Wilfred Lewis show that the amount of 
work lost in friction between worm and wheel does not 
increase at the same rate as the speed, and that, therefore, 
the efficiency increases up to a certain point. If the pres¬ 
sure W is equal to the working strength of the gear, then the 
speed of the worm at the pitch line should not exceed 300 feet, 
the most favorable speed being about 200 feet per minute. 

In Fig. 21 is shown the relation between the allowable 
tooth pressure W and the velocity of two hardened-steel 
worms, one having a helix angle u = 20°, and the other an 
angle of 10°. Each worm runs in an oil bath and drives a 
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wheel of phosphor-bronze. For instance, if a worm of a 20° 
helix angle exerts a tangential pressure on the wheel of 
2,000 pounds, the diagram indicates that its velocity at the 
pitch circle should not exceed 380 feet per minute; while a 
worm of 10° helix angle running at the same velocity should 
not exert a pressure greater than 1,000 pounds. A slight 
increase in pressure may be allowed for angles greater 
than 20°. These data are based on experiments made by 
Professor Stribeck, and may assist in finding a suitable ratio 
between pressure and speed. 

There is a loss of energy from the friction between worm 
and wheel, and in the worm step bearing. Taking this loss 
8600 
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« 1600 
SI 
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Pig. 21 

into consideration, the efficiency of a worm-gear is found 
approximately by the following formula by Barr: 

_ tan M (1 — /tan ti) 

^ tan « + 2/ 

An average value for / is .05. 

35. Application of Formulas .—The following 
example will serve to show the application of the formulas 
given in Art. 33. 

Example —A double-threaded hardened-steel worm doves a phos¬ 
phor-bronze worm-wheel at a ratio of 25 : 1. The shafts are at right 
angles, and the distance between centers is 13.5 inches. If the worm 
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is to make 360 revolutions per minute, find the circular pitch of the 
worm-wheel, the pitch diameters, and the helix angle, it being one of 
the conditions that the latter shall be at least 16®. Also, determine the 
maximum tangential pressure permissible on the worm-wheel. 


Solution. —If the distance between centers is not definitely deter¬ 
mined, there is a greater choice in diameters and angles, and the solu¬ 
tion is therefore simpler. In the present instance, it is assumed that 
no variation is allowed, and the solution may therefore not g^ve the 
desired result at first trial. 

The worm being double-threaded and the velocity ratio 25 : 1, it 
follows that the worm-wheel must have X26 = 2 X 26 = 60 teeth. 

The first dimension to select is the circular pitch It is important 
to choose a pitch that can be cut with the available cutters in the mill¬ 
ing machine. Selecting = 1 6 in , as a tnal value, the circum¬ 
ference of the worm-wheel pitch circle is p^N = 1.6 X60 = 76 in. 

and the diameter Z? = — = 23 873 in. From formula 9, Art. 33, C 

TT 

= therefore, rf = 2C-Z> = 2X 13 5 - 23.873 = 3.127 in., and 

d 3.127 , KaA j A 


tan u 


.3064 


From formula 2, Art 33, 

Z. = = 2X 1.6 = 3 in. 

From formula 7, Art. 33, 

A = ^ 

ltd TT X 3 127 
This corresponds to an angle u — 16° 69'. Ans. 

From formula 13, Art. 33, the normal pitch is pn = p\ cos u 
« 1.6 X .9664 = 1 436 in. 

From formula 14, Art. 33, 

ltd _ TT X 3.127 
cos « .9664 


= 


10.27 in. 


With 360 revolutions per minute, the velocity of the worm at the 
pitch circle is 

». - “*“•> “®"*y 

From the diagram. Fig. 21, the allowable pressure fp'’ = 2,700 lb. 
With this pressure, the total energy transmitted to the worm-wheel is 
equal to the velocity at its pitch circle multiplied by ff'’. The wheel 
makes = 14 rev. per mm ; and, as the pitch circumference of the 
wheel is 76 in., it follows that 

76 X 14 

= 87.6 ft per mm. 




12 


The energy transmitted is Wvi — 2,700 X 87.6 
min. = 7.16 H. P. 


236,260 ft.-lb. per 
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From the formula of Art. 34, the efficiency of the gear Is 
^ .8064 (1 - 06 X 3 064) 

" .3064 + 2 X 06 “ • 

Hence, the energy delivered to the worm must be 286,250 -f- .74 
= 319,267 ft -lb. per min. 

If P IS the tangential force at the pitch circle of worm, then Pvx Is 
the turning moment. The velocity ^ = 286.6 ft. per min. 


As the energy delivered to the worm is PVx^ 819,267 ft.-lb., it 
follows that 


_ 319,267 
286.6 


1,114 lb. 


The turning moment Pr^ ~ 1,114 X 1.664 = 1,742 in.-lb. 

Before the torsional strength of the worm can be ascertained, It is 
necessary to calculate the diameter of the worm at the bottom of the 
threads, that is, the core diameter. 

From formula 11, Art. 16,« r = .368^, = 368 X 1.5 = .662 In. 
Hence, the core diameter of the worm is — 2 r = 3 127 — 1.104 
= 2.023 in. 

From the formula relating to shafts in Machine Design^ Part 4, the 
twisting m'oment, Pr^ *= 1,742. Transposing and solving for 


the safe working stress, 
5. = 


6.1 X 1,742 
2.023“ 


1,073 lb. 


This value is very low for steel and the torsional moment can there^ 
fore easily be sustained by the worm if it is cut on the shaft. If the 
worm is keyed on the shaft, the strength of the latter must be calculated. 

The next step is to determine whether the worm-wheel teeth are 
able to sustain a pressure of 2,700 lb. If the angle Fig. 20, is 90°, 
the length of the base of any tooth is found in the following manner: 
The radius of curvature of the tooth base line Fig. 20, is 
= r, + ^ = 1.664 + .368 = 1.932 in. 

The circumference of a circle with this radius is 2 tt X 1.932 = 12.14. 

12 14 X 90° 

Hence, the length of base line is ’ = 3 in., nearly. 


To ascertain the working strength of this tooth, apply formula 2, 
Art. T, = S 4 .fpxy^ Inserting the value of 9,000 for for bronze, 
and .112 for y, 

W = 9,000 X 1 6 X 3 X .112 = 4,636 lb Ans. 


36i Construction of Worm-Gearing. —Worm-wheels 
may be constructed in various ways. The wheel may be 
similar to a spur wheel, except that the teeth make an angle 
with the axis of the wheel equal to that of the threads of the 
worm measured at the pitch diameter, as in Fig. 20 (^r). 
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For careful and accurate work, the wheel is cut by a 
special milling tool called a hob. This hob is a steel worm 
that has been cut in a lathe, notched to form a milling cutter, 
and then hardened and tempered. The teeth cut by this 
hob must evidently have the correct form to gear with a 
worm having the same pitch as the hob. When the wheel 
teeth are constructed by this method, there is much closer 
contact between the worm and the wheel. Therefore, the 
durability and efficiency of the mechanism are greatly 
increased. 

The rim and arms of the worm-wheel may be given the 
same proportions as the rim and arms of a spur wheel of 



(b) (c) 


Pio. 22 

the same diameter and pitch, except that the width of the 
face of the wheel is generally 1.6 to 2.5 the angle 
Fig. 20 (a), varying from 60*^ to 90°. 

The rim may have the forms shown in Fig. 22. The form 
shown at (a) is best, as there is line contact between the 
thread and the tooth. 

The ratio ^ varies generally from 1.25 to 3; it may be 
Pi 

more, but should be as small as possible. 

When the worm is cut on the shaft, the lower values may 
be used. When, however, the worm is cast and keyed on 
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the shaft, the ratio must be made greater. The number of 
threads in the worm varies from 1 to 4, depending on the 
velocity ratio to be transmitted. 

Usually, It is undesirable to give the worm-wheel less than 
thirty teeth; hence, if the desired velocity ratio is less than 
30, the worm must have more than one thread. For exam¬ 
ple, if the worm-shaft is to make 20 revolutions while the 
wheel shaft makes 1 revolution, it is possible to have either 
N = 40 and M = 2, or A' = 60 and N, == 3. 

The length of the worm is from 3/>i to 6^, usually 4^1 
that is, there are usually four turns, as shown in Fig. 20 (b), 

37. The Worm-Gear Drawing. —After calculating the 
principal data relating to the diameters and the pitch of a 
worm-gear, the drawing may be made in the following 
manner: 

Draw the main center line AB oi the gear, Pig. 20 {a). 
Locate the center 0 of the worm, and draw the individual cen¬ 
ter lines G H 2 . distance apart equal to C Determine 

the point of tangency c by laying off ^ or r, along A B, On 

2 

each side of point r, lay ofE the addenda a and roots r, in 
this manner determining the working depths and full depths 
of the teeth. Draw the angle q of the desired size and, 
inside this angle, the two arcs he and ig^ indicating the 
height of the wheel teeth. With the radius r, describe 
the pitch circle of the worm and the addendum and root 
circles, thus determining the depth of its thread. Make the 
rim of the thickness specified for a spur gear, and draw the 
arras or web, as the case may be, connecting the rim with 
the hub. 

In the other view. Fig. 20 (<5), show the tooth outlines of 
the wheel and the circles limiting their heights. A working 
drawing does not require complete projections of the worm- 
threads and wheel teeth, and the helixes may, as in Fig. 20 (^), 
be indicated by straight instead of curved lines. Similarly, 
the cross-section of the worm and gear may simply show the 
threads and teeth as rack and spur teeth, respectively. The 
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necessary dimensions and other information required are 
inserted in the usual manner. The drawing shows the worm 
without a shaft, although the worm may be made either in 
one piece with the shaft or keyed to it. 


SPIRAL GRABS 

SHAFTS AT RIGHT ANGLES 

38. Definitions, —When the number of threads on a 
worm, and, consequently, the helix angle, is increased to 
such an extent that any one thread on the worm does not 
make a complete turn, then worm-gearing comes under 
the general class of spiral i?ears. Distinction is some¬ 
times made between spiral gears in which the axes are 
parallel or at an angle, the former being then called twisted 
grears. 

In the twisted gears, as shown in Fig. 23, the action is 
similar to that of spur gears, except that in the former there 

is a greater number 
of teeth m contact, 
resulting in greater 
strength of the gears 
and smoother action. 
There is also an end 
thrust caused by the 
obliquity of the teeth. 
When it is desirable 
to neutralize this end thrust, two gears in which the teeth 
incline in opposite directions are united into one, as shown 
in Fig, 24. Such gears are called double-helical, or 
herring-bone, gears, and are used where great strength 
is required, as in rolling mills. 

In spiral gears, the interaction between the teeth is 
changed to one consisting of a combined rolling and sliding. 
TJ'his may be seen from Fig. 25, in which the arrows indicate 
the directions of rotation. It will be noticed that in Fig. 23 
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the teeth incline in opposite directions relative to the wheel 
axes, while in Fig. 25 they incline in the same direction, 
though not necessarily at the same angle. The distinction 
between the two directions of inclination is the same as that 
between left- and right-handed screw threads. In Fig. 23, 
the gear a is a. right-hand and b a left-hand spiral gear; in 
Fig. 25, both a and b are left-hand gears. If both were 
made right-hand gears, the relative directions of rotation 
would be changed. In spiral gears with axes at right angles^ 



the teeth on both gears are of the same hand, that is, either 
left hand or right hand. 


39, Normal Helix.—The terms circular^ axial, and 
normal pitch have already been defined, but in view of the 
importance of the normal pitch in the calculations of spiral 
gears, it is necessary to explain more fully its relation to the 
tooth helix. 

Fig. 26 {a) shows a cylinder with a helix abb,^, the length 
abbx representing a complete turn of the helix. Normal to 
this helix is another one cc,d,, which intersects the other 
helix at the points Cxd^, The helix abb,, is the tooth, helix 
to which the teeth in spiral gears conform, and the helix dx 
is the normal helix. 
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40. Normal Pltcli. —The helix abb^ would constitute 
one tooth in a spiral gear. To insure continuous action of 
such a gear, it is necessary to increase the number of helixes. 
This is done in the same manner in which the number of 
threads is increased on a screw; that is, by dividing the lead 
of the helix into a suitable number of parts and inserting a 
helix at each point of division. In Fig. 26 {a)t fifteen addi¬ 
tional helixes I-l', 2-5' . . . 15-15^ have been added, making 
it a sixteen-threaded screw, or a spiral gear with sixteen 
teeth. It is evident that the normal helix is also divided 
into a number of parts equal to the number of teeth, and that 
the line Ci d is the normal pitch of the teeth. Therefore, 
normal pitch X number of teeth = length of normal helix 



The length of the normal helix considered is that intercepted 
by one tooth helix. 

Only a portion of the spiral gear shown is required, as the 
length included between the lines and This part 

is shown separately in Fig. 26 (^), in which abi^ one of the 
sixteen teeth 3,nd cd the normal pitch. 

Let ffi == length of the normal helix; 

Nj = number of teeth on gear; 
pt, = normal pitch. 

Then, 

41. Relation Between Helix Angle and Number ol 
Teetli. —Two systems of designating the helix angle are in 
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use. In one system, the helix angle corresponds to the 
angle w, Fig. 26 (a), while in the other, the angle Wi between 
the cylinder axis and a plane tangent to the helix is considered 
as the helix angle. As the latter angle is the one used by 
manufacturers of spiral gears, it will be taken as the helix 
angle in this Section. The normal helix angle is a comple¬ 
ment of the helix angle. 

The value of is a maximum when the helix angle Ux 
is of minimum value, and vice versa. 

In Fig. 27 is shown a spiral gear on which Ux is nearly 
zero. The normal pitch is ad^ and the normal helix ace^ 
intersecting the tooth helix ab points a and e. It will be 
noticed that only a small fraction of the tooth helix ab is 
included between the points of inter¬ 
section, but that the normal helix makes 
nearly one complete turn. In a single- 
threaded screw, on the other hand, the 
intercepted portion of the tooth helix is 
a maximum and the normal helix a mini- a 
mum length, being equal to the normal 
pitch. This may be clearly seen if it is 
assumed that ace, Fig. 27, is the tooth 
helix and ae the normal pitch. 

From Figs. 26 (^) and 27, the effect of 
the angle 7ix on the number of teeth may 
be seen. If, in both cases, the diameters 
of the pitch cylinders and the normal pitches are the same, 
but the angle tix of the gear in Fig. 27 is decreased, then this 
gear will contain a larger number of teeth than that in Fig. 26. 

A comparison of Figs. 26 and 27 shows that with a given 
normal pitch and pitch diameter it is possible to increase the 
number of teeth simply by decreasing the helix angle. On 
the other hand, with a given normal pitch and helix angle, it 
IS possible to increase the number of teeth only by increasing 
the diameter. Consequently, in two gears of the same normal 
pitch, the diameters need not necessarily be proportional to 
the number of teeth in each. The diameters of two gears 
will be proportional to the number of teeth only when the 
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helix angles in both gears are equal. With shafts at right 
angles, this proportion will hold true for two gears in mesh 
when each of the helix angles is 45°. 

42. Speed Ratio. —In a pair of gears with helix angles 
of 46°, it is unimportant which of the two gears is the driver; 
but in case of different angles, greater one is given to the 
driver. Fig. 28 shows parts of the developed pitch surfaces 


A 



Pig 28 

of two gears, the arrows indicating the directions of motion. 
The line of contact of tooth abc the driver is shown coin¬ 
cident with the line of contact of the tooth a ^ of the fol¬ 
lower. When tooth a he moves downwards until the point b 
occupies the position <5,, the tooth a b is pushed to the right 
and the point a has moved into the position bi. The two 
teeth now occupy the positions ai bi Ci and bi bat respectively 
The relative linear motion of the two gears is shown 

separately in Fig. 28 (b), where the ratio — represents the 

a bi 

relative pitch-line speeds of the gears. The helix angle of 
the driver is Wx and that of the follower = (90-wj. 
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Then, = cot 

b bx 

From this formula it is evident that in spiral gearing the 
v-elocities of the pitch lines of two gears in mesh may be 
different. 

Fig. 28 (^) also indicates the ratio between the circular 
pitches of driver and follower, the length h bx representing 
that of the driver and a bx that of the follower. The normal 
pitch is represented by dbx* The circular pitch px is found in 
the usual manner; thus, 

p _ pitch circumf eren ce 
number of teeth 

43. Adjustment of Speed Ratio.—As there are two 
methods of adjusting the velocity ratio of a pair of spiral 
gears—either by varying the diameters or by varying the 
angles—it would seem that by applying them singly or in 
combination it would be a simple matter to obtain any desired 
velocity ratio. But, if the distance between centers of shafts, 
the number of teeth in each gear, and the lengths of the 
normal helixes are fixed, then changes are possible only in 
the ratio of tbe diameters and the helix angles. There are 
also limitations in the choice of the latter, depending on 
whether they can be cut with the appliances at hand. To 
readjust all these values by analytical methods until the 
desired results are obtained, may often require a great deal 
of time and patience. Fortunately, there are graphical 
methods by which tbe problem may be easily solved, as will 
be shown further on. 

Let Nx == number of teeth in driver; 

Nx = number of teeth in follower; 

C = center distance between shafts; 
p = diametral pitch; 
px = circular pitch; 

Dx = pitch diameter of driver; 

Dx = pitch diameter of follower; 

Ux = tooth helix angle of driver; 

Ux — tooth helix angle of follower, 
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e = angle between shafts; 

= length of normal helix of driver between points 
of intersection with tooth helix; 

= length of normal helix of follower; 

= revolutions per minute of driver; 

R% = revolutions per minute of follower; 

Vx = pitch-line velocity of driver; 

= pitch-line velocity of follower; 

Lx = lead of tooth helix of driver; 

= lead of tooth helix of follower. 

As the circular pitch in Fig. 28 {b) is proportional to the 
pitch-line velocity of the gear, it follows that hbx ^ and 
= z/,. Hence, 

— = cot Ux 

Vx 

As the pitch-line velocity of a gear is proportional to the 
number of revolutions per minute, for gears of the same 
diameter, the preceding formula may be written 

~ = cot Ux 

If the diameters are not the same, the formula assumes 
the following form: 

— = — cot «. (1) 

Other formulas derived from general principles in gearing 
and from trigonometrical ratios are; 



(2) 

TT 

N, 

(3) 

Hx = pxNx cos Ux = TtDx cos Ux 

(4) 

Ht = A A^i sin Ux — tzD^ sin Ux 

(6) 

2C = Dx + D, 

(6) 

Lx = TtDx cot Ux 

(7) 

— tzD^ tan Ux 

(8) 


44. Problems In Spiral Gearing.—In spiral-gear 
problems, the conditions are somewhat similar to those in 
spur gearing, that is, the distance between centers of shafts 
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and the speed ratio are given. The pitch diameters, number 
of teeth, and helix angle are to be found. 

Before beginning the solution, certain assumptions have 
to be made, and these depend on several conditions. For 
instance, an angle may be selected and the corresponding 
diameters found, or vice versa. Since it is advantageous 
to have an angle somewhere near the more eflScient values, 
as given in Art. 34, it is desirable to select the angle, find 
the diameters, and then readjust the angle again, if the 
conditions require it. 

The angle referred to in Art. 34 as the helix angle, and 
shown in Fig. 19, is the complement to the angle considered 
as the helix angle in spiral gearing. The rule there given 
when applied to spiral gears will be as follows: Maximum 
efficiency is obtained when the helix angle of the driver is 
46°, but this angle may be increased to 60° without showing 
any serious decrease in efficiency. This refers to gears 
under heavy pressure and ordinary lubrication, but if the 
gears run in an oil bath, the helix angle of the driver may be 
as great as 70°. With light pressures and ordinary lubrica¬ 
tion, the angle may be increased to about 78°. 

With a given angle 2 ^,, the diameters may be found from 

formula 1, Art. 43, by transposing and solving for—; or, 

( 1 ) 

From formula 6, Art. 43, 2 C = Z?, -1- and 
A = 2C-A 

Solving formula 1 for 

cot 

A 

Inserting the value of A given above, 

2C-D, = cot 

D, + cot u, = 1C 
R% 

Ad +~cotw.) = 1C 


and 
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Finally, A = (2) 

1 + ^ cot M. 

-A, 

45, JjejiQth of Normal Helix. —A more difficult part 
of spiral-gear problems is to find suitable values of the 
normal helixes Hi and that will give a whole number of 
teeth with a given normal pitch 

The relation between the normal helix and the diameter 
of a gear may be seen from Fig. 29, which shows an exten- 



Fio. 29 


sion of the diagram given in Fig. 28 (a), the whole length 
of the pitch circumference of each gear being shown. The 
circumference of the driver is Ci and that of the follower 
The angle of the driver tooth helix is Mi and that of the 
follower 7^, = 90° — Ui, The several angles in these gears 
are all complements of one another. On each gear, one of 
the teeth is extended to indicate the angle of the tooth helix 
with the shaft. The normals and represent the lengths 
of the intercepted parts of the normal helixes, and are indi¬ 
cated by Hi and The axis of the driver shaft is 6 d and 
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that of the follower a c. The point g is the intersection of 
the perpendicular at d and the line b{ produced, the length Z, 
being equal to dg. 

From the rules for right triangles, 

= A cos Ux = nDx cos Ux (1) 

and sm Ux = ttZ. sin Ux (2) 

For convenience in the graphical solutions, these formulas 
are used in the following forms: 

^ = A cos a. (3) 

TZ 

— — Dx sin Ux (4) 

TT 

46. Number and Formation of Teetb. —By choosing 
a suitable value for the normal pitch, it is now possible to 
find the number of teeth on each gear and to ascertain 
whether they will be whole numbers or not. 

As shown in Fig. 28 (^), the normal pitch is the same for 
both gears; hence, from the formula of Art. 40, Hx = Nxpnx 
the following formulas may be deduced: 

= A (1) 

Pn 

^ = A (2) 

pn 

The teeth of spiral gears are involute, and the same 
standard set of milling cutters is used as for ordinary spur 
gears. However, in selecting a suitable cutter for a given 
spiral gear, the determining factor is not the circular but the 
normal pitch of the gear; that is, the circular pitch of the 
teeth formed on a spur gear by the given cutter, sometimes 
called the pitch of the cutter, must equal the normal pitch of 
the spiral gear The diametral pitch of the gear, as used in 
the subsequent calculations, is based on the circular pitch 
of the cutter, and not on the circular pitch of the gear. 

As, for practical reasons, only the circular or the diametral 
pitch of the cutter, and not the normal pitch is needed in 
the following calculations, the value pn will be replaced by 
the corresponding ciicular pitch p^ of the cutter. 

1 L T 375—24 
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From formula 2, Art. 16, A = —: hence, p„ ^ 

P P 

Inserting this value of p„ in formulas 1 and 2, 


II 

(3) 

TT 


II 

(4) 


In the graphical solutions given subsequently, the values 
H H 

—i and —- are found directly. Formulas 3 and 4 show that 

TT 

by multiplying^ these values by the diametral pitch the 
number of teeth in each gear may be found at once. If 
these numbers are not whole numbers, they must be changed 
into the nearest whole numbers that will constitute the 

JH H 

required speed ratio, after which the values — and —- must 

7t TT 

be readjusted. 

Note —Formulas 3 and 4 prove that the values —- and —- 

i: TZ 

represent the diameters of ordinary spur gears with the same number 
of teeth as the spiral gears, that is, a spiral gear with a helix angle «i and 
diameter will contain the same number of teeth as a spur gear of 

diameter —, both being cut with the same cutter. 

TT 

47. Application of the Formulas.—The application 
of the preceding formulas may be shown by the following 
example: 

Example.— The distance between the shaft centers of two spiral 
gears is to be 12 inches, nearly. The shaft angle Fig 29, is 90®, 
and the ratio of the revolutions of the dnver to those of the follower is 
6 to 1. It is desirable to have the tooth helix angle not more than 
60® Calculate the diameters of the gears and the number of teeth on 
each gear. 


Solution. —First, make a trial calculabon with the angle = 60® 

and find Dx and From formula 2, Art 44, 

2 C ^ 2 X12 

1 -L 1 + 6 X cot 60 

1 + ^ cot Ui 




6.376 in. 


A = 2 C- = 24 - 6 376 = 18.624 in. 
From formula 3, Art. 45, 

ZJ 

— = A cos tti = 6.376 X 6 = 2 688 in. 

TT 
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From formula 4, Art., 46, 

— = Z», sm M, = 18 624 X .866 = 16.128 in. 

TT 

If a diametral pitch of ^ = 4 is chosen, then, from formulas 3 
and 4, Art. 46, = p—, and = p—\ hence, 

TT TT 

iVi = 4 X 2 688 = 10 752 
and = 4 X 16.128 = 64.612 

The fractional numbers represent the ratio 1 to 6. The nearest 
whole numbers of the same ratio are = 10 and — 60. If the 
angle of Ux = 60° is to be retained, a decrease m the number of teeth 
will result in a decrease in the lengths Hx and followed by shorter 
diameters 


From formula 3, Art. 46, it follows that — = —The reduced 

t: p 

H N . 

value of —- = = 2.6 in. Likewise, from formula 4, Art. 46, 

Tzp ^ ^ 

the new value of — = ^ = ^ = 16 in. 

w p 

The revised value of Z>,, from formula 3, Art. 46, is 


A = 


—= — = 6 in. 

TT COS Ux .5 


From formula 4, Art. 46, 

A = =415= 17.32 in. 

TT sm «i .866 

2C=Z?a-f-Z?, = 6 + 17.32 = 22.32 in. 

^ 22.32 1-1 lo A 

Q = —-— «= 11.16 m. Ans. 


The diagram in Fig. 29 is drawn to scale and shows the dimensions 
and angles as finally calculated. The lengths Hx and are shown 
subdivided into a number of parts, each equal to pn — px of milling 
cutter, the total number being equal to the number of teeth. 

The leads Lx and Z, of the tooth helixes are found by means of 
formulas 7 and 8, Art 43; thus, 

Lx — Tc Dx cot = TT 6 X cot 60° = 9.069 in. 

Zfl = TT Z?, tan Wi = TT 17.32 X tan 60° = 94.24 in. 


48. Formative Number of Teeth,—It is not suffi¬ 
cient to know the circular pitch of the cutter, as, according to 
the system of the Brown & Sharpe Manufacturing Company, 
an involute gear of a given pitch, whether a spur, bevel, or 
spiral gear, may be cut with any one of eight different 
cutters. Which cutter to select depends on the number of 
teeth in the gear, as the curvature of the pitch circle and, 
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therefore, the radial divergence of the teeth, will change 
with the diameter. 

In order to select the proper cutter for a spiral gear, it is 
necessary to ascertain the curvature of the normal helix and 
the number of teeth contained in a pitch circle of this curva¬ 
ture. Let this number 
f termed the {ormative 

—number of teeth = iV/, 
and let the radius and 
diameter of their pitch 
circle he and Z>/, 
respectively. 

Fig. 30 {a) represents 
the pitch cylinder of a 
— spiral gear of diameter 
\ (aj Di and helix angle 

_ If a plane be intersects 

the cylinder so as to be 
^ tangent to the normal 

helix ef at the point 
— the outline of the cross-. 
sectional area will be an 
ellipse, as shown sepa¬ 
rately in Fig. 30 (^). In 

this ellipse, = ^, and, 

\l m 2 

y as seen from Fig. 30 (a), 

1 a = 

* coswi 2costt/ 

In an ellipse, the radius of curvature at the point g is 

^ - 2 _ A 



4 cos* Ux 


x-^ = 


2 cos* Ux 


As R, = 1^, 


D. 

2 cos* Ux 


cos Ux 


and 
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Adapting formula 1, Art. 16, n = pd, and, consequently, 
Nf = pDt. Inserting the value of D/ from formula 1, 

COS 

By combining formula 3, Art 45, with formula 3, Art. 46, 

^COS 

Substituting the latter value in the formula ^ 

COS* Ux 

N, = —4— X 

COS p cos Ux 

Finally, for the driver^ 

( 2 ) 

COS Ux 

The same formula serves for the follower by inserting Nx 
and Ux for Nx and Wi, respectively. Hence, for the follower, 




Nx 

cos*«. 


(3) 


49. Grapliical Solutions.—The solving of problems 
in Spiral gearing and worm-gearing may be greatly facilitated 
by means of graphical methods. The diagrams employed 
for this purpose show very clearly the conditions that have 
to be complied with and the changes that maybe made with¬ 
out affecting the whole calculation. Some problems in which 
the distance between centers is fixed will require very 
extended calculations if solved analytically; they may, how¬ 
ever, be solved readily by graphical methods. 

In Fig. 31, the triangles ace and bdf of Fig. 29 are rear¬ 
ranged so as to let their hypotenuses adjoin and form one 
continuous line. The triangle ab O, Fig. 31, contains all the 
data referring to the driver, and de O 2 iW the data for the fol¬ 
lower, For the purpose of reducing the size of the diagram 
and for certain conveniences in calculation, the diameters Dx 
and Dx are used as hypotenuses in place of the circum¬ 
ferences c, and Cx, as in Fig. 29. This causes a corresponding 
reduction in the other dimensions, a fact that must be dis¬ 
tinctly remembered during the application of these diagrams. 
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As is ~ of the pitch circumference, it follows that aU 

TZ 

Other dimensions in each triangle are reduced in the same 
ratio. For instance, the side h 0 becomes — and d O becomes 

TZ 

H 

—instead of Ih and respectively. As mentioned m 

TZ 

H H 

Art. 46, the values — and —- represent the equivalent diam- 

7Z TZ 



eters of two spur gears having the same number of teeth as 
in the corresponding spiral gears, and the same cutter is used 

in both cases. The values — and — may therefore be called 

TZ TZ 

the equivalent diameters. 

Referring to the driver, if is the tooth helix angle, the 
line ac would represent the length of the tooth helix for one 
turn, provided Oa were equal to the pitch circumference; 
but, for the reason given, 
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length of tooth helix 
ac = — 

Tt 

Oc = ^ 

TT 

Ob = —‘ 

TT 

Referring to the follower, the angle = 90® — Ux 
=. tooth helix angle. 

<?/ = of tooth helix 

7t 

Of 

n 

Od 


e = angle between shafts = 90® 

In the subsequent solutions, the following terms are mostly 
zj AT 

used: and — 

n n 


60. Effect of Cliaiiges In tlie Dla^*am.—Consider¬ 
ing the relation between the various angles and lines in 
Fig. 31, the following facts will be observed; 

1. Retaining the values and a change of angle Ux 

changes and 

2. Retaining the values Hx and H^y a change of angle Ux 
results in a change in the diameters Dx and 

3. With a given angle a variation of the values Hx 
and is followed by a variation in the diameters Dx and Z^,. 

4. The point O may be shifted to the left or the right 
without changing the value 2 C or helix angles Ux and 
but will result in changing the values Dxy D^y Hxy H^y Z.,, 
and Za. Or, the values Hx and Z/, may remain constant 
while Dyy D^y Uyy 7^fl, Z,, and Z* change. 

61. Examples of Graphical Solutions. —The appli¬ 
cation of the foregoing principles to the solution of spiral- 
gear problems is shown by means of Fig. 32, which solves 
graphically the problem solved analytically in Art. 47. The 
construction may proceed along different liqes, depending on 
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the limitations imposed. Assuming that the angle k, = 60°, 
e — 90°, Cabout 12 inches, and the speed ratio is 6 to 1, calcu¬ 
late the value from formula 2, Art. 44. Thus, 

A = J ^ = 6.376 inches 

1 + D cot 

Draw the horizontal line = 2C = 24 inches, to as 
large a scale as the circumstances will allow, and from 
lay off the value of thereby locating the point O, 

Note.—T he length could be determined graphically, but the 
method indicated seems preferable as it is more accurate; also the 
diagram requires less space and is less encumbered by construction 
lines. 

From O draw line Ob^ at an angle equal to the helix 
angle = 60° with line From draw a line a, per¬ 

pendicular to Oby, and intersecting it at b-^, thus obtaining the 

length —. 

TZ 

Next, draw from O the line O dy, at an angle w, = 90° — «, 
= 30° with and from a perpendicular to Odx inter- 

H 

secting it at thus obtaining the length —. This completes 

TZ 

the diagram. 

pr 

From formulas 3 and 4, Art. 46, = p—- and Nt 

TZ 

H H 

= p—. By scaling the drawing, it is found that —^ 

TZ TT 

ZJ 

= 2,675 inches and —^ = 16.15 inches. Selecting 4 as the 

diametral pitch, = 4 X 2.675 = 10.8 and = 4 X 16.15 
= 64 6. 

As the speed ratio is 1 to 6, the numbers of teeth nearest 
the numbers giving this ratio are 10 and 60, respectively. The 
hi hh 

new values of — and —^ may be found from the formulas 

TZ TZ 

for Nx and JSl^, Thus, 

^ = 2.6 inches 

TZ p 

and ^ = 15 inches 

TZ p 
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The lines Ohy and Od^ must therefore be correspondingly 
shortened, whereby point is transferred to the position 
and point dx to d^. 

Draw line parallel with axbxx intersecting acx at a,. 

The length Oa^ is the required diameter Dx^ Through the 

point d^ draw a line d^e^ parallel with dxCxx intersecting a^Cx 

at The length Oe^ is the new diameter Z)„ and the sum' 

A + A = 2 C = 4.997 + 17.31 = 22.307 inches. 

^ 22.307 i 1 i KA ■ u 

C = —--— = 11.154 inches 

2k 

In the diagram, the preliminary construction lines are 
shown dotted. In any of these diagrams, the leads — and — 

t: 7t 

are found graphically in the manner indicated in Fig. 31. 

62. Fixed Center Distance. — In some cases, the 
conditions are such that no variation in the center distance C 
is allowed. Under such conditions, a graphical solution is 
especially advantageous, as the drawing of on^ line will 
accomplish the same results that would otherwise be obtained 
only after extended and tedious calculation. 

Let it be assumed that in the preceding example the center 
distance C must be exactly 12 inches. The solution could be 
made at once in Fig. 32, but for the sake of greater clear¬ 
ness, it is shown separately in Fig. 33. 

The length 2 C = 22.307 inches, as found in the preceding 
solution, is shown as line aOey Fig. 33. This line has now 
to be replaced by one 24 inches long. As the number of 

jFf H 

teeth is not to be changed, the values —^ and —- and, con- 

TT Tt 

sequently, the position of the point O must be retained. 
Any variation must therefore be made in the lengths of the 
diameters, with corresponding changes in the angles 
and 

Observing that the line ab is perpendicular to the line d^, 
the former may be produced so as to intersect line de sX.{\ 
these lines then form two sides of a right triangle afe. It is 
now necessary to adjust the hypotenuse 2 C (24 inches long) 
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to these sides in such a position that its ends will be located 
on the lines ah and de^ respectively, produced, if necessary, 
and that it simultaneously will pass through the point O, 
The easiest way to find this position is to lay a draftsman's 
scale along the line ae with its zero point at a. While the 
rule is touching point O, its zero point is moved along line a b 
tmtil the point of intersection between the rule and the line dt 
indicates the required length of 2 C. Two solutions are pos¬ 
sible: one with the hypotenuse at giving a value of 

Dx = 8.28 inches; = 15.72 inches; w, = 72° 26', and 
^4 = 17° 34'; the other with the hypotenuse at when 
Dx = 3.71 inches, = 20.29 inches, = 47° 38', and 
u, = 42° 22'. 

Which one of these solutions to choose depends on condi¬ 
tions. In general, it is preferable to have Dx small and Ux 
approach 45°. If neither combination is satisfactory, then 

ij 

rew values of p and —^ must be selected and the process 

TT 

repeated. 


NoTB —The accuracy of the values obtained maybe tested by trans- 
forming formulas 3 and 4, Art. 45, into the forms cos Wj = —^and 

TT JJx 

sin Ux = —If all values are correct, then the two values of 

TT Ux 

should correspond within the limits of accuracy required. 

It should ^o be noted that in order to solve this problem graph¬ 
ically, the whole numbers selected for Nx and Art 62, must be 
smaller than the fractional values found at first. These values were 
10 8 and 64 6, respectively. If 11 and 66 had been chosen instead of 
10 and 60, the diameters Dx and Dx would have been increased and 
the hypotenuse of 24 inches would be too short to intersect the sides 
af and ef oi the tnangle afe 


63. Fixed Helix Angles.—A helix angle of 45° for the 
driver is frequently used on spiral gears. In this case, both 
gears will have the same angle, and under these circum¬ 
stances, the diameter of each gear will be directly propor¬ 
tional to the number of teeth on each. In case lengths 


Jd H 

— and —- do not give the required number of teeth, adiust- 

7t 7t 

ments can be made only in the diameters, as the angles are 
to remain 46°. 
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Example, —In the 
diagram shown in 
Fig. 34, the distance 
between the shaft centers 
of a pair of gears is to 
be 14 inches, approxi¬ 
mately. The angle e 
= 90°, and the ratio of 
the revolutions of the 
driver to those of the 

follower is ^ = I. The 
a:* 

helix angles Ux and Ux 
are 45°. Calculate the 
diameters of the gears 
and the number of teeth 
on each. 


Solution. — The 
diameters of the gears 
in this special case may 
be found by the propor¬ 
tions {2 0— Dt) . £>» =» 
3:4, or by the general 
formula 2, Art. 44 
2 0 

1 cot Ux 

By this formula, 

A = ^ =12 m. 

1 + 1X1 

Then, 

D^=2C-Dx = 28 
- 12 = 16 m. 

The position of point O 
being known, the posi¬ 
tions of points dx and di 
may be determined in 
the manner already 
described. It is found 

that — = 8.484 in., and 

Tt 

that —* = 11.312 in. If 

TT 

a diametral pitch is 
chosen as ^ « 5, then, 
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from formulas 3 and 4, Art. 46, 

= hX 8.484 = 42 42 

TT 

and A, = / — = 6 X 11 312 = 66 56 

TZ 

The nearest whole numbers of the required ratio are Nx = 42 and 
Nx = 56. 

If If 

The corresponding new values of — and —- are now 

TT TT 

and = 11.2 

TT P 

These new values are shown in Fig. 34 at Ob^ and Od^, By draw¬ 
ing the parallel lines and the corrected diameters and Z?, 
are found. The correctness of these values may be checked by the 
H H 

formulas Z?i = * and ^ * , which are denved from for- 

TT cos Ux TT Bin Ux 

mulas 3 and 4, Art 46. From these formulas it is found that 
= 11 879 in. and = 16 839 in , and 2 C = 27.718 in. and C = 13 869 in. 

If It is desired to have the value of C nearer 14 in., other values of ^ 
may be tried For instance, with p = 11, = 11.967 in,, = 16.943 

in., 2 C = 27.9 in., and C = 13 96 in. 

64, Fixed Diameters.—A special case of lixed 
diameters is that where both gears have equal diameters. 
This case is illustrated by means of Fig. 36. 

It is evident from the diagram that any necessary adjust¬ 
ment cannot be made in the helix angle, as such change will 
be followed by inequality of the diameters. Consequently, 
any needed adjustment can be made only by increasing or 
decreasing both diameters by an equal amount. From the 
fact that the diameters are equal, it follows that the num¬ 
ber of teeth on each must be inversely proportional to 
its number of revolutions, or 

Nx Rx 

In this case, the helix angle can be found directly, in the 
manner shown in Fig. 36. 

Example —The center distance of the shafts of a pair of spiral 
gears is 14 inches, and the shaft angle e = 90° The speed ratio 
IS 4 * 3 Calculate the helix angle and the number of teeth on each gear, 
if the diameters are equal. 
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Solution —Lay off a^O and Oei, Fig 36, equal to Z?i and 
making each 14 inches Erect a perpendicular Ofot any convenient 
length and divide it into four equal parts. From / draw a line fg per¬ 
pendicular to d?/and make it equal to -f- Connect points g and 0\ 
then, the angle fgO ^ angle From ^idraw^i^x parallel 

“With Og and from Ux and o the perpendiculars axbx and Odi^ the 

points of intersection bx and dx determining the lengths and 


respectively, which are found to be 8 4 in. and 11 2 in. 

Multiplying the latter values by a suitable diametral pitch will 
determine the number of teeth in each case If necessary, the diam¬ 
eters may then be readjusted to give a whole number of teeth. 
Selecting a diametral pitch of 6, 


6 X 8.4 = 60.4 


and 


= 6 X 11.2 = 67.2 

77 


The nearest whole numbers of teeth with a ratio of t will be 61 

4 

H U 

and 68. Increasing the values —- and —- correspondingly, 

TT TT 


— - — = V - 8 6 in. 


and 


= = 11.333 m. 


n p 

Finally, Dx = 14.166 m , and — 14.166 in Both diameters must 
therefore be lengthened by an amount equal to 166 in 

If a value of / = 5 is taken, then no alterations will be necessary, as 


and 


M = p— = 5 X 8.4 = 42 
N, = = 6X112 = 66 

^ TT 


66. Proportions of Spiral Gears.—The formulas used 
to find the proportions of blanks and teeth of spiral gears 
are the same as those given in Art. 16 for spur gears, but 
it is important to note the new basis for these formulas when 
applied to spiral gears. 

For spur gears, the formulas are based on the circular and 
the corresponding diametral pitch of the gears. 

Yor spiral gears, the formulas are based on the normal pitch 
of the gears, and the diametral pitch is based on the latter. 
This means that the formulas for spiral gears of diameters 
Dx, .Dx, etc. are based on the circular pitch of spur gears of 
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ZJ TJ 

diameters —, —-y etc. The relation between these diameters, 

TZ TT 

, and Dxy D% was explained in Art. 46. The same 

TT 1Z 

milling cutter is used for a spiral gear of diameter Z>i as for 

H 

a spur gear of diameter —, and consequently the preceding 

TT 

calculations refer simply to the pitch of the cutter used— 
either circular or diametral—instead of the normal pitch. 

In these formulas, px is the circular pitch and p the diame¬ 
tral pitch of the milling cutter. 

For convenience, the more important formulas are here 
repeated, the various letters indicating the terms being 
as follows: 

a = addendum; 

c = clearance at bottom of tooth; 


r a-\- c — root; 
e = working depth of tooth; 
whole depth of tooth; 

t = thickness of tooth along normal pitch line; 
Dx and = diameters of pitch circles; 

B D ^ outside diameter of gear = blank diameter; 
Nx and = number of teeth in gears. 


Then, 


a = ^ = ^ 
p It 

(1) 

00 

o 

lO ^ 
rH 

11 

11 

(2) 

t 

(3) 

„ , / 2.1671 

'' = ''* + 10= p 

= A + 2a = A + l 

(4) 

P , 

0 

(6) 

= Dt + 2 a = Di "t” "7 

P> 



Example —In the example given m Art 61, the diameter Dx ot 
the driver is 4 997 inches, the number of teeth Nx = 10, and the 
angle Ux = 60° If the diametral pitch p of the cutter is 4, find the 
dimensions of the blank and of the teeth, and also the formative 


number of teeth by which to select a cutter. 


i L T 375—25 
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Solution Prom the formulas given in this article, the following 
values are found: 


Prom formula 1, 
Prom formula 2, 


1- 1 




Pfom formula 8, 
Prom formula 4, 


= Jq = .0393 in. 


a 4- r = 


Prom formula 6, 


2 3571 ^ 2 1671 
P 4 


.6393 In. 


^/^ = Z?i + ^= 4 997 + i = 6.497 in. 
P 


In order to ascertain the formative number of teeth by which to 
select a cutter, formula 2, Art 48, should be used Then, 

, = = _iO_10. ^ 80 

cos’«, cos* 60° .126 


Nt = 


::St\tuTE: 6^ 

■ -■ 

'A. . 60^4 





